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Popular Science

Low fuel consumption, and reduced exhaust emissions, as well as improved
performance and durability become much more important than before for the vehicle
industry. These requirements lead to a number of additional equipment installed in the
vehicles. All these efforts increase the operating temperature in the engine compartment
and reduce the available free space in the vehicle. In order to keep the engine working at
its optimal condition, a huge amount of heat has to be removed from the engine to the
surrounding air. In modern heavy vehicles, this heat is so huge that a conventional heat
exchanger (HEX) cannot handle it easily. In addition, more and more electric
powertrains are introduced to heavy vehicles. Because of the increased demand in
cooling power, a larger heat exchanger size with a huge cooling surface area is required
for the vehicle cooling system. However, the space in such vehicles is limited. It is
impossible to increase the size of the conventional HEX to dissipate the required
amount of heat from the vehicle. All these factors imply a need for a revolution of the
HEX design in vehicles.

Based on literature review, there are two ideas available for developing an alternative

heat exchanger for heavy vehicles:

1) Changing the position of heat exchangers: Moving the HEX from the front of the
vehicles to the roof of the driver compartment, which might increase the possibility
to increase the size of the HEX. Based on the air flowing direction and the engine
coolant direction, a countercurrent flow HEX is introduced at the roof position
instead of a cross flow HEX.

2) Introducing new materials: Using graphite foam as a thermal material for HEXs in
vehicles. Nowadays aluminum HEXs are very common in the vehicle industry. Due
to the increasing cooling power and the space limitation in vehicles, a highly
compact HEX is required. Graphite foam has even higher thermal conductivity,
large specific surface area, and low density. These characteristics imply that
graphite foam is a potentially good thermal material for HEXs (instead of the
conventional aluminum HEX). However, due to its porous structure, the flow
resistance of graphite foam is very high.

In order to find an appropriate fin configuration with good performance in the HEX, a
computational method is applied to simulate the performance of the HEX with different
fin configurations. The numerical model is verified by experimental results from
literature.

The analysis of the results shows:



1) The overall size and weight of a countercurrent flow HEX can be reduced
compared to the cross flow HEX because of the high power density and high
compactness factor achieved by the countercurrent flow HEX.

2) Because of the high thermal conductivity and low density of the graphite foam, the
graphite foam wavy corrugated fin provides higher power density and higher
compactness factor than an aluminum louver fin. A graphite foam fin with two-side
dimples exhibits higher coefficient of performance (COP) than an aluminum louver
fin, and it becomes very efficient in energy saving. Thus, the graphite foam has a
very high potential as an alternative material for heat exchanger applications.

The countercurrent flow HEXs made from graphite foam can be designed to be much
lighter and smaller than the convectional cross flow aluminum HEXs. A light and
compact HEX is not only good for the thermal management of the vehicle, but also it
reduces the weight of the vehicle which has an effect on the fuel consumption and
overall cost.

The present work is based on a research project "Development of new cooling systems

for heavy vehicles - for reduced fuel consumption and lower carbon dioxide emission",
which has been financially supported partly by the Swedish Energy Agency (STEM).

il



Abstract

Cross flow heat exchangers made from aluminum are common as radiators in vehicles.
However, due to the increasing power requirement and the limited available space in
vehicles, it is extremely difficult to increase the size of heat exchangers (HEXs) placed
in the front of vehicles. Placing the heat exchanger on the roof or at the underbody of
vehicles might offer opportunity to increase the size of the heat exchangers. A new
configuration of heat exchangers has to be developed to accommodate the position
change. In this study, a countercurrent heat exchanger is proposed for the position on
the roof of the vehicle compartment. Furthermore, a new material, graphite foam having
high thermal conductivity (1700 W/(m-K)) and low density (0.2 to 0.6 g/cm’), is
introduced as a potential material for those heat exchangers in vehicles.

In order to find an appropriate configuration of fins with high thermal performance and
low pressure loss on the air side for a countercurrent flow HEX, the main-flow
enhancement and the secondary-flow enhancement methods are employed to analyze
different configurations of fins. The main-flow enhancement cases included are (1)
aluminum: louver-, wavy-, and pin fin; (2) graphite foam: corrugated-, wavy
corrugated-, pin-finned-, and baffle fin. The secondary-flow enhancement cases
included are graphite foam: rectangular fin, rectangular fin with one-side dimples, and
rectangular fin with two-side dimples. The computational fluid dynamics (CFD)
approach is applied for the comparative studies by using the ANSYS FLUENT software.
Moreover, the simulation results are verified by experimental results from literature.

After comparing the performance among different configurations of fin, it is found that
the aluminum louver fin shows better performance than the wavy fin and pin fin. Also
the graphite foam wavy corrugated fin presents higher heat transfer performance and
lower pressure drop than the corrugated-, pin-finned-, and baffle fin. On the other hand,
the graphite foam rectangular fin with two-side dimples exhibits better performance
than the fin with one-side dimples.

The cross flow HEX (made from aluminum) is compared with countercurrent flow
HEXs (made from aluminum or graphite foam), in terms of the coefficient of
performance (COP), power density (PD), compactness factor (CF), and energy saving
efficiency. Due to the high power density and high compactness factor in the
countercurrent flow HEXSs, the overall size and weight of the countercurrent flow HEXs
are much lower than those of the cross flow HEX. Moreover, the graphite foam wavy
corrugated fin provides higher power density and higher compactness factor than an
aluminum louver fin because of the high thermal conductivity and low density of the
graphite foam. Furthermore, a graphite foam fin with two-side dimples exhibits higher
coefficient of performance than an aluminum louver fin, and it becomes very efficient in
energy saving. However, due to the high pressure loss in the graphite foam wavy
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corrugated fin, the air pumping power for the countercurrent flow graphite foam wavy
corrugated fin HEX is much higher than that of the cross flow aluminum louver fin
HEX.

Based on the presented studies, useful recommendations are highlighted to promote the
development of countercurrent flow HEXs and the graphite foam HEXs in vehicles.
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Chapter 1 Introduction

The present work is based on a research project "Development of new cooling systems
for heavy vehicles - for reduced fuel consumption and lower carbon dioxide emission",
which has been financially supported partly by the Swedish Energy Agency. There were
two major parts in this project. One part was the heat exchanger design for a heavy
vehicle, which was implemented by the Lund University. The other part was the flow
field analysis around a heavy vehicle, which was carried out by the Chalmers University
of Technology.

This work is focused on the heat exchanger design for heavy vehicles, which includes
modeling, simulation and analysis of heat transfer and fluid flow in a new (graphite
foam) heat exchanger. The developed models are validated by experimental data from
the literature. The heat exchanger should be optimized in terms of thermal performance
and flow resistance.

1.1 Background

In recent years the number of vehicles being used has constantly increased. For instance,
the number of registered trucks and buses in the world increased from 138 million to
274 million between 1990 and 2008. The increased number of vehicles causes more
energy/fuel to be consumed and more carbon dioxide (CO,) to be released to the
environment. As shown in Fig. 1.1, around 33 % of the total energy in Europe was
consumed by the transportation sector in 2011, and 22 % of CO, emission was from the
transportation sector in 2006 [1]. A similar situation happened in USA. Around 29.2 %
of the total energy in the USA was consumed by the transportation sector
(medium/heavy trucks used 18.7 % of energy in transportation) in 2008. Furthermore,
31.2 % of CO, emission was from the transportation sector (in which 67.9 % of 31.2 %
from medium/heavy trucks and buses) [2]. Furthermore, the oil price has increased all
the time. Strong legislation on emissions has been introduced as well. All these factors
require innovations achieving high performance in the vehicle industry.

Many technical developments have been introduced to meet the requirements on low
fuel consumption and CO, emission in vehicles. Concerning the energy distribution (as
shown in Fig. 1.2) in the vehicle, only around 35 % of the total fuel energy finally
becomes mechanical work which is used for driving the vehicle. However, 30 % of the
total energy input is brought away by the coolant of the engine cooling system, and
another 35 % of the energy is lost to the exhaust gases. If one could optimize the energy
wasted in the coolant or the exhaust gases, the fuel consumption and the CO, emission
(being also proportional to the fuel consumption) could be reduced correspondingly.



1.1 Background
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Fig. 1.1 Energy consumption and CO, emission in EU 27 countries [1].
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Fig. 1.2 Energy distribution in a vehicle [3].

One third of the supplied energy is lost to the exhaust gases. When the exhaust gases
enter into the surroundings directly, they not only waste energy but also cause heat
pollution of the environment. Reusing the waste heat of the exhaust gas has a great
potential for reducing the fuel consumption of vehicles. There are several methods to
reuse the energy of the exhaust gases. These methods include:

(1) The waste heat from exhaust gases is reused to generate electricity by using a
thermoelectric device (3 - 8 % fuel saving is offered by a thermoelectric
generator [4]);

(2) The waste heat can be used in absorption cooling, which is attractive for the
tractor-trailer refrigeration or the bus air conditioning systems;

(3) The waste heat is used to heat the passenger compartment in the winter.

However, with the promotion of electric or hybrid electric vehicles and fuel cell
vehicles in transportation, less and less exhaust gases are dissipated from the vehicle. If
the engine efficiency is assumed to be the same as a combustion engine, then more heat
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has to be brought away by the engine cooling system than before. On the other hand, the
working temperature of batteries (electric vehicles) is around 55 °‘C [5], and the
operating temperature of Polymer Electrolyte Membrane Fuel Cells (used for fuel cell
vehicles) is around 65 C [6]. These working temperatures of electric vehicles or fuel
cell vehicles are much lower than those of a combustion engine vehicle (where the
engine coolant temperature is around 90 ‘C). Therefore the temperature difference
between the engine coolant temperature and the ambient temperature is reduced. If the
amount of the dissipated heat is constant, then the surface area for heat transfer has to be
increased. However, there is space limitation in vehicles. It is difficult to increase the
size of the heat exchanger. Thus, the cooling issues become more serious than before.

Furthermore, if the engine cooling system is not efficient, the temperature of the engine
components would be higher and the engine cannot work at its optimal operational
condition. More fuel would be consumed and the life time of the engine would be
reduced due to its high working temperature. Contrarily, a good engine cooling system
can reduce the time of the engine start and warm up processes, in which the engine
reaches its optimal working temperature [7]. More hydrocarbon (HC) and carbon
monoxide (CO) are produced during the starting and warming up period [8]. Thus, an
efficient engine cooling system is of significant importance for the fuel consumption
and the improved performance of vehicles.

1.2 Aim of the present work

The overall aim of this study is to contribute to a theoretical analysis and modeling
method development identifying a new and efficient cooling system to satisfy the
increasing cooling power in vehicles. In order to dissipate the huge amount of cooling
power, a new compact heat exchanger is developed. There are two main ideas applied
for the new compact heat exchanger in the vehicle.

1) Changing the position of heat exchangers: Due to the space limitation in
vehicles, it is extremely difficult to increase the size of the heat exchangers
(HEXSs) to bring away the increased heat from the vehicles. Moving the HEX
from the front of the vehicles to the roof of vehicles, might increase the
possibility to increase the size of the HEX. When the HEX is placed at the roof,
a new configuration of the HEX has to be introduced to accommodate the HEX
position change. Based on the air flow direction and the engine coolant
direction, a countercurrent flow HEX is introduced at the roof position, to
replace a cross flow HEX.

2) Introducing alternative materials: Using graphite foam as a thermal material for
HEXSs in vehicles. Nowadays aluminum HEXSs are very common in the vehicle
industry. Due to the increasing cooling power demand and the critical space
limitation in vehicles, a highly compact HEX has to be developed. Graphite
foam has a high thermal conductivity (solid thermal conductivity is around
1700 W/m-K), large specific surface area (5000-50000 m*/m*), and low density
(0.2-0.6 g/cm®). These characteristics imply that graphite foam is a good
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potential thermal material for HEXs (instead of the conventional aluminum
HEX). However, due to the involved porous structure, the flow resistance is
very high in the graphite foam. Finding an appropriate fin design is an
important issue for the graphite foam HEX.

1.3 Methodology

A literature survey was carried out to review the performed research and analysis
method for the engine cooling system, thermal management of vehicles, and the heat
exchanger or radiator in the vehicles. Based on the review work, the study was focused
on the design of a countercurrent flow HEX made from aluminum or graphite foam.
The main-flow enhancement and the secondary-flow enhancement methods were
employed to analyze different configurations of fins. The main-flow enhancement cases
being included were (1) aluminum: louver-, wavy-, and pin fin; (2) graphite foam:
corrugated-, wavy corrugated-, pin-finned-, and baffle fin. The secondary-flow
enhancement cases included for the graphite foam were: rectangular fin, rectangular fin
with one-side dimples, and rectangular fin with two-side dimples.

In order to simplify the analysis, only a core of the HEX has been considered in this
work. The symmetry or periodic boundary condition has been applied to represent the
operating condition of the whole HEX. Furthermore, a finite volume method (FVM) is
adopted to convert the governing equations to algebraic equations in the modeling
domains. The Semi-Implicit Method for Pressure Linked Equations (SIMPLE)
algorithm was used to couple pressure and velocity, as implemented in the commercial
software ANSYS FLUENT. The simulation models were validated by the experimental
results from the literature.

The thermal performance and the pressure loss are the two important factors in heat
exchanger design. In order to develop a high performance countercurrent flow HEXs,
the thermal performance and pressure loss are evaluated and compared for different
configurations of fins on the air side of a HEX. Moreover, the coefficient of
performance (COP), power density (PD), compactness factor (CF), and energy saving
efficiency are estimated for the aluminum HEX and the graphite foam HEX, to evaluate
the overall performance enhancement of the graphite foam HEX.

1.4 Outline of thesis

After the introduction in Chapter 1, a literature survey is presented in Chapter 2, in
which the research work on vehicle cooling systems (including different methods of
thermal management in vehicles), thermal performance and flow characteristics of
graphite foam are reviewed. Furthermore, the technology development of heat
exchangers in the vehicles is included in Chapter 2. The physical model and numerical
methods are provided in Chapter 3, in which the governing equations, the corresponding
boundary conditions, together with solution methods and meshing technique are
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presented. The simulation results are summarized and discussed in Chapter 4. In
addition, the model validation is also carried out in Chapter 4. The conclusion and

suggestion based on this study are drawn and highlighted in Chapter 5. Finally, an
outlook for future work is conceived in Chapter 6.






Chapter 2 Literature Survey

The purpose of this chapter is to review different research and technology development
on vehicle cooling systems. In the first part of this chapter, basic information about
engine cooling systems is presented. The methods for improving the thermal
management of the engine cooling are reviewed in the second part. In the third part,
different methods to increase the thermal performance of heat exchangers/radiators are
summarized.

2.1 Engine cooling systems

There are two major types of engine cooling systems. One is the air cooling system;
another is the liquid cooling system. Nowadays the direct air cooling is only used in
older cars or some modern motorcycles. The liquid cooling system plays an important
role in the most automobiles. For the air cooling system, the heat is directly released to
the air flow through the engine compartment, while, the liquid cooling is an indirect air
cooling system. A typical engine cooling system is shown in Fig. 2.1. There are two
major heat exchangers:

1) Engine water jacket cooler (radiator): It is important to operate the engine at
an appropriate temperature for good performance. If the engine always works
at extremely high temperature, it will lead to a bad combustion process, which
causes the aging of the lubricant oil and breaking down of engine material.
However, if it works at low temperature, the engine will be less efficient and
emit more pollution. Thus, there has to be a water jacket around the engine to
keep the engine working at an optimal temperature. The engine coolant brings
the redundant heat from the engine water jacket to a radiator. Then the radiator
dissipates the heat to the ambient air. The coolant will return to the water
jacket to continue the next cooling cycle.

2) Charged air cooler (internal cooler): Fresh air firstly passes a turbocharger to
increase the pressure and increase the density of the air. In this case, more air
can enter into the engine to achieve a sufficient combustion process. However,
after the turbocharger, the temperature of the fresh air is increased as well. The
high temperature reduces the density of oxygen in the fresh air. The low
density of oxygen leads to an inadequate combustion process. Thus, an internal
cooler is introduced to cool the fresh air after the turbocharger to increase the
density of oxygen. A condenser for the air-conditioning system may also be
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placed at the front, but its front area might be less than the radiator area.
However, the condenser is not considered in this work.
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Fig. 2.1 A schematic of an engine cooling system [9].

2.2 Thermal management improvements

A good thermal management by an effective engine cooling system may extend the life
time of both the engine and other components in the vehicle. A good thermal
management also has an impact on the fuel consumption and CO, emissions. Electronic
control of the cooling fan or pump, using new materials, or rearranging the position of
the heat exchangers may significantly improve the performance of the engine cooling
system.

2.2.1 Electronic control of cooling system components

In a combustion engine, the engine not only gives power to speed up the vehicle, but
also gives power to the cooling fan and the water pump. Thus, the speed of the cooling
fan and the water pump may be directly controlled by the engine speed by a mechanical
connection. This method is not efficient for the cooling performance and the fuel
consumption in vehicles. If the cooling fan or water pump is controlled by a separate
system, then the efficiency of the cooling fan or water pump might be optimized.
Staunton et al. [9] analyzed several advanced thermal management system topologies. A
thermal management system with an array of small electrical fans was installed instead
of a mechanical fan. When the engine cooling system was fully electrified, 17 kW was
saved in a micro-hybrid vehicle, and 14.5 kW was saved in a standard diesel vehicle.
Cho et al. [10] demonstrated that more than 87 % of the pumping power could be saved
by using an electric pump instead of a purely mechanical one. Moreover, the radiator
size could also be reduced by more than 27 % as an electric pump was used. Thus, the
electrical cooling fan or water pump in the engine cooling system has a great
importance in reducing the power consumption in vehicles.
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2.2.2 New materials (nanofluid, phase change material)

New materials development and application promote better thermal management system
in vehicles. The nanotechnology might be used to improve the thermal conductivity of
the engine coolant, because of the high thermal conductivity in “nanofluids” (due to the
high thermal conductivity of nanoparticles and the diffusion of the nanoparticles) [11].
Leong et al. [12] showed that 3.8 % of heat transfer enhancement could be achieved
with the addition of 2 % copper particles in an engine coolant. Additionally that study
showed a reduction of 18.7 % reduction of the air frontal area. However, the pumping
power of the coolant increased by 12.13 %. Furthermore, Kulkarni et al. [13] analyzed
nanofluids as coolants in a diesel generator. The HEX efficiency was increased with
increasing nanoparticle concentration, while the specific heat of the nanofluids was
reduced.

Another new material, so-called phase change material (PCM), improves the thermal
management especially for electric vehicles [14]. The principle of PCM is that the state
of the PCM is changed from solid to liquid after absorbing the heat from batteries
(electric vehicles). Due to its high thermal capacity, the PCM will remain at solid-liquid
mixture state, and the temperature of the PCM around the batteries will remain constant.
On the other hand, the heat stored in the PCM will be transferred to the ambient. Thus,
the PCM should be chosen based on the condition that its functional temperature is
higher than the surrounding one, but could not be higher than the working temperature
of the batteries.
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Fig. 2.2 Cooling systems based on volume averaged cell temperature at (a) 3 A; (b) 10
A [15].

Sabbah et al. [15] compared the passive cooling method by using PCM with the active
cooling one by forced air in a compact Li-ion battery pack. In the passive cooling case,
a micro-composite graphite-PCM matrix was used to surround the cells of the battery.
In the active cooling case, air was blown through the gaps between the cells. When the
ambient temperature was 45 C and the current of battery was 3 A, both the active (with
Re = 67 or 670) and passive cooling could keep the battery under the limiting
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temperature 55 C, as shown in Fig. 2.2 (a). However, when the operating current of the
battery was increased to 10 A, the active cooling system could not keep the battery
below 55 Ceven at higher Reynolds numbers (Re = 136 or 1347). Contrarily, the
passive cooling method was able to keep the battery below 55 C, as shown in Fig. 2.2
(b). Furthermore, by using the passive cooling method, it was easy to get a uniform
temperature distribution in the battery cells. Kizilel et al. [16] found that a failure of an
individual cell might spread to the others, as the active cooling system was used.
However, by using the PCM, the failure of an individual cell would not trigger the other
cells to fail. Contrarily, the temperature of the cells returned to a near-ambient value in
the latter case. Thus PCM is a good solution for battery cooling in vehicles.

The PCM is not only useful for cooling the batteries in electric vehicles, but also used in
a combustion engine vehicle cooling system. For the diesel engine vehicle, the PCM is a
good option to store the excessive heat load occurring sporadically, to reduce the size of
radiator. Kim et al. [17] designed a radiator based on the average cooling power instead
of the maximum one. At maximum cooling power peaks, a heat accumulator containing
PCM absorbs the heat which the small radiator cannot dissipate. In this case, the small
size of the radiator and cooling fan led to a reduction of the air drag force as well as the
compartment weight/volume. Meanwhile, the volume of the coolant could be reduced
by 30 %. Additionally the warm up time of the cold start was reduced as well.

2.2.3 Rearrangement of HEXs position

In modern heavy vehicles, the amount of energy removed from the engine compartment
is so large that conventional radiators and oil coolers cannot handle it. Moreover, there
is always a limit of available space in the vehicle. It is extremely difficult to further
increase the size of the radiator to dissipate huge amounts of heat from the engine
compartment. The position of the HEX in vehicles has to be rearranged to get a chance
to dissipate more heat.

Recently, the Centro Ricerche Fiat [18] tried to use some parts of the vehicle body
panels as HEXs to reduce the radiator size in the light duty vehicles, as shown in Fig.
2.3. Two roll bond HEXs installed on the engine hood and below the engine could
dissipate 60 % of heat from the engine in all the test’s conditions. On the other hand, in
[19] two levels of cooling systems (high temperature system (engine radiator) and low
temperature system) were introduced to a car. The intercooler and condenser were
cooled by a liquid instead of air. After that, the liquid was cooled by air in the low
temperature system. In this case, the intercooler and condenser can be moved from the
front of the vehicles to any other suitable places. By introducing two levels of cooling
systems, the fuel consumption in the vehicle can be reduced by 4 %.

Furthermore, in [20] the thickness of the cooling package (including a radiator, a
condenser, and a sub-radiator) was reduced by placing the sub-radiator on the top
(instead of the front) of the condenser. Due to the slim cooling package, the cooling fan
power was reduced and the fuel consumption was reduced 3-5 %. Khaled et al. [21]
compared the in-rank configuration of the HEXs (the HEXSs are positioned differently,
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i.e., one is behind the other) and the in-plane configuration HEXs (the different HEXs
are parallel in the flow direction). It was found that the in-plane configuration HEXs can
increase the overall thermal performance by 4.4 %, and 0.9 % of the pressure losses was
eliminated.

New radiator:
countercurrent HEX

—> Airflow —> Engine coolant

Fig. 2.4 Schematics of the positions of a radiator in trucks.
2.2.4 Idea of rearranging the position of the HEXs

Based on the literature review, it was found that the fuel consumption could be reduced
by rearranging the positions of the HEXs in vehicles. The conventional radiator for
heavy vehicles is always placed in the front, as shown in Fig. 2.4. If the radiator is
placed at the underbody or the roof of the vehicle, it might increase the possibility to
increase the radiator size for meeting the critical cooling requirement. A new
configuration of the heat exchangers has to be developed to accommodate the position
change. As shown in Fig. 2.4, the engine coolant flow and the air flow directions are
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opposite, as the radiator is placed on the roof of the driver compartment. This is a
typical principle of a countercurrent flow HEX. In the vehicle industry, the engine
radiator is mostly a cross flow HEX. However, a countercurrent flow HEX generally
has better thermal performance than a cross flow one. Thus, placing a countercurrent
flow HEX at the roof of the heavy vehicle driver compartment might be a good option
for the engine radiator.

2.3 Heat exchanger/radiator developments

If the coolant was the blood, then the radiator would be the heart of the engine cooling
system. This is to illustrate that the radiator plays a significant role in the engine cooling
system. There are two methods to increase the thermal performance of HEXs [22]. One
is the passive technique, which includes special surface geometries and fluid additives.
Another one is the active technique, in which external power is required (such as
electric or acoustic fields and surface vibration). However, due to the cost, noise, safety
or reliability being concerned, the active techniques are not as popular as the passive
ones in the HEX commercial markets. Concerning the passive techniques, following
methods are used: coated surfaces, rough surfaces, extended surfaces, displaced inserts,
swirl flow, coiled tubes, surface tension, additives for liquids, and additives for gases,
etc.

2.3.1 Configurations of heat exchanger/radiator

2.3.1.1 Extended surfaces

The extended surfaces will lead to high compactness (area/volume) in HEXs, which is
favorable for the vehicle industries. Based on [22-23], different compact surfaces (as
shown in Fig. 2.5) are included in the plate-fin HEXSs, as follows:

a) Rectangular/triangular fins: long uninterrupted flow passages are characterized.

b) Pin fins: the high heat transfer coefficient is achieved by maintaining thin
boundary layers on the pin fins.

¢) Wavy fins: due to the shape of the fins, the flow direction would be changed
and the boundary-layer would be separated, which causes high thermal
performance.

d) Strip fins (or offset fins): the short sections of fins are aligned entirely with the
flow direction. Due to the short flow-length fins, the boundary layer never
becomes thick. Thus there is a high heat transfer coefficient.

e) Perforated fins: the cut holes in perforated fins interrupt the boundary layer.
Thus, the thermal performance is high with the perforated fins.

f) Louvered fins: fins are cut and bent out into the flow stream at frequent
intervals, to break the boundary layers and achieve high thermal performance.

12
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a.Rectangular d. Offset Strip Fin

e.Perforated

b.Triangular

f. Louvered

Fig. 2.5 Different configuration of fins in plate-fin HEXs [22].

Because of the low heat transfer coefficient on the air side of the radiator, extended
surfaces like fins are placed on the air side to compensate for the low heat transfer
coefficient. Nowadays, louvered fins are favorable for the air side of a radiator. This
kind of fin enormously increases the heat transfer coefficient and keeps a low pressure
drop on the air side, especially at high Reynolds numbers of the air. Oliet et al. [24]
used numerical methods to carry out parametric studies for automotive radiators. The
influence of some geometrical parameters (fin spacing, louver angle and so on) and the
importance of coolant flow lay-out on the radiator global performance were investigated.
Furthermore, Carluccio et al. [25] carried out a numerical study including a thermo-
fluid-dynamic analysis for an air-oil compact cross flow HEX, which was used in
ground vehicles. For the oil side, the geometry of the offset fins did not cause a high
level of turbulence, but increased the surface area. On the air side, wavy fins may
enhance the heat transfer coefficient twice, compared to straight triangular fins.

2.3.1.2 Rough surfaces

Rough surfaces might be arranged by placing a “roughness” adjacent to the surface.
Integral roughness is formed by machining, or “restructuring” the surface. For single-
phase flow, the configuration is generally chosen to promote mixing in the boundary
layer near the surface, rather than to increase the heat transfer surface area. Compared to
the method of extended surfaces, which enhances the heat transfer mainly by the area
increase, the rough surfaces mainly enhance the heat transfer by the secondary flow
enhancement.
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The dimple could be an attractive rough surface for HEXs due to its high heat transfer
performance and low flow resistance [26-29]. Mahmood et al. [30] experimentally
tested the local heat transfer and flow characteristics above a dimpled surface in a
channel. The heat transfer was enhanced by the vortex pairs and vertical fluid flow near
the dimple. However, different parameters affect the thermal performance of dimple
surfaces [31-34]. When the ratio of dimple depth to dimple print diameter is reduced,
the vortex pairs become stronger and the local Nusselt number is increased [31].
Furthermore, Moon et al. [32] analyzed the thermal performance in the dimple passage
for different channel heights. The heat transfer was enhanced by around 2.1 times
compared to the channel without dimples. On the other hand, Ligrani et al. [35] found
that a dimple with protrusions on opposite walls led to additional vertical, secondary
flow and strong flow mixing compared to the one with flat surface. The heat transfer
enhancement was achieved by adding the protrusion in the dimple channel, but the
friction factors were also increased, 2.0-2.7 times compared to a channel with dimples
and flat top surface. Combining the increased form drag and channel friction factors, the
thermal performance factors in the channel with dimples and protrusion on the top
surface were lower than those in the flat top surface channel [36].

2.3.2 New materials for heat exchangers

Another efficient method to increase the thermal performance of HEXs is the utilization
of microcellular foam materials, such as metal or graphite foams. The heat transfer is
enhanced by the huge fluid-solid contact surface area and the fluid mixing. Aluminum
or copper heat exchangers have become common in vehicles, because of their high
thermal conductivity. However, a porous medium, e.g., graphite foam developed by
Oak Ridge National Laboratory (ORNL) [37], has extremely high thermal conductivity.
Inside the graphite foam, there are many spherical pores with small dimensions. These
pores are three-dimensionally interconnected, as shown in Fig. 2.6.

-

e Ty

e—> 600um e—> 200um

™,

Fig. 2.6 Photomicrographs of the foams produced from Mitsubishi ARA 24 pitch at
different densities, A < B (P1: opening pore; M: microcrack; J: junction; L: ligament)
[38].
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Because of the special structures, there are several prominent thermal properties in the
graphite foam. The graphite foam made by the ORNL process exhibits high effective
thermal conductivity (up to 182 W/(m'K)) and low density (0.2 - 0.6 g/cm®). On the
other hand, the data in Table 2.1 shows that the thermal conductivity in the z — plane is
much larger than the one in the x — y plane. It implies that a high thermal conductivity
of the graphite foam only exists in a certain direction. This is a disadvantage of the
graphite foam. Klett et al. [38] found out that the heat inside the graphite lattice was
transferred down the graphite lattice fast, because of the very stiff nature of the covalent
bonds (as shown in Fig. 2.7). Moreover, the position and vibration of atoms in the
neighboring planes may impede the vibration of atoms in the plane of interest. The
crystal perfection controls the thermal performance. In order to achieve high thermal
conductivity in the graphite crystal, the structure must be composed of aligned, straight
graphene planes, and so on.

Table 2.1 Properties of various graphite foams made by the ORNL method compared to

POCOFoam [38].

Graphitiza- Average z-Plane X-y Plane

tion rate bulk thermal thermal

(°C/min) density conductivity conductivity

(g/em’) A (WH(mK)) -y (W(m-K))

ORNL graphite foam (1) 10 0.45 125 41
ORNL graphite foam (2) 1 0.59 181 60
POCOFoam™ - 0.61 182 65

6.708 A

Fig. 2.7 Planar structure of hexagonal graphite [38].

Several research works about the characteristics of graphite foams have been carried out
[38-40]. In summary, the characteristics of graphite foams are as follows:
1) Advantages:
a) High thermal conductivity: The effective thermal conductivity of
graphite foam is between 40 and 150 W/(m-K) [38], which is much
higher than that of an aluminum foam (between 2 and 26 W/(m'K)
[41]).
b) Low density: The density of graphite foam ranges from 0.2 to 0.6
g/em’, which is about 20 % of the density of aluminum.
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c) Large specific surface area: Because of the open space and inter-
connected void structure, the specific surface area of graphite foam is
between 5000 and 50000 m*/m’.
2) Disadvantages:
a) Weak mechanical properties: The tensile strength of graphite foam is
much lower than that of the metal foam.
b) Path dependency: High thermal conductivity only exists in a certain
direction.
Based on these characteristics, graphite foam is a potential material for heat exchangers.
Klett et al. [42] designed a radiator with carbon foam. The cross section of the
automotive radiator was reduced from 48 cm x 69 cm to 20 cm % 20 cm. The reduced
size could decrease the overall weight, cost and volume of the system. Yu et al. [43]
proved that the thermal performance of a carbon foam finned tube radiator could be
improved by 15 %, compared to a conventional aluminum finned tube radiator, without
changing the frontal area, or the air flow rate and pressure drop. Furthermore, Garrity et
al. [44] carried out an experimental comparison between the carbon foam heat
exchanger and the multilouvered fin heat exchanger. When the volume of the heat
exchangers was the same, the carbon foam samples removed more heat than the
multilouvered fin.

Even though there is a huge heat transfer enhancement in the graphite foam, the high
pressure drop is the major issue facing to the graphite foam, due to the large
hydrodynamic loss associated with the cell windows connecting the pores [45]. In order
to reduce the pressure drop, six different configurations of graphite foam heat
exchangers were presented in [46]. The solid foam had the highest pressure drop, and
the finned configuration had the lowest value. On the other hand, Leong et al. [47]
found that the baffle foam presented the lowest pressure drop among the four
configurations of graphite foams, at the same heat transfer rate. Lin et al. [48] proved
that a corrugated foam could reduce the pressure drop while maintaining a high heat
transfer coefficient, compared to a solid foam. Thus, the configuration has an important
effect on the pressure drop through the graphite foam.

2.3.3 Idea of graphite foam HEXSs

Due to the excellent thermal characteristics of graphite foam, graphite foam HEXs are
considered for the vehicle cooling system in the present work. Because of the high flow
resistance in the graphite foam, two enhancement techniques are applied to graphite
foam HEXs: (1) main-flow enhancement (extended surfaces method): four different
configurations [46-48] (corrugated, wavy corrugated, pin-finned, and baffle) of the
graphite foam fins are analyzed, to find out which configuration of graphite foam fin
will achieve low pressure loss and high thermal performance; (2) secondary-flow
enhancement (rough surfaces method): the graphite foam rectangular fins with one-side
dimples or two-side dimples are also analyzed in the graphite foam heat exchanger.
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simulation method evaluating HEX
performance

Experimental or numerical methods have been employed to investigate which design of
a radiator or HEX is economic and efficient. However, because of the high cost and the
complexity of experiments, a numerical method is adopted in the present work to
analyze the performance of HEXs. The physical model of the HEX has to be simplified
and certain assumptions have to be set up. Meanwhile the governing equations and
corresponding boundary conditions are introduced for the simulation model. On the
other hand, the grid independence is carried out to ensure the accuracy and validity of
the numerical models. At the end, several important parameters are defined for the
analysis of thermal performance and pressure loss in HEXs.

3.1 Physical models and assumption

Simplified configurations of some plate-fin HEXs are shown in Figs. 3.1(a) and (b) (A
cross flow HEX is shown in Fig. 3.1 (a), and a countercurrent one in Fig. 3.1 (b)). The
engine coolant flows inside the flat tubes, and the air flows through fins. The heat is
transmitted through the tube wall and the fins and finally dissipated to the ambient air.

Because of the high flow resistance in the graphite foam, two enhancement techniques
are applied to graphite foam HEXs:

(1) Main-flow enhancement (extended surfaces method): four different configurations
[46-48] (corrugated-, wavy corrugated-, pin-finned-, and baffle fin) of the graphite foam
HEXs are analyzed. They will be compared with the aluminum HEX with wavy-, pin-
and louver fin. In order to simplify the simulation model and save computational time,
only a core of the HEX is adopted, as shown in Fig. 3.1 (c-d). Based on the literature
survey, the overall size of the core of the graphite foam fin is: 45 mm x 12 mm x 50
mm (width (W) x height (H) x length (L), and the one of the core of aluminum fin is:
2.31 mm x 6.85 mm x 70 mm (W x H x L) [23]. The various properties of the
aluminum fins and graphite foam fins are shown in Table 3.1 and Fig. 3.2, respectively.
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\ Fig. 3.1 Schematics of (a) the cross flow HEX, (b)
the countercurrent flow HEX, and a core of (¢)
graphite foam fin and (d) aluminum fin with different
structures to be studied.
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Fig. 3.2 Geometries of various graphite foams (cm).

Table 3.1 Geometry parameters of aluminum fins (mm).

Louver fin Fin pitch Fin thickness Louver spacing Louver angle
[23] (degree)
2.31 0.152 4.76 17.06
Wavy fin Fin pitch Fin thickness Wave length Wave amplitude
2.23 0.152 8.9 1
Pin fin Pin pattern  Pin diameter Transverse Longitudinal
spacing spacing
In-line 0.79 2.3 3.18

Table 3.2 Physical properties of graphite foam characteristics [45].

Graphite Porosi- Density Area to Effective Permeability  Forchheimer
foam ty (@) (p) volume thermal (o)) (m%) coefficient
(kg/m’)  ratio conductivity (Cp)
(ay) (Zep)
(m*/m*)  (W/mK)
POCO  0.82 500 5240 120 6.13x10™"° 0.4457
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(2) secondary-flow enhancement (rough surfaces method): the graphite foam
rectangular fins with one-side dimples or two-side dimples are also analyzed in the
graphite foam heat exchanger (Fig. 3.3). Three cases of graphite foam fins are analysed:
rectangular fin without dimple (Case 1); rectangular fin with one-side dimples (Case 2);
rectangular fin with two-side dimples (Case 3). Note that the fin thickness of the three
cases is kept the same. According to research work about the graphite foam fin [23], the
optimal thickness of the graphite foam fin is between 3 mm to 5 mm in terms of thermal
performance. Accordingly, the thickness of the graphite foam fin is selected to be 5 mm
in this study. The pitch of the fins in the height direction (z-direction) is 15 mm, and the
width of fins is 64 mm.

Air Water tubes
—

15

z Case 3: rectangular fin with two-side dimples z

X Y
Fig. 3.3 Schematic pictures of physical model: plate fin heat exchangers (dimensions
are given in mm).

The detailed geometry of the dimple fin is shown in Fig. 3.4. An array of circular-
shaped dimples is positioned on the surface in a staggered arrangement, as shown in Fig.
3.4 (a). The spacing of adjacent dimple rows (S) is 8 mm, and the spacing of every other
dimple row (P) is 16 mm. The dimple print diameter (D) is 5.08 mm, and the dimple
depth (9) is 1.02 mm. Due to the periodic structure, a core of graphite foam fin is chosen
with only two rows of dimples (x-direction) and half of the fin width, the overall size of
the core is: 16 mmx32 mmx15 mm (xxyxz), as shown in Fig. 3.4 (c). A periodic
condition is applied to the flow inlet and outlet.

The assumptions in this study are as follows:
(1) The air is assumed to be incompressible with constant properties and in steady-
state.
(2) The connection between the tube wall and the graphite foam fin is assumed
perfect without any air gap between. Thus, the thermal resistance at the
interface between the tube wall and the graphite foam is neglected.
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(3) The porosity through the dimple finned graphite foam is constant.
(4) The thermal conductivity of the graphite foam is assumed to be isotropic.

W P =16.00,
= .00,
W = 64.00.

eXoleYolp P
QRO 7|
Ox@=OxE -

O O = (b)Individual dimple geometry

outlet: period

ﬂmﬁ%ﬁﬁ
L
SD

(c) Core of dimple fin for simulation
L air flow

(a) Overall dimple fin geometry

Fig. 3.4 Schematic figures of the dimple fin geometry. All dimensions are given in mm.

3.2 Adoption of flow model

In this part, a computation model (laminar or turbulent) for the flow is presented. Based
on the speed of heavy vehicles, the air inlet velocity of the countercurrent flow HEX in
the study is about 50 to 70 km/h. In this case, the Reynolds number (based on the
hydraulic diameter of the channel and the mean velocity) on the air side is ranging from
2300 to 13152. Thus, low Reynolds number turbulent flow prevails on the air side. In
order to capture the low Reynolds characteristics of the turbulent flow, the
“renormalization group” (RNG) &-¢ turbulence model is adopted [49-50] on the air side
for the cases of graphite foam fins: corrugated, wavy corrugated, pin-finned, and baffle
configurations; aluminum fins: louver fin, wavy fin, and pin fin.

On the other hand, in order to capture the effect of the vortex pairs and vertical fluid
near the dimple fins, the k- turbulence model is considered in the regions near the
dimple walls to predict the location of flow separation and the displacement effect
associated with it. However, the k- model has a very strong sensitivity to the free
stream outside the boundary layer, and the k- model can not accurately represent the &
and ¢ distribution in agreement with direct numerical simulation (DNS) data. Thus in
the free stream far from the boundary walls, the k-¢ turbulent model is used, due to its
good agreement with DNS data by employing different damping functions. Therefore in
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this study the shear-stress transport (SST) k- model [51], combining the effect of k-w
model and the k-& model, has been applied to capture the turbulent flow characteristics
for the graphite foam rectangular fin with one-side or two-side dimples.

Furthermore, because the porous structure and high flow resistance in the graphite foam
region, the air velocity inside the foam is very low. The Reynolds number based on the
pore diameter and the air velocity inside the pores is lower than 10, which is lower than
the transition region value of 100. So laminar flow is considered inside the graphite
foam region. Furthermore, laminar flow is considered on the water side as well, based
on the inlet velocity of the engine coolant.

3.3 Governing equations

Based on the above mentioned assumptions, the governing equations for continuity,
momentum and energy can be expressed as follows:

1 Air/water zone governing equations

Continuity equation:

M:0 3.1)

Momentum equation:

6(pful.uj) op 0 Ou,  Ou;
N T + —l+—'] 3.1
T wm (1, +4)| = ™ G.1)
Energy equation:
o(puT) _ O | A g |OT (3.2)

Ox; ox; |\ Pr, Pr, Jox;

J

When laminar flow (the water side) prevails, £&=0; When turbulent flow (the air side)
prevails, £ =1.

a. The RNG £- ¢ turbulence model: the equations for the turbulent kinetic energy
k and the rate of energy dissipation ¢ are:

(1) Turbulent kinetic energy k equation:
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3.3)

ok _ o 0 (K, ok
i R [l N
’8x i ’ax ox;

o, Ox,

(2) Rate of energy dissipation ¢ equation:

- 2
L fuiu'A%jLi[&zJ—ngg——R (3.4)

el i
7 Ox, k"7 ox, ox\ o, ox, k
c’(1-nn,) &’ 2
where, R = !l ( 773770) . 4, =pC, k_’
(1+ B’ )k £

0.5
_ k| [ ou; au u,
g & 6x 6x 8x '

2
C 0.5
|4 &

and v is the kinematic viscosity of air; ;' is the fluctuation of the mean velocity
Uu;.
The values of the constants are as follows:

C, =0.0845;0, =0.7179;05, = 0.7179;
C, =142,C, =168, =0.012;7, =4377.

The SST &- w turbulence model: the equations for the turbulent kinetic energy
k and the specific dissipation rate w are:

(1) Turbulent kinetic energy k:

0 u .k .
% i [ﬂair +i]ﬁ + Gk _pairﬂ ka) (36)
x; ox; v ) OX;

(2) Specific dissipation rate w:

0 u.o
M = ﬂﬁu +i]2—w} + LG, ~p,, B’
J xj

ox; Ox, o ]

[}

(3.7)

1 0k dw
+2(1-F; o E—
( )pazr (4)2 ij axj
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3.3 Governing equations

where, Gy is generation of turbulent kinetic energy, F, blending function,
B*=0.09, 6,=0.5, 6,=0.856, B=0.0828.
2 Graphite foam zone governing equations (laminar flow)

The graphite foam is a porous medium. The Forchheimer extended Darcy law has been
applied for the air pressure drop through the porous media. Thus,

0 N C
__p: Hair u, + pazr F |u|ul (3.8)
6xi (04 NJa

where, p is the pore pressure, u,;, the air viscosity, o the permeability, calculated as
a = ¢3d; /(c(1-¢)?*) , where, ¢ is a constant to parameterize the microscopic

geometry of the porous materials; ¢ the porosity of porous media; d, the pore diameter
inside the porous foam. p,; stands for the air density, Cr the Forchheimer coefficient,

calculated as ¢ s =b/Jcp’ s where, b is a constant to parameterize the microscopic

geometry of the porous materials. u is the air velocity inside the graphite foam pores.

There are two major models for the heat transfer of the graphite foam (porous medium)
[52]. One is the local thermal equilibrium model. Another one is the local thermal non-
equilibrium model (two-equation model). Their characteristics are as follows:

1) The local thermal equilibrium model (LTE) assumes a local thermal
equilibrium between fluid and solid phases. The effective thermal conductivity
(Z¢p) has to be chosen or calculated correctly, to ensure the accuracy of the
simulation model. There are two limiting values for A, :

1

1-
¢  1-¢
A, A
The first one presents the higher limiting value of the effective thermal
conductivity for the solid and fluid phases in parallel to the direction of the
heat flow path. The second one is the lower limiting value for the two phases in
series. For a random porous medium, the effective thermal conductivity might
be a combination of these two limiting values:

l-c
Ay =c(@A, +(1-@)A) +————
o = (@A, + (1= 9)4) R 5.10)
A A

This equation could reach both limits: (1) ¢ = 0, solid; (2) ¢ =1, fluid. The
value ¢ is constant to parameterize the microscopic geometry of the porous
materials. There are many different formulas of A based on experimental
work or theoretical analyses [53-58].
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2) The local thermal non-equilibrium (LTNE) is considered when there is a
temperature difference between the fluid phase and the solid phase. The heat
conduction in the fluid and solid phases has to be considered separately. The

interfacial heat transfer (calculated as: ¢, = hsfasf (T.-T f)) connects the

heat transfer between the fluid and solid phases. Here, the estimation of Ay is
eliminated. However, another important issue is to get a reasonable value for
the interfacial heat transfer coefficient /. There exist various correlations to
estimate the 4,/ in different porous structures [59-61].

A temperature difference between the solid phase and the fluid phase is assumed mostly
because of the large difference of the thermal conductivity between the solid phase and
fluid phase inside the porous foam [62]. This is the main reason why there are several
research works on graphite foams using the LTNE model to analyze the heat transfer
inside graphite foams [63-67]. Furthermore, some researchers tried to evaluate the
accuracy of the LTNE model by comparing it with the LTE model. Amiri et al. [68]
presented the validity of the LTE condition, and presented comprehensive error maps of
the LTE based on the numerical results. Lee et al. [69] also investigated the validity of
the LTE model, and presented a conceptual assessment of solid and fluid temperature
differences. The error by using the LTE model was increased when the difference of the
thermal conductivity between solid phase and fluid phase was increased. Meanwhile,
Calmidi et al. [59] used experimental and numerical methods to quantify the thermal
non-equilibrium effects in metal foams.

However, due to the high interfacial heat transfer coefficient and the large specific
surface area, the graphite foam and the fluid could be in a near "thermal equilibrium"
state when the fluid velocity is very high. According to [61], it was found that the solid
and fluid phases inside the metal foam were in near thermal equilibrium when the air
mean velocity was larger than 3 m/s. On the other hand, Kim et al. [70] obtained
analytical solutions of the temperature distribution in a micro-channel heat sink (whose
characteristics of fluid and thermal fields were similar to those in a porous media) by
using both the LTE and LTNE model. It was shown that the LTE model could be
practically used in micro-channel heat sinks with high porosity. Futhermore, Jeng et al.
[71] applied the fin theory and the concept of thermal network to estimate the heat
transfer of a porous heat sink. Based on the results, local thermal equilibrium may occur
at a large height of the porous heat sink and high Reynolds number.

In the present study, the LTE model is used for the main-flow enhancement case
(corrugated-, wavy corrugated-, pin-finned-, and baffle fin in the graphite foam HEXs).
The effective thermal conductivity of the graphite foam (4.) is based on experimental
results in the literature [45]. However, the major part of air is bypassing the graphite
foam fin with dimples and a very low air velocity prevails inside the graphite foam.
That is why the LTNE model is adapted to the secondary-flow enhancement case:
graphite foam fin with dimples. The interfacial heat transfer coefficient A, for graphite
foams needs to be specified for the energy equations. After a comparison of the
different formulas, the following one is used in this study [72]:
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Nu, =a,h,d’ /2, (3.11)
(1) Pe, <40, Nu, =(33.3+0.51Pe;™ )(1-p)** (3.12)
(2) Pe, > 40, Nu, = (32.0Pry"” +1.18 Re,** Pr,**)(1— )™* (3.13)
updp
where, Pe, = Re, Prf = V—Prf
}

Moreover, because the effective thermal conductivity of the graphite foam is dominated
by the thermal conductivity of the graphite, the thermal dispersion is ignored in the
energy governing equation. Thus, the governing equations for the graphite foam are as
follows:

Continuity equation:
olp,u,
a(pm) -0 (3.14)
ox,.@
Momentum equations:

0 U, . Ou,
ox; ox; Ox, ox; Ox,

i

(3.15)
Hy p/'CF
oK+ 22 |
Energy equation:
a. LTE case
p e t) o for (3.16)
ox, o ox; | ox; .
b. LTNE case
for fluid:
o(pe, uT;) 0 (an'J
¢— /1 S Rl +hyrav(]1—Tf) 3.17)
ox, “ox, | ox,
for solid:
0 | oT,
0=1 —|Zs |-h a (T -T 3.18
o, Lﬁxjj ot o

where, 1, =21,¢0/7,4,=2(1-¢)/7,. The value of t is adopted from the

experimental work in [61]. ¢ is the poros1ty of the porous graphite foam; « the
permeability of the porous graphite foam (m®); ay the specific surface area between
solid and fluid phases (m™"); C the Forchheimer coefficient.
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3.4 Boundary conditions and computational domain

The momentum and energy transport equations are calculated simultaneously in the air
and the graphite foam zones. The boundaries on the graphite foam walls are set up as
“interior surfaces” or interfaces. Thus, the solution in the momentum and energy
transport on the interfaces between the air and graphite foam zones are not required.
The necessary boundary conditions at the external walls are as follows.

3.4.1 Main-flow enhancement cases (extended surface cases)

Only one half of the fin height is simulated, due to the symmetry in the fin height
direction (y-direction). Similarly, only half of the water tube is simulated in the height
direction. Moreover, in order to eliminate the effect of the entrance, the computational
domain is extended in the direction upstream twice the length of the HEX. Similarly,
the downstream region of the HEX is extended twice the heat exchanger length, to
eliminate the effect of the outlet on the flow inside the HEX. Thus, the total length of
the computational domain is five times the length of the HEX, as shown in Fig. 3.5.

Upstream region HEX region

Downstream region

Air zone
Water zone

Fig. 3.5 Computational domain.
Because there are air and water zones in the simulation, the boundary conditions should
be specified in the different zones separately.

1) Air zone (H,uer <Y < H)
a) Upstream and downstream regions (0 <X < 2L, 3L < X <5L):

. Z=OandZ=W:a_uza_vzo’wzo’a_Tzo;.
dy Oy oy
e Y-=H: u_ow o209 .
0z 0z oz
e Y= Hyuer u=v=w=0,T, =const;
e X=0: u=12~20m/s, T =300K,v=w=0.
e X=5L 6u=6_v=8w 8T=0.

ox  ox  ox  ox
b) HEXregion 2L <X <3L):
e Z=0andZ=W:(1) u,_,

SUzwsVzo0 = Vzew>
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Wy o=Wy,_p T, =T, . (The geometry of the louver

fin and the wavy fin is not symmetric, and periodic condition

is applied.)
2) 8_u: a_V: 0,w= (),a_T: 0; (other fins)
oy 0Oy oy
e Y=H: 8_u:8_wzo’v:0’8_T:0;
0z oz 0z
e Y =Hyaer u=v=w=0,T, =const.

e Dbetween aluminum fins and air walls are present, while
between the graphite foam fins and the air, interior surfaces
appear.

2) Water zone (0 <Y < Hyyer)

¢) Upstream and downstream regions (0 <X < 2L, and 3L < X <5L):

. Z:OandZ:W:a_”:a_V:(),W:(),a_T:Q;
dy 0y dy

e Y=0: a_”:a_wzo’v:()’a_T:();
0z 0Oz oz

* Y =Huuer u=v=w=0,T, =const,

o X=0: a_uza_vza_wza_Tzo(Outlet)
Oox Ox Ox Ox

e X=35L: u=05m/s, T =350K,v=w=0.

d) HEXregion (2L<X<3L):

. Z:OandZ:W:a_”za_Vz()’W:()’a_Tzo;
dy Oy oy
0z 0z Oz

e X=0: u=v=w=0,T = const.

3.4.2 Secondary-flow enhancement cases (rough surface cases)

Due to the periodic structure, a core of graphite foam fin is chosen with only two rows
of dimples (x-direction) and half of the fin width (y-direction), as shown in Fig. 3.6. A
periodic condition is applied to the flow inlet and flow outlet. The boundary conditions
are as follows:

(1) X=0and X=P (16 mm):

Uy g =Uy psVyg=Vy_psWyo =Wy _p, Ty g =Ty p,m:«=const.

(2) Y=0: ¢, = constyu,_y=v,_,=w,_, =0.

y=wr2 @2mm): 4 _ 9 o, 02T _

0z Oz z
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(3) Z=0and Z=H (15 mm):
Ugg =UzysVyog = VaegsWaog = Waws 0 =T,y
Periodic outlet
qw =
constant Symmetric
condition
X
Periodic inlet 7 Y

*In z-direction: periodic boundary condition
Fig. 3.6 Boundary conditions of the core of graphite foam dimple fin (Case 2).

3.5 Numerical methods

The commercial code ANSYS FLUENT 14.0 is used for the numerical solutions. The
finite volume method (FVM) is adopted to convert the governing equations to algebraic
equations, so that they can be solved numerically [73]. The Semi-Implicit Method for
Pressure Linked Equations (SIMPLE) algorithm is used to couple pressure and velocity.
A second-order upwind scheme is used for the space discretization of the momentum,
energy and turbulence equations in the simulations. The convergence criterion for
continuity, momentum, k, € and ® equations is that the residual should be below 107.
However, for convergence of the energy equations the energy balance between the air
zone and the water zone under the countercurrent flow condition has to be guaranteed.
Accordingly, the convergence criterion for the energy equations is that the residual
should be below 107,

(a) (b)
Fig. 3.7 Meshing for the computations: (a) graphite foam corrugated fin; (b) graphite foam
fin with dimples.

The mesh generation is carried out by the preprocessor-software ICEM. There are two
major techniques in the mesh generation. One is the blocking technique, which is used
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to build structure meshing or Hexa meshing, as shown in Fig. 3.7 (a). Another one is the
auto meshing technique for unstructured meshing in complex geometries, shown in Fig.
3.7 (b).

To ensure the accuracy and validity of the numerical models, a careful check of the grid
dependence of the numerical solutions has been carried out by considering three grid
systems to the aluminum HEX and the graphite foam HEX. For instance, three sets of
mesh size (11x81x49, 11x81x75, 19x81x75) were selected for the heat exchanger
region to find out the grid independence of the graphite foam corrugated fin. It is found
that the variation of the pressure drop is between 0.3 - 2.2 %, and the variation of the
Nusselt number is between 1.4 - 3.0 %. Based on this, a mesh size of 11x81x75 was
adopted for the graphite foam corrugated fin simulations. The same method was
adopted to find out the grid independence of the other cases. The final mesh numbers
chosen for the different fins are listed in Table 3.3.

Table 3.3 Mesh numbers for different cases (GF: graphite foam; Al: aluminum)
(LxWxH)

Fin types Mesh Fin types Mesh
Pin-finned (GF) 93x79x19 Two-side dimple (GF)  54x108x54
Corrugated (GF) 75x81x11 No dimple (GF) 41x81%41
Wavy corrugated (GF)  139x100x21 Wavy fin (Al) 337%21%33
Baffle (GF) 99x83x17 Louver fin (Al) 350x17x12
One-side dimple (GF)  41x81x41 Pin fin (Al) 313x29%25

3.6 Definition of parameters

Before analyzing and comparing the fluid flow and heat transfer characteristics for the
different configurations of the HEX (graphite foam HEX, aluminum HEX), several
parameters have to be defined. The thermal performance can be characterized by the
Nusselt number (Nu), the averaged Nusselt number (Nu ) or the Stanton number (St)
[74]. The definitions are as follows:

. D
Re = Prtmaxn (3.19)
Hy
0
h =
Y (3.20)
Nu=h, 2o o Pile (3.21)
P A, A ANAT
— hD, D D
NygotiPr _ DO, _ D4, (3:22)
//{’air /IairAwAT /?'air (Tw - 7:tir)
oo N 3.23
p/'umaxcp ( ' )
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Q is the total amount of heat dissipated to air (W); 4, the fin surface area (m?), for the
graphite foam A4y=ayV (ay is specific surface area, m™; ¥ the volume of graphite foam,
m’); AT the logarithmic mean temperature difference, LMTD (K); and D, the hydraulic
diameter (m), for the graphite foam it is the diameter of the foam (d,). These are defined
as follows:

szQ—mc (To - m) (324)
AT = (ATmax ATmm)
Y (3.25)
ATmin
AT, = max(T,, 0 = T, T, = T (3.26)
ATmm min (7,0 = T, T,/ = T,i7) (3.27)
. j 7,dA
T =" (3.28)
A,
I T,dV
(3.29)
er
44
D, = £ 3.30
h C ( )

where, T}, and T,, are the bulk temperatures at the inlet and outlet section of the HEX
region, respectively, (K); 4. the minimum free-flow area (mz); A,, the heat source
surface area (mz); V.- the volume of air fluid (m3); C the wetted perimeter of the
minimum free-flow channel, (m).

The fluid flow characteristics can be evaluated by the pressure drop (4p) and friction
factor (f).

Ap = pin - paut (331)

poA 28 ApD,
- - 3.32
AO pair (ub )2 2Lloair(ub)2 ( )

where, p;, and p,,, are the bulk pressure at the inlet and outlet section of the HEX region,
respectively, (Pa); u, the air mean/bulk velocity (m/s).

Another method to evaluate the performance of the graphite foam dimple fin is to
normalize the averaged Nusselt number and the friction factor with the corresponding
values in a fully developed rectangular channel without any fin enhancement. The

values for Nu, and f; for fully developed channel flow are defined as follows [75]:
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—  (/,/2)(Re-1000)Pr,,
Nuo =
1.0+12.7/f, /2(Pr} -1

air

) (3.32)

fo=(0.79InRe~1.64)" /4 (3.33)

32



Chapter 4 Results and discussion

The thermal performance and the pressure loss are the two important parameters in the
heat exchanger design. In order to develop a high performance countercurrent flow
HEX, different configurations of fins (aluminum HEX: louver-, wavy- and pin fin;
graphite foam HEX: corrugated-, wavy corrugated-, pin-finned-, baffle fin; rectangular
fin with one-side dimples, or two-side dimples) are simulated on the air side. Flat tubes
are used on the water side. The thermal performance and the pressure loss are predicted
by using ANSYS FLUENT. In addition, an overall performance comparison is carried
out between the countercurrent flow (made from graphite foam or aluminum) and the
cross flow aluminum HEXSs, in terms of coefficient of performance (COP), compactness
factor (CF), power density (PD), and energy saving efficiency.

4.1 Validation of models

Prior to presenting the simulation results, it is important to validate the computational
models. There are two models in the present work: the graphite foam fin model and the
aluminum fin model.

4.1.1 Validation of the graphite foam fin model

There are two models to predict the thermal performance of the graphite foam fin. One
is the local thermal equilibrium model, the other one is the local thermal non-
equilibrium model. By employing different models, the validation of the graphite foam
fin is as follows:

(1) Local thermal equilibrium model: In order to compare the simulation results with
experimental data, a block graphite foam with the size of 6 mm (width) x 50 mm
(height) x 50 mm (length) is simulated. However, the coolant passing through the
graphite foam block is water instead of air (in the air zone), and a constant
temperature is specified at the base of the graphite foam block. The pressure drop
(Ap) and Nusselt number were compared with the experimental results in [45], as
shown in Table 4.1. It is found that the largest deviation of the Nusselt number
between the simulation (laminar flow: the frontal velocity was chosen based on the
one in the experimental work [45]) and the experimental result is less than 7.1 %,
and the lowest deviation is around 1.9 %. The deviation of the pressure drops
between the simulation and the experimental data is less than 3 %. It should be
noted that no information on the experimental uncertainty of the Nusselt number
was supplied in the experimental work [45]. Based on the maximum deviation
(7.1 % in the Nusselt number, 3 % in the pressure drop), it is assumed that the
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present model is sufficiently accurate and applicable to further estimate the graphite
foam pressure drop and the thermal performance.

Table 4.1 Deviation between the simulations and the experimental data (graphite foam)

Frontal Nu number in  Nu number predicted  Ap in [45] Ap predicted
velocity (m/s) [45] in this study (kPa) (kPa)

0.009 40 38 (5 %) 1.0 1.029 (2.9 %)
0.03 100 101.9 (1.9 %) 3.5 3.41 (2.6 %)
0.048 122 130 (6.5 %) 7.0 6.9 (1.4 %)
0.069 140 150 (7.1 %) 11.2 10.9 (2.7 %)

(2) Local thermal non-equilibrium model: The pressure drop (Ap) and the top surface
(x = 0.5 H) temperature are calculated and compared with experimental data in [61].
Figure 4.1 (a) shows the pressure drop of the simulation results and the
experimental data. The maximum pressure drop deviation between the simulation
and the experimental data is less than 0.9 %. Thus, this simulation model is
satisfactory by taking into account the fluid characteristics. A comparison of the top
surface temperature on the porous foam is shown in Figure 4.1 (b). There is a
relatively large deviation between the simulation results and the experimental ones
at low velocity, i.e., 0.7 m/s. However, the deviation is gradually reduced as the air
velocity is increased. Typically, quite good agreement between the simulation
results and the experimental data is obtained when the air velocity is larger than 1
m/s. Thus, it is believed that the present model is satisfactory and can be applied to
further estimate the pressure drop and the thermal performance for the porous foam.

20004 m simulation results 904 ° B Simulation results
1800 ® experimental results [61] L] o ® Experimental results [61]
3 80
16004 & n
- ‘€
& 1400 L] 2 70
& 1200 g
5 [ © 60 °
o 1000 £
5 c [ ]
@ 800 a S 50
¢ g 8
& 6007 - T 40 N
400 3 - ® a
L] £ 304
200 o
T T T T T T T T T T T T T T
0.5 1.0 15 2.0 25 3.0 3.5 0.5 1.0 15 20 25 3.0 3.5
Air mean velocity (m/s) Air mean velocity (m/s)
(a) (b)

*The internal heat transfer coeffcient A is changed as the velocity is changed.

Fig. 4.1 Validation of LTNE model: (a) Pressure drop (L=0.1524 m); (b) Temperature
of 0.5H.
4.1.2 Validation of the aluminum fin model

The louver fin is adopted in the validation of the aluminum fin model. In order to
compare the simulation results of the louver fin with the experimental data in [23],
which was obtained for cross flow conditions, the water zone in the simulation is
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assumed to be at a constant temperature. The comparison of StPr** and the friction

factor f'between the simulation and the experimental results is shown in Table 4.2. The
deviation of the StPr** between the simulations by the RNG - ¢ turbulence model and
the experimental data is less than 5.4 %, and the deviation of the friction factor fis less
than 4.1 %. In the experimental work by Kays [23], the experimental uncertainty of the
StPr*? value was + 5.0 %, and the one in the friction factor £+ 5.0 %. Thus, there is a
good agreement between the simulation and the experiment, in terms of thermal

performance and pressure loss.

Table 4.2 Deviation between the prediction and the experimental data (aluminum louver

fin).
Re StPr*” in [23] Simulation StPr”® £ in [23] Simulation f
2837 0.0092 0.0097 (5.4 %) 0.0435 0.044 (1.1 %)
3392 0.0087 0.0086 (1.2 %) 0.041 0.04 (2.4 %)
3769 0.0082 0.0081 (1.2 %) 0.0398 0.0382 (4.1 %)

4.2 Performance comparison of LTNE and LTE models
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Fig. 4.2 Average Nusselt number for the LTNE and LTE models.

In order to compare the heat transfer performance by using the LTNE model and LTE
models, the average Nusselt number is analyzed. Figure 4.2 shows that the average Nu
predicted by both models increases as the air velocity is increased. When the air
velocity is low, the average Nu by the LTE model is higher than that by the LTNE
model at a fixed velocity. This means that the LTE model over-predicts the heat transfer
performance compared to the LTNE model at low velocity. However, the difference in
average Nu is gradually reduced as the air velocity is increased due to increased internal
heat transfer coefficient 4. When the velocity is larger than 4 m/s, the average Nu by
the LTE model is similar to that by the LTNE model. This indicates that the aluminum
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foam is predicted to have a similar heat transfer performance for the LTNE and LTE
models at high velocity. In other words, the porous foam is in a near thermal
equilibrium state at high velocities. This is mostly because the high velocity produces
high convective heat transfer coefficients, and thereby might lead to that the thermal
resistance in the fluid phase is of the same order of magnitude as that of the solid phase.
In this sense, the fluid phase and the solid phase might have a very similar temperature
distribution when the fluid velocity is sufficiently high, as shown in Fig. 4.3.

(1) Solid phase temperature distribution

(1) Solid phase temperature distribution

(2)Fluid phase temperaturedistribution

(b)

e}
300 304 308 311 315 319 (K)

Fig. 4.3 Solid and fluid temperature distributions inside the porous foam by LTNE
model: (a) u= 2.3 m/s (hy=37.68 W/m*K); (b) u=4.5 m/s (hy= 68 W/m*-K).
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By applying the LTNE model, the temperature difference between the solid phase and
the fluid phase can easily be seen as the air velocity is 2.3 m/s, as depicted in Fig. 4.3
(a). This means that the porous foam is in a local thermal non-equilibrium state when
the air velocity is 2.3 m/s. Moreover, as the thermal resistance in the solid phase is
smaller than the one in the fluid phase, the temperature of the solid phase is higher than
that in the fluid phase. However, as the air velocity is increased to 4.5 m/s, the
temperature distribution in the solid phase becomes similar to the one in the fluid phase,
as shown in Fig. 4.3 (b). This is mostly because the high air velocity leads to a high
interfacial heat transfer coefficient, which reduces the thermal resistance in the fluid
phase. Thus, the temperature difference between the solid phase and the fluid phase is
very small. In this case, the porous foam is in a near local thermal equilibrium state. It is
suggested that the LTE model can be applied for the high velocity case.

4.3 Main-flow enhancement (extended surface method) fins

4.3.1 Performance comparison among different graphite foam fins

Due to the high thermal conductivity and low density, the graphite foam is a good
material for HEX. However, the high pressure loss is the major issue preventing the
development of graphite foam HEXSs. In order to find an appropriate configuration for
the graphite foam fin, the main-flow enhancement (extended surface method) is used.
Four different configurations (corrugated-, wavy corrugated-, pin-finned-, and baffle fin)
of graphite foam fins are considered in the present work. To simplify the simulation in
the graphite foam HEXSs, only the air zone is considered. A constant temperature is set
on the base of the graphite foam fin. The pressure loss and the thermal performance of
different configurations of graphite foam fins are analyzed and discussed in this part.

1 Pressure loss

The extra pressure loss through the graphite foam is based on the Forchheimer extended
Darcy's equation (Eq. 3.8). The extra pressure drop through the graphite foam is
increased by increasing frontal velocity, as shown in Fig. 4.4. However, the pressure
drop through the baffle fin increases faster than the other cases, as the frontal air
velocity is increased. Furthermore, the pressure drop through the baffle fin is
approximately 10 times higher than for the other cases. This implies that the baffle
configuration has much higher flow resistance than the other cases.

All the air has to pass through the corrugated fin and the wavy corrugated fin. However,
due to the short flow length (the flow length inside the corrugated foam is 2.5 mm, the
one inside the wavy corrugated fin is 3 mm), the pressure drop through the wavy
corrugated foam fin or the corrugated foam fin is low. On the other hand, the major
amount of air bypasses the baffle fin and the pin-finned fin, instead of passing through
them. Because the flow path around the pin-fins (in Fig. 4.6 (1.a)) is much smoother
than the one around the baffle fins (in Fig. 4.6 (1.b)), the pressure drop of the pin-finned
fin is much less than that for the baffle fins. Furthermore, due to the complex air flow
path of the baffle fins, a large amount of air is forced to pass through the baffle graphite
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4.3 Main-flow enhancement (extended surface method) fins

foam fins. Thus, a high flow resistance is produced in the baffle fins, compared to the
other configurations of the fin. In other words, the baffle fin presents the highest flow
resistance among the considered four configurations.

oo /
100 %

10 5 —a— baffle

—e— pin-finned

—4&— corrugated
—v— wavy corrugated

Pressure drop per meter (kPa/m)

12 14 16 18 20
Frontal velocity (m/s)

Fig. 4.4 Pressure drop through four configurations of finned foam.
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Fig. 4.5 Heat transfer coefficients of four configurations of the finned foam.
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Fig. 4.6 (1) Velocity vectors and (2) temperature distribution (K) at 12 m/s inlet
velocity (m/s).
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2 Thermal performances

The heat transfer coefficients predicted for the four configurations of graphite foam fins
are shown in Fig. 4.5. The heat transfer coefficient is correlated with the frontal velocity
of air. Among these four configurations, the wavy corrugated fin provides much higher
heat transfer coefficient than the other configurations. In addition, the heat transfer
coefficient is increased much faster for the wavy corrugated fin than for the other fins,
as the air frontal velocity increases.

By taking into account Fig. 4.6, an in-depth understanding of the thermal performance
among these two extreme graphite foam fins may be obtained. Figs. 4.6 (2.a") and (2.b")
show that the fresh air is pre-heated before it reaches the graphite foam fin due to the
heat transported from the nearby fins. The space between two adjacent fins is much
larger in the wavy corrugated fin than the one in the corrugated fin. Thus, the pre-
heating effect is minor in the wavy corrugated fin compared to that in the corrugated fin.
Due to the pre-heating effect, the temperature difference between the fin and the air is
reduced in the corrugated fin. The reduced temperature difference decreases the thermal
performance of the corrugated fin. Thus, the heat transfer coefficient inside the
corrugated fin is much lower than that of the wavy corrugated fin.

On the other hand, due to the different flow path appearing in the pin-finned fin and the
baffle fin (see Figs. 4.6 (1.a) and (1.b)), the air is mixed better in the baffle fin than in
the pin-finned fin. Thus, the thermal performance of the baffle foam is a little better
than that of the pin-finned foam as shown in Fig. 4.5. However, there is a higher flow
resistance in the baffle fin than in the wavy corrugated fin, as discussed previously. The
high flow resistance leads to a low velocity which causes a low internal heat transfer
coefficient in the baffle fin. Overall it seems that the thermal performance of the wavy
corrugated foam is the best, see Fig. 4.5.

4.3.2 Performance comparison among aluminum fins

In the present work, a countercurrent flow HEX is proposed to accommodate with the
change of HEX position (the radiator is moved and placed at the roof of the driver
compartment). Three different configurations (pin-, wavy- and louver fin) of aluminum
fin are analyzed in terms of pressure loss and thermal performance, to evaluate which
configuration may achieve a good performance.

1 Pressure loss

The pressure drop through the three configurations of fins (louver-, wavy- and pin fin)
varies with frontal air velocity, as shown in Fig. 4.7 (a). As expected, the pressure drops
increase with increasing air velocity. Among the three configurations of the fins, the
louver fin shows the lowest pressure drop. It implies that the flow resistance of the
louver fin is lower than that of the wavy- and the pin fins. Moreover, in terms of a
dimensionless parameter, the friction factor (f) is reduced with increasing Reynolds
number. The louver fin has the lowest value of the friction factor f among the three
cases (as shown in Fig. 4.7 (b)), due to the low flow resistance of the louver fin.
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Fig. 4.7 (a) Pressure drop vs. frontal velocity; (b) Friction factor vs. Reynolds number.

Based on Fig. 4.8 (a), the flow through the louver fins becomes parallel to the louvers at
high velocity. In this case, the louver fins behave like a flat plate, and the air flow path
is smooth due to the “flat plate”. Thus, the flow resistance is very low in this
configuration. However, the flow has to change its direction, due to the structure of the
wavy fin (as shown in Fig. 4.8 (b)). This effect leads to a high flow resistance for the
wavy fins. On the other hand, Fig. 4.8 (c) shows that the flow has to go around the pin
fins, because of the round shape of the pin fins. A high flow resistance is presented for
the pin fin as well. Furthermore, it is found that the velocity is more uniform for the
louver fin (Fig. 4.8 (a)) than for the wavy fin (Fig. 4.8 (b)) or the pin fin (Fig. 4.8 (c)).
This means that the kinetic energy does not change significantly for the louver fin. Thus,
the pressure variation is small in the louver fin configuration, compared to the wavy-
and the pin fin configurations. In other words, the pressure drop through the louver fin
is much smaller than those of the wavy fin and the pin fin.

2 Thermal performances

The heat transfer coefficients predicted for the three configurations of the fin are shown
in Fig. 49 (a), correlated with the frontal velocity of air. Among these three
configurations of the fins, the louver- and pin fins present higher heat transfer
coefficients than the wavy fin. The boundary layers have significant effect on the
thermal performance of different configurations. As shown in Fig. 4.8 (a), the boundary
layer is developed along the louver fins. However, at the end of the fins, the developed
boundary layer is broken by the vacancy of fins. Thus, the boundary layer in the louver
fins never becomes thick at the high air velocity. This leads to a high heat transfer
coefficient around the louver fin. On the other hand, the boundary layer is developed
from point a to b on the pin fin (as shown in Fig. 4.8 (¢)). After point b, the boundary
layer separates from the pin fin. In this case, the boundary layer is thin. Thus, a high
heat transfer coefficient is revealed around the pin fin as well. For the wavy fin
configuration, the boundary layer is developing along the wavy fins. Due to the wavy
configuration, the thickness of the boundary layer is reduced on one side of the fin after
point ¢ (Fig. 4.8 (b)). However, the boundary layer becomes thick on the other side of
the fin at the same time. Thus, the total thickness of the boundary layer around the wavy
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fin is kept almost constant. In this case, the heat transfer coefficient is not enhanced as
much as in other configurations of the louver and pin fins (as shown in Fig. 4.9 (a)).

-y 2

Parallel flow Boundary layer broken
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(b)

0.00e+00 3:36e+00 0.69e+00 1.00e+01 134e+01 1.87e+01 2.01e+01 22301

(c)
Fig. 4.8 Velocity predicted for: (a) louver fin; (b) wavy fin; and (c) around a pin fin. (at
air inlet velocity of 12 m/s)

The dimensionless parameters (Nu number and Re number) are introduced to analyze
the heat exchanger performance, in order to eliminate the effect of different sizes of the
fins. Figure 4.9 (b) illuminates the relationship between the Nu number and the Re
number among the wavy-, pin- and louver fins. The louver fin shows a higher Nu
number than the wavy and the pin fins at the same Re number. Even though the heat
transfer coefficients are similar for the pin fin and the louver fin (Fig. 4.9 (a)), due to the
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in-line fin pattern and the small hydraulic diameter in the pin fin, the Nu number is
much lower for the pin fin than for the louver fin. Based on Fig. 4.9, it is revealed that
the louver fin provides better thermal performance than the wavy fin and the pin fin.
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Fig. 4.9 (a) Heat transfer coefficient vs. frontal velocity; (b) Nusselt number vs.
Reynolds number.

4.4 Secondary-flow enhancement (dimpled fin)

Another important method to increase the thermal performance and reduce the pressure
drop in the graphite foam fin is to employ secondary-flow enhancement, i.e., a dimpled fin.
In order to evaluate the heat transfer performance of the graphite foam fin with dimples, the
surface averaged Nusselt number is considered. Figure 4.10 (a) shows that the averaged
Nusselt numbers in the graphite foam fin with one-side dimples or with two-side dimples
are higher than the one in the graphite foam fin without dimples. This is because the
dimples can enhance the heat transfer by the effect of vortex pairs, vertical fluid flow,
secondary flow and strong flow mixing. This effect is much clearer on the fin with two-side
dimples. Moreover, as the flow structure is different between the two sides of the fin for the
case of two-side dimples, some part of the fluid penetrates through the graphite foam. This
penetration process also increases the heat transfer. Because of these two main reasons, the
averaged Nusselt number in the graphite foam fin with one-side dimples is around 1.5
times higher than the one in the graphite foam flat fin, and the one in the graphite foam fin
with two-side dimples is around 2.0 times higher than the one in the flat fin.

The flow characteristics are expressed by the pressure drop, as shown in Fig. 4.10 (b). The
pressure drop of the fin with one-side dimples is around 1.5 times higher than that of the
flat fin, while the fin with two-side dimples produces about 2.2 times higher pressure drop
than the flat fin. This is mostly because of strong flow mixing inside the dimple and the
penetration through the graphite foam. The flow mixing inside the dimple becomes more
intensive as the Reynolds number is increased. Based on this reason, the pressure drops of
the fin with one- or two-side dimples are increased faster than that of the flat fin. Compared
to the flat fin, the pressure drop of the fin with one- or two-side dimples is 1.9 and 2.8 times
higher, at high Reynolds number, respectively.
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Fig. 4.10 Heat transfer and pressure drop performance through the graphite foam fins.
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Fig. 4.11 Normalized Nusselt number and friction factor over the fully-developed flow case.

Another method to evaluate the performance of the graphite foam fin with dimples is to
normalize the averaged Nusselt number and the friction factor with the corresponding
values in a fully developed rectangular channel without any fin enhancement. The values
for Nuo and f; are for the fully developed channel flow without any fin enhancement, as
defined by Egs. 3.32 and 3.33 already.

Figure 4.11 shows that the values of Nu/ Nuo and f, decrease by increasing Reynolds
number. Due to the effect of the graphite foam fin, there is heat transfer enhancement based
on the values of Nu / Nuo (larger than 1.0). The heat transfer enhancement of the graphite
foam fin with two-side dimples is best among the three cases based on the values of
Nu/ Nuo , which is between 4.6 and 2.4. On the other hand, due to the high flow resistance
inside the graphite foam, more and more fluid prefers to flow through the empty channel
instead of penetrating through the graphite foam as the Reynolds number is increasing.
Accordingly, the effect of porous graphite foam is slowly eliminated as the Reynolds
number is increased. This is the reason why the heat transfer enhancement of the graphite
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foam flat fin compared to the fully-developed channel flow is reduced from 2.5 to 1.14
(nearly 1.0) as the Reynolds number is increased, and the friction factor increase in the flat
fin is also reduced closed to 1 at high Reynolds number. Furthermore, due to the
weakening of the porous graphite foam as the Reynolds number is increased, the reduction

of the ratios of Nu / Nuoand flfo is similar for all three cases.

From the foregoing analysis of the computed results, it is found that the heat transfer
enhancement is the best for the graphite foam fin with two-side dimples. However, this
case also presents the highest flow resistance. In order to combine the heat transfer
performance and the flow characteristics, the overall performance of the graphite foam fin
is presented.

The overall performance criterion is the value of Nu / Nug /(112)"”, which was proposed by

Gee et al. [76]. This performance parameter provides a heat transfer augmentation quantity
at a certain input pumping power and a certain heat transfer duty condition. This parameter
considers both the heat transfer augmentation and the friction loss increase. Figure 4.12
shows that, among the three cases the graphite foam fin with two-side dimples provides the
highest value of Nu/ Nuo/(f/fy)"”, which is between 1.5 and 2.7. This implies that the
graphite foam fin with two-side dimples can enhance the heat transfer as much as 2.7 times
for the same input pumping power and the same heat transfer duty compared with the other
two cases. Therefore, the graphite foam fin with two-side dimples exhibits good
performance.
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Fig. 4.12 Overall thermal performances of the three foam fins.
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4.5 Overall performance comparison of different HEXs

By the comparison of various configurations, it is found that the louver fin presents
higher thermal performance and lower pressure loss than the pin fin and wavy fin. On
the other hand, the wavy corrugated fin configuration presents better thermal
performance and lower flow resistance than the baffle-, pin-finned- and corrugated fins
in the graphite foam fin, based on the main-flow enhancement method. Moreover,
according to the secondary-flow enhancement method, the graphite foam rectangular fin
with two-side dimples presents better performance than that with one-side dimples.
Thus, based on the main-flow enhancement, the louver fin is chosen as the fin
configuration for the aluminum HEX, and the wavy corrugated fin is adopted as the fin
configuration in the graphite foam HEX. On the other hand, the graphite foam
rectangular fin with two-side dimples is employed as the secondary-flow enhancement.

In order to evaluate the overall performance of the aluminum or the graphite foam HEX
under the countercurrent flow condition, a cross flow aluminum louver fin HEX (the
same louver fin as the countercurrent flow HEX) is set as the base. The performance of
the graphite foam HEX and aluminum HEX under the countercurrent flow condition is
investigated by using the ANSYS FLUENT software. The performance of the
aluminum HEX for cross flow condition is based on the experimental data from [23].
The comparison of overall performance is carried out to analyze: (1) coefficient of
performance; (2) power density; (3) compactness factor, and (4) energy saving
efficiency.

1) Coefficient of performance (COP): defined as how much heat can be dissipated
by a certain input pumping power;

COP — Qremnved (4 1)
u A Ap

mn mn

2) Power density (PD): defined as how much heat can be dissipated by a certain
mass of fins;
Qremoved

1000 m,,, (42)

3) Compactness factor (CF): defined as how much heat can be dissipated in a
certain volume;
— M

1000V, (43)
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Coefficient of performance (COP)

In order to compare the graphite foam fin with the aluminum louver fin by an
appropriate method, the coefficient of performance (COP) is employed to consider the
enhanced thermal performance together with the required pumping power to push air
through the HEX. As shown in Fig. 4.13, the COP values are reduced when the velocity
is increased. It is noted that the COP value of the graphite foam dimple fin is higher
than the other cases. However, one of the graphite foam wavy corrugated fins has a
lower COP than the other cases. This is mostly because of the extremely high flow
resistance in the graphite foam wavy corrugated fin, which counteracts the high thermal
performance of the graphite foam fin design. From this point, the pressure drop or the
flow resistance is the most important issue for the graphite foam HEX design. An
appropriate design of the graphite foam fin may lead to a higher COP value than for the
aluminum fin, like the dimple fin case. On the other hand, the countercurrent flow
aluminum HEX has higher COP value than the cross flow aluminum HEX, because of
the high heat transfer coefficient in the countercurrent flow aluminum HEX.
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Fig. 4.13 Coefficient of performance (COP) between aluminum and graphite foam
HEXs (CC: countercurrent flow; CR: cross flow; GF: graphite foam; Al: aluminum).

Power density (PD)

The mass/weight of the HEX is very important for the vehicle application. Applying the
light HEXs, the total weight of the vehicle is reduced, which will lead to less fuel
consumption in the vehicle. Thus, the power density of the HEX needs to be considered
in the vehicle application. Figure 4.14 shows that the countercurrent flow graphite foam
wavy corrugated fin HEX provides much higher PD value than the other cases.
Moreover, the PD superiority of the countercurrent flow graphite foam HEX becomes
more and more evident as the velocity is increased. The higher the PD value is, the
lighter the HEX is. Thus, the countercurrent flow graphite foam wavy corrugated fin
HEX is much lighter than the other cases, as the dissipated heat is the same. This is
mainly attributed to the small density of the graphite foam. However, the graphite foam
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dimple fin presents a similar PD value as the aluminum louver fin, even though the
density of the graphite foam is much smaller than the aluminum. That is mostly because
of the weak mechanical properties, the thickness of graphite foam dimple fin has to be
big. The volume of the graphite foam dimple fin is much larger than the aluminum fin.
So the graphite foam dimpled fin still needs to be optimized in terms of fin thickness,
fin pitch and so on.
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Fig. 4.14 Power density (PD) of corrugated and pin-finned foams and louver fin.
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Fig. 4.15 Compactness factor (CF) for corrugated and pin-finned foams and louver fin.
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The heat exchanger with high compactness is very favorable in vehicle cooling systems,
due to the space limitation in vehicles. Thus, the compactness factor is analyzed. Figure
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4.15 reveals that the compactness factor (CF) of the countercurrent flow HEX is higher
than that of the cross flow HEX. Furthermore, the countercurrent flow graphite foam
wavy corrugated fin HEX has higher CF value than the countercurrent flow aluminum
louver fin HEX. This implies that the volume of the countercurrent flow graphite foam
HEX with wavy corrugated fin is the smallest one among these four cases, as the
dissipated heat is the same. The graphite foam wavy corrugated fin can provide much
larger heat transfer surface area than the alumnium louver fin HEX, due to many open
cells in the graphite foam. Meanwhile, the thermal conductivity of the graphite foam is
much higher than that of the aluminum. Thus, the volume of the graphite foam wavy
corrugated fin HEX can be reduced significantly. However, due to the weak mechanical
properties of the graphite foam, the thickness of the graphite foam dimple fin has to be
big. This leads to a high volume of the HEX and a low CF value. Thus, an appropriate
design of graphite foam dimpled fin is important to achieve a high CF value.

Energy saving efficiency

Another important overall performance criterion is applied to compare the graphite foam
fin and the aluminum fin HEXs. The criterion is based on energy saving to compare the
effectiveness of the different enhancement techniques [77]. The ratios of heat transfer
enhancement (Nu / Nu, ) and friction factor increase (f/f;) are employed as the coordinates
in this evaluation. When the two coordinates are both greater than 1.0, the plot is divided
into four different regions based on the energy saving effect, as shown in Fig. 4.16. If a
working point of an enhancement technique is located in Region 1, the consumption of one
unit pumping power will lead to a less heat transfer rate compared with that of the reference
case. Thus for energy-saving purposes the working point should be located outside Region
1.
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Fig. 4.16 Energy saving performance among the graphite foam fins and the aluminum fins.

The reference data of the aluminum offset fin, wavy fin and louver fin comes from the
experimental data in the book by Kays and London [23]. Moreover, other reference data
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4.5 A case study

concerning a channel with dimples and protrusion from the research work [31] are also
included in Fig. 4.16. All of the working points are for turbulent flow condition. It is found
that the working points of the aluminum offset fin, wavy fin and louver fin from [23] are all
located in Region 2, in which heat transfer is enhanced based on identical pumping power
but deteriorated based on identical pressure drop. The working points of the graphite foam
fin with one- or two-side dimples in the present study are all in Region 3. This means that
heat transfer is enhanced based on identical pressure drop but the increase in friction factor
is larger than the enhancement of heat transfer at identical flow rate. Furthermore, the
working points of the aluminum louver fin in this work are also in Region 3. From the
energy saving point of view, the dimpled- and the louver fin are better than the aluminum
offset fin, wavy fin and louver fin in [23]. However, due to the high flow resistance in the
graphite foam wavy corrugated fin, the working point of this fin is located in Region 1.
Thus the graphite foam wavy corrugated fin is not efficient concerning energy saving. On
the other hand, the slope of the graphite foam fin with one-side dimples is very large
compared to the other cases. The larger the basic line slope of a working point is, the better
is its energy-saving effectiveness. From the foregoing analysis of Fig. 4.16, the graphite
foam fin with one-side dimples is in the best in terms of energy saving efficiency, and the
aluminum louver fin is the second best.

4.5 A case study

In order to evaluate the performance of a countercurrent flow HEX and compare it with
a cross flow HEX, a typical truck with 400 kW cooling power is considered. The
operating data is shown in Table 4.3.

Table 4.3 Assumed operating data of a truck.

Cooling power (kW) 400

Truck speed (km/h) 65

Radiator (water side) T =90 °C Tou =85 °C
Radiator (air side) Tiy,=30°C Ty =50 °C

Based on the thermal performance and the flow resistance presented earlier, the
comparative results of the size, weight, and pumping power for different HEXs are
listed in Table 4.4. Due to the low CF value of the countercurrent flow aluminum louver
fin HEX and the countercurrent flow graphite foam wavy corrugated fin HEX, the
volume of these two designs are reduced by 5.6 % and 29 %, respectively, compared to
the cross flow aluminum louver fin HEX. Moreover, because of the low PD value in the
countercurrent flow aluminum louver fin HEX and the countercurrent flow graphite
foam wavy corrugated fin HEX, the weight of these two HEXs are reduced by 11.1 %
and 86.0 %, respectively, compared to the cross flow aluminum louver fin HEX.
However, the power for forcing the air through the countercurrent flow graphite foam
wavy corrugated fin HEX is approximately 3 times higher than that for the cross flow
aluminum louver fin HEX. This is mostly because of the high flow resistance in the
graphite foam. If the graphite foam fin is designed properly, the pumping power for air
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Chapter 4 Results and discussion

going through the graphite foam dimple fin HEX is reduced around 96 % compared to
the one for the cross flow aluminum louver fin HEX.

Table 4.4 Comparison between the cross flow HEX and the countercurrent flow HEX.

Cross flow Cross flow Countercurrent Countercurrent

aluminum graphite flow aluminum flow graphite

louver fin foam dimple  louver fin foam wavy

HEX fin HEX HEX corrugated fin
HEX

Total cooling 39.06 (base) 349 (-11 %) 3436 (-12%)  20.86 (-46.6 %)
surface area (m?)

Overall size 1000x1000x1  1000x1000x  1000%944x125 1000x710%x125
(WxHxL) 25 222
(mmxmmxmm)
Total volume 0.125 (base) 0.222 0.118 (-5.6 %)  0.089 (-29 %)
(m®) (+77 %)
Weight of fins 20.7 (base) 27.6 18.4 (-11.1 %) 2.8 (-86.0 %)
(kg) (+33 %)
Air pumping 10132 (base) 430 (-96 %) 9005 (-11.1 %) 40900 (+304 %)
power (W)

Countercurrent

Cross flow
HEX

Fig. 4.17 Countercurrent flow HEX and cross flow HEX in a heavy duty truck.

The height of the countercurrent flow HEX is 944 or 710 mm, which may destroy the
streamlines of the flow field of the heavy vehicle and cause a huge flow resistance to the
vehicle. In order to reduce the flow resistance and optimize the performance of the
countercurrent flow HEX, the countercurrent flow HEX (1000x944x125 mm or
1000x710%125 mm) is splitted up into three small countercurrent flow HEXs (the size
of each one is: 1000%315x125 mm or 1000x237%125 mm). These three countercurrent
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4.5 A case study

flow HEXs are placed in the slanting part of the roof of the vehicle as a staircase to
reduce the effect of the flow field on the vehicle, as shown in Fig. 4.17.

Based on the comparison with the cross flow HEX, the advantages and disadvantages of
the countercurrent flow HEX can be summarized as follows:

e Advantages:

(1) The heat transfer coefficient is higher in the countercurrent flow HEX
than in the cross flow HEX. Moreover, the graphite foam even further
increases the heat transfer coefficient of the HEX

(2) The overall size of the countercurrent flow HEX is smaller than that
of the cross flow HEX, when the dissipated heat is the same;

(3) The countercurrent flow HEX has higher PD and CF than the cross
flow HEX. This leads to a light and compact HEX in the vehicle.

e Disadvantages:

(1) The countercurrent flow HEX placed on the roof of the vehicle may
destroy the streamlines of the flow field around the vehicle. The co-
location of the countercurrent flow HEX should be optimized.

(2) The cooling air through the countercurrent flow HEX is driven by the
movement of vehicles. When the vehicle climbs on a mountain, the
speed of the vehicle is low. However, the engine cooling power is
high at this time. Thus, in future work this problem should be
analyzed.
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Chapter S Conclusions

With the increasing cooling requirement in vehicles, advanced heat exchangers have to
be developed for the vehicle industry. However, due to the space limitation in vehicles,
placing a heat exchanger at a new place on the vehicle, or using new materials might be
favorable in the design of advanced heat exchangers. In this study, a countercurrent
flow aluminum HEX is designed for placement on the roof of the driver compartment.
Furthermore, due to the high thermal conductivity and low density of graphite foam, a
graphite foam HEX is proposed and evaluated under the countercurrent flow condition.

The present work has been carried out by the ANSYS FLUENT software. The
simulation models (an aluminum HEX model and a graphite foam HEX model) were
validated by experimental results from the literature. A performance comparison
between the countercurrent flow HEX (made from aluminum and graphite foam) and
the cross flow HEX (made from aluminum) was carried out. The major results are as
follows:

1) Based on the main-flow enhancement method, the louver fin presents better
thermal performance and lower pressure drop compared to the wavy fin and
the pin fin in the aluminum HEX. Meanwhile, the wavy corrugated fin shows a
higher heat transfer coefficient and smaller pressure loss than the corrugated -,
pin-finned -, and baffle fin in the graphite foam HEX.

2) According to the secondary-flow enhancement method, the graphite foam
rectangular fin with two-side dimples enhances the heat transfer as much as 2.7
times at the same input pumping power and the same heat transfer duty, compared
with the graphite foam rectangular fin and the rectangular fin with one side
dimples. Therefore, the graphite foam rectangular fin with two-side dimples
exhibits much better performance.

3) In the overall performance comparison of different HEXs, the coefficient of
performance (COP), the power density (PD) the compactness factor (CF), and
the energy saving efficiency are taken into account. It is found that the
countercurrent flow HEX presents higher values of PD and CF than the cross
flow HEX. This implies that the countercurrent flow HEX can be much lighter
and compacter than the cross flow HEX.

4) Due to the low flow resistance of the dimple fin, the graphite foam fin with
two-side dimples exhibits higher coefficient of performance (COP) than the
aluminum louver fin, and it is very efficient for saving energy. On the other
hand, because of the high thermal conductivity and low density of the graphite
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foam, the graphite foam wavy corrugated fin performs higher power density
and higher compactness factor than the aluminum louver fin. Thus the graphite
foam is a very good potential material for heat exchanger applications.

5) By comparing the average Nusselt numbers and the temperature in the solid
phase and fluid phase, it is found that the local thermal equilibrium model can
predict the heat transfer performance of a metal or graphite foam as accurately
as the local thermal non-equilibrium model at high flow velocities.

Nevertheless, there are still several issues and concerns facing the further application of
the countercurrent flow HEX in vehicles.

a) Due to the complex intern porous structure of the graphite foam, the pressure loss
in the graphite foam wavy corrugated fin is much higher than that in the aluminum
louver fin. This leads to a very low COP for the graphite foam wavy corrugated fin.
Thus, appropriate configurations of the graphite foam have to be developed to
reduce the pressure drop. The dimple fin might be a good choice to reduce the flow
resistance of the graphite foam HEX.

b) Nowadays, the manufacturing technology for graphite foam HEX is not mature,
compared to that for aluminum HEX. Furthermore, the mechanical properties of the
graphite foam are not as good as those of aluminum.

Thus, much effort has to be devoted to the development of countercurrent flow HEXs in

vehicles. Especially, much research work has to be carried out before graphite foam
HEXs appear in the real vehicle cooling systems.
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Chapter 6 Outlook for future work

Further investigations to be carried out based on this present work might be:

1)

2)

3)

After comparing the graphite foam HEX with the aluminum HEX, other
simulations might be included. Based on a single unit-cube with a spherical
void, Yu et al. [39] gave an analytical expression for the effective thermal
conductivity of carbon foams. Currently, most of the carbon/graphite foam
studies are based on experiments. It is difficult to get the effective thermal
conductivity, internal heat transfer coefficient, permeability, and the
Forchheimer coefficient theoretically. If the graphite foam structures are
reconstructed by building many unit-cubes with spherical voids at a
microscopic scale, then the values of the effective thermal conductivity,
permeability, and the Forchheimer coefficient can be obtained, and then the
models and simulations can be improved.

Another important issue is the manufacturing process for the graphite foam
heat exchanger. Muley et al. [78] presented a technology assessment for the
metal foam heat exchanger. Several possible manufacturing processes have to
be investigated for the graphite foam HEX. Thus, close contacts with heat
exchanger industries are needed.

According to this study, it is found that the dimple fin presents low flow
resistance. This is very attractive for the porous foam fin. Due to the weak
mechanical properties of the graphite foam, the graphite foam dimple fin is
very thick, which leads to a low compactness factor and a low power density.
In order to increase the CF and PD values of HEXs, the aluminum foam
dimple fin HEX will be considered in the vehicle cooling system in future.
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Summary of papers

Paper 1

The number of vehicles in use is increasing from year to year. It causes more
fuel/energy to be consumed, and more carbon dioxide or other exhaust gases are
released to the environment. But the legislations on carbon dioxide emissions have
become stricter than before. In the overall effort to achieve sustainability, advanced
technological solutions have to be developed to reduce fuel consumption and carbon
dioxide emissions from vehicles. More than half of the energy in vehicles is lost as heat
to the different cooling systems (engine cooling system, air conditioning, frictional
components cooling) and exhaust gas. Reducing the amount of energy lost in vehicle
cooling systems will enhance the fuel efficiency of the vehicles. This paper presents a
literature survey of different cooling systems in vehicles, which includes the engine
cooling system, air conditioning of the compartment, the electronic cooling system and
cooling of frictionally heated parts. The usage of exhaust gas in some cooling systems is
also included. Some methods or factors are presented for these different cooling
systems. Flow field and thermal management are important factors in designing the
engine cooling system. Also the exhaust gas can be circulated back to the engine, or be
used for driving air conditioning units. Reducing the thermal resistance can improve the
electronic cooling performance. The flow field will affect the cooling of the frictional
components. This literature survey is offering a starting point for future research in
vehicle cooling systems.

Paper 2

Due to the increased power consumptions in equipment, the demand of effective
cooling methods becomes crucial. Because of the small scale spherical pores, graphite
foam has a huge specific surface area. Furthermore, the thermal conductivity of solid
graphite is four times higher than that of copper. The density of graphite foam is only 20
% of that of aluminum. Thus, the graphite foam is considered as a novel highly -
conductive porous material for high power equipment cooling applications. However, in
the commercial market, aluminum and copper are still the preferred materials for
thermal management nowadays. In order to promote the graphite foam as a thermal
material for heat exchangers, an overall understanding of the graphite foam is needed.
This paper describes the structure of the graphite foam. Based on the special structure,
the thermal properties and the flow characteristics of graphite foam are outlined and
discussed. Furthermore, the application of graphite foam as a thermal material for heat
exchangers is highlighted for electronic packages and vehicle cooling systems. The
physical problems and other aspects, which might block the development of graphite
foam heat exchangers, are pointed out. Finally, several useful conclusions and
suggestions are given to promote the development of graphite foam heat exchangers.
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Paper 3

Due to the increasing cooling power and space limitation in vehicles, a new compact
heat exchanger - graphite foam heat exchanger is proposed for vehicle cooling
application. The graphite foam has high thermal conductivity (the effective thermal
conductivity is 40-150 W/m K) and low density (0.2-0.6 g/cm’), but it has high flow
resistance which is a problem in heat exchanger applications. In order to find a graphite
foam heat exchanger with low flow resistance, four different configurations (baftle, pin-
finned, corrugated, and wavy corrugated) of graphite foam fins are analyzed in terms of
thermal performance and pressure drop by using a computational fluid dynamics
approach. The simulation results show that the wavy corrugated foam presents high
thermal performance and low pressure drop. Moreover, a comparative study between
the wavy corrugated foam heat exchanger and a conventional aluminum louver fin heat
exchanger is carried out to evaluate the performance of graphite foam heat exchangers
in terms of coefficient of performance (removed heat/air pumping loss), power density
(removed heat/mass of heat exchangers), and compactness factor (removed heat/volume
of heat exchangers). Finally, this paper concludes that graphite foam heat exchangers
should be further developed in vehicles, and several recommendations are presented to
promote such development.

Paper 4

Due to the increasing power requirement and the limited available space in vehicles,
placing the heat exchanger at the roof or the underbody of vehicles might increase the
possibility to handle the cooling requirement. A new configuration of the heat
exchanger has to be developed to accommodate the position change. In this paper, a
countercurrent heat exchanger is developed for position on the roof of the vehicle
compartment. In order to find an appropriate configuration of fins with high thermal
performance on the air side, the computational fluid dynamics approach is applied for a
comparative study among louver fin, wavy fin, and pin fin by using the ANSYS
FLUENT software. It is found that the louver fin has high thermal performance and low
pressure drop. Thus, the louver fin is chosen to be the configuration of the
countercurrent flow heat exchanger. It is also found that the countercurrent flow heat
exchanger presents higher heat transfer coefficient than the cross flow heat exchanger.
Furthermore, the overall size and the air pumping power of the countercurrent flow heat
exchanger are lower than those in the cross flow heat exchanger. Several suggestions
and recommendations are highlighted.

Paper S

Due to the increasing power requirement and the limited available space in the vehicles,
a countercurrent heat exchanger (HEX) is proposed for the position on the roof of the
vehicle compartment. Furthermore, a new material, graphite foam with high thermal
conductivity and low density, is a potential material for HEXs in vehicles. In order to
evaluate the performance of the graphite foam HEX, the CFD computational fluid
dynamics (CFD) approach is applied in a comparative study of the graphite foam and
the aluminum HEXs at countercurrent flow condition. The analysis is conducted for the
thermal performance (heat transfer coefficient) and the pressure loss. The simulation
results show that the graphite foam HEX provides higher thermal performance than the
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aluminum HEX. However, due to the high pressure loss in the graphite foam HEX, the
coefficient of performance in the graphite foam HEX is much lower than that of the
aluminum HEX. A specific case study is carried out to evaluate the performance of the
graphite foam HEX as well. Useful recommendations are highlighted and provided to
promote the development of the countercurrent flow HEXSs in vehicles.

Paper 6

Graphite foam is a kind of favorable material in thermal engineering applications
because of its high thermal conductivity and large specific surface area. However, there
is an associated high flow resistance in the graphite foam resulting from the porous
structure property. In order to reduce the flow resistance and enhance the heat transfer,
dimpled fins could be applied in graphite foam heat exchangers. In this paper, the flow
characteristics and thermal performance of graphite foam dimpled fin heat exchangers
have been investigated numerically through three-dimensional simulations of fluid flow
and heat transfer in graphite foam dimpled fin channels. The local thermal non-
equilibrium model has been applied to analyze the thermal performance of the graphite
foam dimple fin (porous zone), and the Forchheimer extended Darcy’s law has been
employed to consider the air pressure drop through the porous graphite foam. Moreover,
the SST k- turbulence model has been used to capture the turbulent flow
characteristics outside the graphite foam region. The details of the fluid flow and heat
transfer over the dimple fin are presented. The results show that the graphite foam fin
with two sides dimple presents the highest values of the normalized Nusselt number
(between 2.4 and 4.6) and overall thermal performance factor. Furthermore, the graphite
foam dimple fin provides higher effectiveness than the conventional aluminum offset
fin, wavy fin and louver fin concerning energy saving.

Paper 7

Aluminum foams are favorable in modern thermal engineering applications because of
the high thermal conductivity and the large specific surface area. The present study aims
to investigate an application of porous aluminum foam by using the local thermal
equilibrium (LTE) and local thermal non-equilibrium (LTNE) heat transfer models.
Three-dimensional simulations of laminar flow (porous foam zone), turbulent flow
(open zone) and heat transfer are performed by a computational fluid dynamics (CFD)
approach. In addition, the Forchheimer extended Darcy's law is employed to evaluate
the fluid characteristics. By comparing and analyzing the average and local Nusselt
numbers, it is found that the LTNE and LTE models can reach the same Nusselt
numbers inside the aluminum foam when the air velocity is high, meaning that the
aluminum foam is in a thermal equilibrium state. Besides, a high interfacial heat transfer
coefficient is required for the aluminum foam to reach a thermal equilibrium state as the
height of the aluminum foam is reduced. This study suggests that the LTE model can be
applied to predict the thermal performance at high fluid velocities or for the case with a
large height of the foam.
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ABSTRACT

The number of vehicles in use is increasing from year to year.
It causes more fuel/energy to be consumed, and more carbon
dioxide or other exhaust gases are released to the
environment. But the legislations on carbon dioxide
emissions have become stricter than before. In the overall
effort to achieve sustainability, advanced technological
solutions have to be developed to reduce fuel consumption
and carbon dioxide emissions from vehicles. More than half
of the energy in vehicles is lost as heat to the different
cooling systems (engine cooling system, air conditioning,
frictional components cooling) and exhaust gas. Reducing the
amount of energy lost in vehicle cooling systems will
enhance the fuel efficiency of the vehicles. This paper
presents a literature survey of different cooling systems in
vehicles, which includes the engine cooling system, air
conditioning of the compartment, the electronic cooling
system and cooling of frictionally heated parts. The usage of
exhaust gas in some cooling systems is also included. Some
methods or factors are presented for these different cooling
systems. Flow field and thermal management are important
factors in designing the engine cooling system. Whereas the
exhaust gas can be circulated back to the engine, or used for
driving air conditioning units. Reducing the thermal
resistance can improve the electronic cooling performance.
The flow field will affect the cooling of the frictional
components. This literature survey is offering a starting point
for future research in the vehicle cooling systems.

1. INTRODUCTION

In recent years the number of vehicles being used has
constantly increased. Table 1 shows that the number of
registered trucks and buses in selected countries increased
from 179,498 to 266,236 in the years from 1998 to 2007. The

Copyright © 2010 SAE International

increasing number of vehicles causes more energy/fuel to be
consumed and more carbon dioxide and other exhaust gases
to be released to the environment. Table 2 shows the highway
transportation petroleum consumption. Table 3 presents the
emission of carbon monoxide. Meanwhile the price of oil has
also increased a lot. In 2008 the oil price was nearly 80 dollar
per Barrel as shown in Fig. 1. In order to keep the sustainable
development of vehicles, many different alternative fuels are
used, as shown in Table 4. In addition, strong legislations on
emissions are introduced. These force the manufacturers of
vehicles to develop advanced technological solutions to
satisfy the emission standards. According to the legislations
in Europe, the average emission of new passenger cars
registered in the European Union must not exceed 130 g CO,/
km from 2012 onwards [1].

(See Table 1 after last section of paper.)
(See Table 2 after last section of paper.)
(See Table 3 after last section of paper.)
(See Figure 1 after last section of paper.)
(See Table 4 after last section of paper.)

A number of technical development has been introduced in
order to meet the low fuel consumption and low carbon
dioxide emission requirements for vehicles. In [3] some
advanced engine technologies were discussed in view of
reducing emissions. They included improving the combustion
process, using a flexible fuel injection system, high rates of
exhaust gas recirculation (EGR), improving the engine
control systems, charge air and coolant temperature control,
low friction, advanced exhaust gas aftertreatment system,
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recuperation of energy contained in the exhaust gas stream
and so on. More investigation about how to reduce vehicle
emissions can be found in [4,5,6,7].

Concerning the energy distribution (as shown in Fig. 2) in the
vehicle engine, only about one third of the total fuel energy
finally becomes useful work, another one third of the total
energy input is brought away by the coolant of engine cooling
system, and the rest of the energy is lost to the exhaust gases.
If one can reduce the energy wasted in the coolant or the
exhaust gases, one can reduce the fuel consumption and the
carbon dioxide emission, which is proportional to the fuel
consumption. The engine cooling system has to make sure the
engine works at its optimal temperature, which is about 80°C
-90°C. If the engine cooling system can not bring away the
heat quickly, the engine working temperature will increase.
More fuel will be consumed and the life time of engine will
reduce because of the high working temperature in the
engine. If the cooling system brings away the heat too fast,
this will lead to an unnecessary big radiator. In other words,
the size and the weight of cooling system will increase. More
fuel has to be used due to the increasing weight. On the other
hand, a good engine cooling system can reduce the engine
starting and warming up time, in which the engine reaches its
working temperature [8]. A lot of hydrocarbon (HC) and
carbon monoxide (CO) are produced in the starting and
warming up period [9]. Thus it is important to study the
vehicle engine cooling system.

(See Figure 2 after last section of paper.)

On the other hand, one third of the fuel energy is lost to the
exhaust gas. Exhaust gas recirculation (EGR) no only can
reduce the exhaust gas emission but also has some effect on
saving the fuel energy. In the EGR process, a part of the
exhaust gas goes back to the intake manifold. Before entering
the intake manifold, the exhaust gas might be cooled by an
EGR cooler to keep the combustion temperature below
1500°C. Then the reaction between nitrogen and oxygen that
forms NOy is reduced. The cooling extent of the exhaust gas
depends on many factors. The temperature of the circulating
exhaust gas can be higher than the ambient temperature. In
this case, some energy is recovered from the high temperature
exhaust gas in the EGR. Thus fuel energy can be saved by the
EGR process. But if the EGR cooler has a high flow
resistance, the combustion process will become bad and
much fuel has to be consumed. Thus it is necessary to analyze
EGR and EGR coolers.

The last thing to reduce fuel consumption is to optimize the
energy which is converted into useful work. For this part of
the energy, some is converted into the kinetic energy of
vehicles. Another part is converted into thermal energy by the
braking process or transmission (gearbox, bearing) process.
In some vehicles, the compressor of the air conditioning in

the compartment is driven by the engine. If the air
conditioning is optimized, the compressor will consume less
power from the engine. That means the engine can save some
energy. Considering reduction of fuel consumption, it is a
good option to optimize the friction components (brake,
retarder, gearbox, bearing) cooling system and the air
conditioning system.

This paper summarizes some published results about the
cooling systems in vehicles, which include engine cooling
system, EGR cooler, air conditioning, the frictional
components cooling system. Due to the contribution of
electric/hybrid vehicles for reducing fuel consumption, the
electronic equipment cooling system is also included. In this
paper, we will introduce the engine cooling system, EGR/
EGR coolers, air conditioning system, electronic cooling
system and frictional components cooling system (including
brakes, gearbox and bearings) in Sections 2, 3, 4, 5 and 6,
separately. A summary is presented in the final section.

2. ENGINE COOLING SYSTEM

There are two major types of engine cooling systems. One is
the air cooling system, the other one is the liquid cooling
system. Nowadays the air cooling system is only used in
older cars or some modern motorcycles. The liquid cooling
system plays an important role in most automobiles. The
liquid cooling system contains a coolant, a radiator or other
forms of heat exchangers, a radiator cooling fan, one or more
circulation pumps, a thermostat and so on. Figure 3 shows a
standard liquid cooling system for the engine. The radiator is
the heaviest equipment in the engine cooling system. It also
occupies most space in the cooling system. Thus it has to be
analyzed in detail during the optimization of the engine
cooling system. The coolant is also considered here. Thus a
clear comprehension of the cooling system can be given. In
order to optimize the engine cooling system, some
technology will be presented for the whole cooling system.

(See Figure 3 after last section of paper.)

2.1. DIFFERENT COMPONENTS
ANALYSIS

2.1.1. Coolant

The engine coolant brings the excess heat from the engine,
flows into the radiator where the heat is transferred to the
ambient air. Then the coolant is circulated back into the
engine for transporting away more heat. In order to ensure
that the engine can work in cold weather, the coolant must
have antifreezing capability. In this case, the coolant is a
mixture of ethylene glycol and water with the ratio of
50%-50%. Debaun et al. [11] stated that the coolant should
have corrosion protection and cavitation protection.
Meanwhile it should be friendly to elastomer, seal, hose
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compatibility. Because of the increasing power densities, the
vehicle thermal loads had to increase. The coolant flow rates,
turbulence and pressure drops also became serious. These
conditions required improvements of the coolant quality. For
the future, the extended life and extended service intervalled
coolants would take the place of the conventional and
traditional fully-formulated coolant. On the other hand, the
nanotechnology would be used to improve the thermal
conductivities of the coolant. In some case, the engine oil also
dissipates heat from the engine. Abou-Ziyan [12] evaluated
the thermal characteristics of five engine oils at subcooled
boiling conditions. The experimental results showed that the
thermal characteristic of engine oils was affected by the
additive concentration in the engine oil. The oils with large
concentrations of boron, magnesium, phosphorus and zinc
provided good heat transfer properties.

2.1.2. Radiator or heat exchanger

If the coolant was the blood of the engine cooling system,
then the radiator would be the heart of the engine cooling
system. This is to illustrate that the radiator plays a very
important role in the engine cooling system. Due to the space
limitation in vehicles, a compact heat exchanger is a
favorable type as radiators. Cowell et al. [13] introduced
some common constraints for the radiator design.
Compactness, low pressure drop, low weight, low cost and
high volume were considered. The structure of radiators was
described, in which there was an array of tubes to carry the
hot engine coolant with a secondary surface attached to the
outside of the tubes. Meanwhile some methods were
presented to reduce the cost during the radiator
manufacturing. For instance, the brazing process and the
mechanical expansion were good for assembling a radiator.

Experimental or numerical methods are employed to
investigate what kinds of radiator shapes are economic and
efficient. Because of the high cost and the complexity of
experiments, numerical methods are preferred by many
researchers. Oliet et al. [14] used numerical methods to carry
out parametric studies for automotive radiators. The influence
of some geometrical parameters (fin spacing, louver angle
and so on) and the importance of coolant flow lay-out on the
radiator global performance were studied. The results showed
that the air inlet temperature did not affect the overall heat
transfer coefficient Uy (as shown in Fig. 4). On the other
hand the coolant flow regime (Re number) had a relationship
with Uy when coolant fluid or coolant flow arrangement
varied. Fig. 5 shows that Uy was increases with increasing
Re, even under different flow arrangement (1 pass
arrangement (I), 2 pass arrangement (U), 3 pass arrangement
(Upy-3))- When the flow regime was considered acceptable,
the U (2 pass flow arrangement) -flow coolant arrangement
was not as good as I (1 pass flow arrangement) -flow.
Carluccio et al. [15] carried out a numerical study with a
thermo-fluid-dynamic analysis for an air-oil compact cross

flow heat exchanger, which was used in ground vehicles. The
fin configuration is shown in Fig. 6. For the oil side, the
geometry of the offset fins did not cause a high level of
turbulence, which can increase convective mass and heat
transfer. It only increased the surface area. On the air side
three different flow rates were used to estimate the influence
of the air channel geometry. Based on a geometrical
configuration study, it was found that the heat transfer of the
suggested fins (as shown in Fig. 6) can be enhanced twice
compared to the straight triangular fins.
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Fig. 4. Air inlet temperature influence on the overall
heat transfer coefficient (Uy) [14].
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Fig. 6. The first one is the fin shape on the oil side, the
second one is the fin shape on the air side, the last one is
a typical offset strip fin core, for oil side [15].

The major material for a radiator is aluminum or copper, due
to the high thermal conductivity. In 1997 Oak Ridge National
Laboratory developed a new material (graphite foam) with
very high thermal conductivity (1700 W/m.K) and high bulk
apparent thermal conductivity (40-150 W/m.K). The weight
of this foam is only about 1/5 that of aluminum. The open
and interconnected void structure leads to a special surface
area with 5000 and 50000 m2/m3. Klett et al. [16] reported
the properties of carbon foams. Fig. 7 shows the
photomicrographs of the foams. The bubble size affected the
operating pressure. The bulk thermal conductivity was 150
W/m.K and the specific conductivity was six times that of
copper. Klett et al. [17] suggested utilizing graphite foams for
heat exchangers in heavy vehicles. Because of the high
thermal conductivity and the low density (0.47 g/cm?) of
foam, this new heat exchanger was smaller and lighter than
the one made by aluminum or copper. The overall heat
transfer coefficient was 2500 W/mz.K, which was much
higher than the one of the standard automobile radiator (30
W/m2XK). But there was a very high pressure drop inside a
foam heat exchanger or heat sink, because of its alveolate
structure. Leong et al. [18] analyzed four different shapes of a
heat sink as shown in Fig. 8. Highest pressure drop (as shown

in Fig. 9) appeared for block and baffle foams. On the other
hand, the high thermal conductivity capacity of foams only
exists in a special direction. More information about foam
thermal performance can be found in [19-20].

(See Figure 7 after last section of paper.)

(c) (d)

Fig. 8. Test graphite foam heat sinks of (a) block, (b)
staggered, (c) baffle and (d) zigzag configurations [18].
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Fig. 9. Pressure drop versus inlet flow velocity of air flow
through tested configurations [18].

For the radiator, it is very important to find a suitable
manufacturing method, which can reduce the cost and
improve the heat transfer performance. Witry et al. [21]
introduced an aluminum roll-bonding technique for
producing automotive radiators. Fig. 10 shows such an
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aluminum roll-bonding design. This method was one of the
cheapest methods for heat exchanger manufacturing. For this
kind of radiator, the internal heat transfer increased because
of the repeated impingement against the dimple obstructions.
The heat transfer also increased for the external flow because
of the wider and wavy nature of the surface area. As a whole,
higher heat transfer levels, lower pressure drop levels, lower
overall vehicle drag, smaller size radiators and cheaper
manufacturing were the strengths of the roll-bonding heat
exchanger design.

Fig. 10. Partial dimple plate geometry [21].

2.2. ANALYSIS OF THE WHOLE
ENGINE COOLING SYSTEM

It is useful to analyze the different components of the engine
cooling system separately. But an overall comprehensive
investigation of the whole engine cooling system would have
high possibility to identify the key factors that affect the fuel
consumption. Computer simulation is a good tool to
understand the cooling performance of a whole cooling
system. Kim [22] developed a 3D CFD program to analyze
the performance of the vehicle cooling system. Fig. 11
presents the simulation results of flow field around the
vehicle. The simulated air speed in front of the radiator only
deviated 7.9 % from the test data. The coolant inlet
temperature had a linear relationship with the radiator
performance. The partial displacement fan or the increased
fan power at high speed had no impact on the coolant inlet
temperature. Zheng et al. [23] introduced the finite-element
method to calculate the thermal field so that the hot spot(s)
can be found and the cooling system of the 4QT (a four-
quadrant transducer) can be investigated. The result showed
that the stator windings were mostly dependent on the water
cooling system. However, the forced-air cooling had
influence on the inner rotor winding temperature.

Fig. 11. “a” shows the contours of the air velocity in the
vehicle model, “b” shows the air particle traces through
a vehicle model [22].

2.2.2. Important aspects of the performance of
engine cooling systems

Some aspects have great influence on the fuel consumption in
vehicles. These include the flow field and the thermal
management.

2.2.2.1. Flow field

The flow field caused by the movement of the vehicle affects
the engine cooling performance. It also has influence on the
fuel consumption by the mode of flow resistance. Jurng et al.
[24] performed a two-dimensional simulation to analyze the
characteristics of the cooling air through the radiator and the
engine. The two-dimensional computation was not an
excellent tool for predicting three-dimensional flow field. But
it was a fast and efficient tool for predicting the flow rate of
the cooling air through the radiator. Park et al. [25] also
carried out a computer simulation to analyze the thermo-fluid
performance of an engine cooling system. There was a good
agreement between the simulation and experimental methods
for predicting the radiator thermal performance, as shown in
Fig. 12. On the other hand, Fig. 13 shows the different
changing directions for the engine coolant temperature and
the radiator downstream air temperature when the vehicle
speed was changing.
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Fig. 12. Variation of coolant flowrate with engine outlet
coolant temperature [25].
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Fig. 13. Variation of coolant temperature with vehicle

speed [25].

2.2.2.2. Thermal management

A good thermal management of the engine cooling system
can extend the life of the engine and the life of the
components in the engine cooling system. Also it has impact
on the fuel consumption and carbon dioxide emissions.
Electrical components in the engine cooling system have
great importance in reducing the power consumption in
vehicles, compared to the mechanical ones. Staunton et al.
[26] carried out a study to compare several advanced thermal
management systems topologies. Fig. 14 shows a thermal
management system with an array of small electrical fans
instead of one mechanical fan. The results showed that 17
kW power was saved in the micro-hybrid vehicle, when the
engine cooling system was fully electrified. 14.5 kW was
saved in the standard diesel vehicle. Cho et al. [27] studied
the benefit of a controllable electric pump for the cooling
performance and the pump operation. By using an electric

pump, the power consumption could be decreased more than
87 %, compared to a mechanical pump. Additionally, the
radiator size could be reduced by more than 27 % as an
electric pump was used. There are some other methods for
thermal management. Staunton et al. [28] studied the
difference in thermal loads for the parallel and series
drivetrains. It was found that optimizing the cooling fan
arrangement and duty cycle can save energy potentially.
Salah et al. [29] used a set of servo-motors based cooling
system components by a Lyapunov-based nonlinear-control
technique. The engine block was maintained at the appointed
temperature by the controller. At the same time the power
consumption was minimized. According to thermodynamic
principles and parameter identification techniques,
Vermillion et al. [30] developed a dynamic model for the
thermal management system involving heat exchangers and
heaters.

(See Figure 14 after last section of paper.)

3. EGR/EGR COOLER

One third of the engine energy is lost to the exhaust gas.
Reusing the exhaust gas has a great potential to reduce the
fuel consumption. Thus EGR is a good option to achieve this
goal. Hountalas et al. [31] used 3D multi-zone model to study
the influence of the EGR temperature in a turbocharged DI
diesel engine on performance and emissions. It was found
that the EGR at high temperature had a negative influence on
the brake specific fuel consumption and soot emission.
However, EGR cooling had a positive influence on reducing
NOy and soot emission. At high EGR rates and low engine
speed, the EGR cooling was more important. The cooler was
very important for the performance of the EGR. Abu-
Hamdeh [32] used spiral fin heat exchanger pipes for the
EGR cooling. As shown in Fig. 15, some part of the exhaust
gas was cooled by the heat exchanger pipes before it
circulated back to the engine. The intake charge temperature
was decreased by using heat exchanger pipes. Because of the
heat exchange, the O, and CO, were reduced in the exhaust
gases, while the CO was increased. The cooled EGR also
reduced the percentage of NOy. Huang et al. [33] carried out
a numerical simulation to investigate the flow field and
temperature distributions inside an EGR cooler. The
improved cooler with a helical baffle in the cooling area not
only extended the water flow path but also strengthened the
swirl flow. Hendricks et al. [34-35] developed an analysis
tool to integrate the heat exchanger/thermoelectric power
system, so that the influence of heat exchanger and
thermoelectric power generator performance would be
studied in vehicle waste heat recovery applications. Chen et
al. [36] proposed a CO; bottoming system to utilize the low-
grade energy in the vehicle exhaust gas. About 20 % of the
energy in the exhaust gas can be converted into useful work,
when the gas heater pressure was 130 bars and the expansion



Downloaded from SAE International by Lund University, Friday, January 17, 2014 04:40:42 AM

inlet temperature was 200 °C. As the gas heater pressure was
increased to 300 bars, only 12 % of the exhaust gas energy
was converted to useful work.

(See Figure 15 after last section of paper.)

4. AIR CONDITIONING

4.1. SIMULATIONS AND
EXPERIMENTAL ANALYSIS

Air conditioning is an important system in a vehicle. It
includes a laminated type evaporator, a swash plate type
compressor, a parallel flow type condenser, a receiver driver
and an externally equalized thermostatic expansion valve.
The air conditioning offers comfortable environment for
passengers or drivers, so that the passengers can enjoy their
travelling or the drivers can focus on driving without
interaction from the high or low ambient temperature.

Providing thermal comfort is the crucial function of the air
conditioning system. Thus it is important to consider the
thermal comfort during the optimization of the air
conditioning system. Zhang et al. [37-38] used the FLUENT
software to carry out a 3D simulation of temperature
distributions and flow field in a compartment with or without
passengers. Fig. 16 shows the simulated temperature and
velocity distribution without passengers. Fig. 17 shows the
simulation with four passengers (chest position). It was found
that the thermal comfort was affected by the number of
people in the compartment under given conditions. The
results also showed that a better flow field can improve the
uniformity of the temperature field inside the compartment.
Saiz Jabardo et al. [39] developed a steady state computer
simulation model for refrigeration circuits of automobile air
conditioning systems. The evaporator return air temperature
affected the refrigeration capacity greatly. On the other hand,
the condensing and return air temperatures and compressor
speed had a linear relationship with the refrigeration capacity,
mass flow rate and coefficient of performance (COP). The
deviations between the simulated results and the experimental
data was about 10 %, the maximum value was 20 %. Lee et
al. [40] carried out a performance study for different
components in an automobile air conditioning system. The
study showed that an overcharge of 10 % proved to have high
COP under different operating conditions. But above 10 %
overcharge, the COP dropped down. Trzebinski et al. [41]
presented a thermodynamic analysis of a car air cooler. The
decrease of the refrigerant charge caused a reduction of the
COP. For the system with a thermostatic controlled
expansion valve and a controlled compressor, the value of
COP was reduced more than the one in non-controlled
system.

(See Figure 16 after last section of paper.)

(See Figure 17 after last section of paper.)

Not only simulations but also some experimental analysis
have been presented for the automotive air conditioning
system. Ratts et al. [42] applied the second law of
thermodynamics to quantify the thermodynamic losses in
different components of an automotive vapor-compression
refrigeration system. They found that compressor cycling and
thermal dissipation in the condenser were the biggest sources
of losses. By increasing the compressor cycling, the
isentropic efficiency of the compressor decreased. Kaynak et
al. [43] proved that the increase of the condenser temperature
and compressor speed would cause an increase of the cooling
capacity. Meanwhile the increase of the air inlet temperature
in the evaporator would enhance the evaporator cooling
capacity.

4.2. STRATEGIES TO REDUCE FUEL
CONSUMPTION

Some vehicle engines not only provide the power for the
vehicle movement, but also provide the power to drive the
compressor of the air conditioning in compartment. It is a
good option to consider the air conditioning together with
engine cooling system. Qi et al. [44] combined the air
conditioning system with the engine cooling system. A
vehicle climate control system model was developed for
different operational conditions. It was found that the air
conditioning system was affected by the engine cooling
system. The value of COP in the air conditioning system was
reduced about 10 %, when the air conditioning was combined
with the engine cooling system. Meanwhile due to the
changes of heat duty of the air conditioning system, the exit
temperature of the condenser was high. Kim et al. [45]
considered the relationship between a fuel cell stack cooling
and air conditioning. With the aid of air conditioning, the heat
release from the fuel cell stack could be increased up to 36 %
compared to a conventional radiator cooling system without
cabin cooling.

Based on reuse of the exhaust gas energy which makes up
nearly 30 % of the total vehicle energy consumption, an
absorption cooling system was developed for the air
conditioning in vehicles. Mostafavi et al. [46] established a
thermodynamic model for a combination of a diesel and
absorption refrigeration unit. Enough energy can be obtained
from the exhaust gas to operate the absorption cooling system
for the air conditioning. The cooling performance depended
on the cycle configuration in terms of temperature ratio and
pressure ratio. Zhang et al. [47] set up a new lumped
parameter non-equilibrium model to study the dynamic
performance of an absorption cooling system. The results
showed that the specific cooling power (SCP) was more
sensitive than COP, coefficient of waste heat recovery
(WCOP) and coefficient of waste heat cooling (WCOE). In
the current absorption cooling system, the requirement of
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WCOP can be satisfied, but SCP was not satisfied. Talbi et al.
[48] carried out a theoretical analysis for four different
configurations of a combined turbocharged diesel engine and
an absorption refrigeration unit. The diesel absorption with
pre-inter cooling had a higher power output and a thermal
efficiency compared to the other configurations. Zhang [49]
described an experimental test for absorption cooling
systems. The COP of the system was 0.38, and the SCP was
25.7 W/kg. Additional literature about the absorption cooling
system driven by exhaust heat can be found in [50,51,52,53].

5. COOLING OF ELECTRONICS AND
ELECTRIC EQUIPMENT

Considering saving energy and protecting the environment,
many electric vehicles and hybrid electric vehicles (HEV) are
used nowadays and their number will be increased in future.
Some equipment need to be cooled in a hybrid vehicle. As
shown in Fig. 18, the major electric equipment include
inverters, batteries and motors. Because of the low working
temperature of batteries (i.e., the working temperature of Li-
ion battery is 55°C) and the high power density in inverters
(about 150-200 W/cm?), the cooling problems block the
development of electric vehicles or hybrid electric vehicles.
Thus the cooling electric equipment will play an important
role in promoting the application of electric vehicles and
hybrid electric vehicles, which are efficient in reducing fuel
consumption and CO, emission.

o —— Fuel

Tank
— Batteries’
Energy Storage
IC Engine
Radiator

Fig. 18. Propulsion system components for a hybrid
vehicle [54].

Advanced cooling techniques are used for electronics cooling
in vehicles. Liang et al. [55] developed a direct cooling
module for the inverter cooling, and compared it with the
conventional water cooling module. The different structures
of the direct cooling module and the conventional water
cooling module are shown in Fig. 19. The thermal resistance
between the inverter case and heat sink was reduced in the
direct cooled module. A homogeneous temperature
distribution was achieved on the chips. Meanwhile the
temperature difference between different phase units was

small. Buttay et al. [56] also approved that the direct cooling
(i.e., without a heat spreader or base-plate) can reduce the
total thermal resistance between junction and ambient up to
40 %, compared to the conventional module. A light and
compact inverter can be achieved by the direct cooling
method. Ayers et al. [57] used the refrigerant R- 134a as the
cooling fluid for the electronic equipment in an HEV cooling
system. This cooling fluid can be used in the air conditioning
system separately. The volume of the inverters can be
reduced more than 50 % and the power of the inverters was
still kept at a high level. Sabbah et al. [58] compared the
passive cooling by phase change materials (PCM) with the
active (forced air) cooling for a compact Li-ion battery pack.
The results showed that, when the current increased to 10 A
and the ambient temperature was 45 °C, the active cooling
did not keep the battery temperature below the working
temperature of 55 °C, while the passive cooling had no
problem to keep the battery temperature below 55 °C, as
shown in Fig. 20. On the other hand, additional fan power
was required for the active cooling. It was difficult to get
uniform temperature on the battery by the active cooling.
This affected the lifetime of battery. Additional literature on
electronic cooling can be found in [59,60,61].

(See Figure 19 after last section of paper.)
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Fig. 20. Comparision of cooling systems based on
volume averaged cell temperature at 10 A, T,,,, = 45°C

1381.

6. COOLING SYSTEMS FOR
FRICTIONAL COMPONENTS

There are some frictional components (i.e., brake rotor,
retarder, bearings and gearbox) in a vehicle. Some part of the
energy from the fuel consumption in a vehicle is lost to these
components due to the action of friction. To reduce this
energy loss, it is necessary to carry out a thermal analysis for
these frictional parts in the vehicle.
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With the rapid development of modern automobile
technology and highway construction, vehicle speed is
increasing and braking load of vehicles is larger than before.
Thus a more powerful brake system is required to ensure the
vehicle safety and reliability. The brake rotor generates an
opposing torque to a shaft in order to decelerate the vehicle.
During the braking process, kinetic energy is converted into
thermal energy. Normally the air circulating through the
brake rotor can provide the cooling function. McPhee et al.
[62] studied a brake rotor in which there were radial fins
between the braking surfaces. In this case, some passages
were formed to facilitate the air flow for cooling. The
detailed structure is shown in Fig. 21. Experimental and
analytical methods were used to study the heat transfer and
flow field of the brake rotor. It was found that the internal
convection varied linearly with the rotor rotational speed. The
volume flow rate varied also linearly with the speed. But
there was no direct relationship between internal heat transfer
coefficients and volume flow rate. Newcomb et al. [63]
studied the thermal performance of oil-immersed brakes. The
oil-immersed brakes extended the energy range and met the
increasing cooling requirement which was caused by the
increasing vehicle load and speeds. Kubota et al. [64] carried
out a parametric study which included an analysis of the
airflow through the ventilation holes and a thermal stress
analysis as well as a vibration analysis during braking. A
lightweight brake rotor was developed and improvements in
all areas of the performance were gained. Much energy in the
vehicle is lost due to the heat generating from the braking. If
one understands well the thermal process taking place during
braking, maybe one would find out how to reduce the energy
lost in braking or reuse some energy from the braking. In the
end one may enhance the vehicle fuel efficiency.

sinlet 3
L
s 16.50 » outlet
" Ta6s
-':l 75
%

l- l All Dimensions in Millimeters
028195 37 Radial Fins

Fig. 21. Brake rotor geometry and thermocouple
placement [62].

In cities or mountain area, the vehicles need to brake or
reduce the speed frequently. This requirement is difficult to
satisfy only by a brake rotor. Using a retarder can solve this
problem. There are four types of retarders: exhaust type,

engine type, hydraulic type and eddy current type. Lai et al.
[65] presented a discussion of the structure and working
principles of an eddy current retarder. Tan et al. [66] used an
oil-water-exchanger for cooling a hydraulic retarder. The oil-
water-exchanger can extract heat from the retarder in time,
when the retarder is working. But there was one problem, if
the oil-water-exchanger leaked, it would pollute the cooling
system. Some patents about the retarder cooling were
invented. Gazyakan et al. [67] invented a retarder system
with a transmission oil circuit for lubrication and a retarder
cooling circuit whose coolant was oil. Enlund et al. [68]
invented a cooling system for a vehicle equipped with a
retarder. The retarder cooling circuit, which was arranged in a
circuit parallel with the radiator, incorporated a retarder
cooler and an extra cooling medium pump.

There are some other frictional components in vehicles, for
instance bearings and gears. Lubrication is important for
these components, not only because of lubrication function
but also due to the cooling functions. Henk et al. [69]
investigated the fluid flow in gear lubrication in order to
optimize the gear box design and explain the mechanism of
heat dissipation and power losses. Michaelis et al. [70]
analyzed the effect of geometric parameters on the friction
losses and cooling oil requirement for bearings and gears.
Gear geometry was developed and some of the lost energy
was saved.

7. SUMMARY AND CONCLUDING
REMARKS

About 70 % fuel energy in vehicles is lost to the cooling
systems, which include the engine cooling system, the
exhaust gas, other frictional components (i.e., brake rotor),
and so on. To find out opportunities to reduce the fuel
consumption and carbon dioxide emission in vehicles, a
literature survey concerning different cooling systems was
carried out. Some important/useful results are shown as
follows:

(1). Engine cooling system keeps the engine work at an
optimized temperature with minimized fuel consumption. A
radiator is the most important component in the engine
cooling system. Compactness, low pressure drop, low cost
and new material should be considered in the radiator design.

(2). In 10-20 years, the combustion process still will be the
major method for generating power in vehicles. Even though
EGR has a little effect on reducing the fuel consumption, it
plays an important role in reducing emissions. An EGR
cooler promotes the EGR application due to the reduced NOy
emission.

(3). Absorption cooling is a good option for reusing the
exhaust gas energy to drive the air conditioning system for
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the compartment. However, the COP of the absorption
cooling is very low.

(4). Electronic cooling system becomes important because of
the electric/hybrid vehicles utilization. However, some
electronic equipment have very low working temperature. For
instance, the working temperature of a battery is about 55 °C.
So some new cooling methods have to be used (i.e., using
phase change material as a coolant in the battery cooling
system).

(5). With increasing vehicle power, much heat is generated
in the frictional components. The air around the frictional
components can not supply enough cooling. A separate
cooling system has to be developed to bring away the
frictional heat.

The design of the engine cooling system will become more
difficult because of the increasing power and the space
limitation in vehicles. The radiator size will be increased so
that more heat can be brought away from the engine. But the
space inside a vehicle is limited. For future work, much
consideration will be given to the radiator design and the
arrangement. In addition, the EGR cooler will be studied too,
because of the potential of reducing fuel consumption and
emission in vehicles.
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NOMENCLATURE

Fin pitch [m]

b

Half dimension triangular section [m]
hconve

Convection heat transfer coefficienct [W.m 2.K 1]
h'

Plate spacing in offset strip fin [m]
I

1 pass flow arrangement
It

Fin length in offset strip fin [m]
m’,

Air mass flow [kg.s7!]
R

Radius [m]
Re

Reynolds number
R-134a

Refrigerant
s

Fin thickness [m]
t

Angle [rad]

Tamb

Ambient temperature [°C]

U
2 pass flow arrangement
u
Air velocity [m.s™1]
Uby-3
3 pass flow arrangement
Uy
The overall heat transfer [W.m 2K 1]
¢
Fin metal thickness in offset strip fin [m]
AP
Pressure drop [Pa]
Abbreviations
co
Carbon monoxide
cop
The coefficient of performance
CO,
Carbon dioxide
EGR
Exhaust gas recirculation
E85
A mixture of up to 85% denatured fuel ethanol and
gasoline or other hydrocarbon by volume
GDP
Gross domestic product
HC
Hydrocarbon
HEV

Hybrid electric vehicle
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IC
Internal combustion
J
Junctions
M
Microcracking
PCM
Phase change material
P2
Opening 2
SCp
The specific cooling power
WCOE
Coefficient of waste heat cooling
wCop

Coefficient of waste heat recovery
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Fig. 1. Oil price and economic growth, 1970-2008 [2].

Fig. 2. Energy distribution in a vehicle
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Fig. 7. Photomicrographs of the foams [16].
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Fig. 14. Left side shows a schematic of a standard diesel engine cooling system, right side shows a fully electric advanced
thermal management systems [26].
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Fig. 16. Left side shows the temperature distribution of the copilot side surface (z=-0.35 m), right side shows velocity
distribution of the copilot side surface (z=-0.35 m) [38].
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Fig. 17. Left side shows temperature distributions of chests (Y=-0.6 m) on horizontal plane, right side shows velocity
distributions of chests (Y=-0.6 m) on horizontal plane [3§].
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Fig. 19. Left side shows a conventional water cooling module, right side shows a direct cooled module [54].

Table 1. Truck and bus registrations for selected countries, 1998-2007 [2] (thousands)

Year

1998

1999

2000

2001

2002

2003

2004

2005

2006

2007

1998-2007

China
8313
9400
9650
10212
10500
17222
19800
21750
24000

26336

13.2%

India
2610
3000
2390
2663
3535
4025
4190
4415
4850

5327

7.1%

Japan
20919
20559
20211
19985
17714
17312
17012
16734
16731

16505

Average annual percentage change

-2.6%

France

5500

5609

5753

5897

5984

6068

6139

6198

6230

6297

1.7%

UK

3169

3412

3487

3569

3696

3943

4041

4164

1.3%

Germany
4357

3370

3592
3508
3541
3540
3133
2766

2837

-0.9%

Canada
3694
122
739
729
724
740
745
786
841

872

-11.9%

USA

79062

86640

85579

87969

91120

95262

98576

104788

109596

113477

3.6%

World total
179498
188367
203273
207033
210776
223729
233537
245798
256222

266236

3.3%
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Table 2. Highway transportation petroleum consumption by mode, 1970-2007 [2] (thousands of barrels per day)

Year

1997

1998

1999

2000

2001

2002

2003

2004

2005

2006

2007

1997-
2007

Cars

4559

4677

4780

4766

4798

4923

4866

4919

5050

4893

4850

0.6%

Light
trucks

3222
32902
3448
3453
3491
3602
3963
4137
3840
3959

4032

2.3%

Light vehicles
subtotal

7781
7969
8228
8219
8290
8525
8829
9055
8890
8852

8883

Motor-
cycles

13
13
14
14
13
12

12

12
14

16

Buses

91

93

96

98

93

91

90

92

93

94

92

Heavy
trucks

1949
2012
2212
2298
2295
2401
2334
2162
2426
2476

2515

Average annual percentage change

1.3%

2.1%

0.1%

2.6%

Highway
subtotal

9834

10086
10550
10630
10690
11029
11265
11323
11422
11436

11505

1.6%

Total
transportation

11777
12061
12639
12792
12672
12938
13108
13344
13537
13605

13710

1.5%
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Table 3. Emissions of carbon monoxide from highway vehicles, 1970-2005 [2] (million short tons)

Source category 1970 1980 1990 1995 2000 2005 Percent of total, 2005

Gasoline powered

Light vehicles & motorcycles 1194 9821 6724 4654 3640 2419 50.2%
Light trucks 2227 2883 3223 2981 2704 21.19 43.9%

Heavy vehicles 2127 1535 892 596 342 197 4.1%

Total 162.68 14239 108.39 8231 66.86 4735 98.2%

Diesel powered

Light vehicles 0.01 0.03 004 002 001 001 0.0%
Light trucks 0.06 0.05 0.03 0.02 0.01 0.01 0.0%
Heavy vehicles 0.49 1.36 1.81 .53 1.19 0.85 1.8%
Total 0.56 1.43 1.87 157 120 0.87 1.6%
Total
Highway vehicles total 163.23 143.83 110.26 83.88 68.06 48.22 100.0%

Percent diesel 03% 1.0% 1.7% 19% 18% 1.8%




Downloaded from SAE International by Lund University, Friday, January 17, 2014 04:40:42 AM

Table 4. Alternative fuel consumption, 2003-2007 [2] (th d of gasoline-equivalent gallons)
2003 2004 2005 2006 2007
Liquified 224697 211883 188171 173130 152360
petroleum gas
Compressed 133222 158903 166878 172011 178585
natural gas
Liquified natural 13503 20888 22409 23474 24594
gas
E85- 26376 31581 38074 44041 54091
Electricity* 5141 5269 5219 5104 5037
Hydrogen 2 8 23 41 66
Biodiesel 18220 28244 91649 260606 ‘
Other 0 0 2 2 2
Total 421161 456766 512427 678409 ¢

a: Consumption includes gasoline portion of the mixture;

b: Vehicle consumption only, does not include power plant inputs;

c: Data are not available.
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Abstract: Due to the increased power consumptions in equipment, the demand of effective cooling methods
becomes crucial. Because of the small scale spherical pores, graphite foam has huge specific surface area.
Furthermore, the thermal conductivity of graphite foam is four times that of copper. The density of graphite foam
is only 20 % of that of aluminum. Thus, the graphite foam is considered as a novel highly - conductive porous
material for high power equipment cooling applications. However, in the commercial market, aluminum and
copper are still the preferred materials for thermal management nowadays. In order to promote the graphite foam
as a thermal material for heat exchangers, an overall understanding of the graphite foam is needed. This paper
describes the structure of the graphite foam. Based on the special structure, the thermal properties and the
flowing characteristics of graphite foam are outlined and discussed. Furthermore, the application of graphite
foam as a thermal material for heat exchangers is highlighted for electronic packages and vehicle cooling
systems. The physical problems and other aspects, which might block the development of graphite foam heat
exchangers, are pointed out. Finally, several useful conclusions and suggestions are given to promote the
development of graphite foam heat exchangers.

Keywords: Graphite foam, heat exchanger, thermal management

1. Introduction

Nowadays the power of equipment is increased. For instance, the power of computer chips is
increased, and the power of vehicle engines is also increased. This increased power leads to a
requirement of an effective cooling method. Currently the thermal management has focused
on aluminum and copper heat exchangers, because of high thermal conductivity (180 W/(m.K)
for aluminum 6061 and 400 W/(m.K) for copper). However, when the density is considered,
the specific thermal conductivity of aluminum or copper (thermal conductivity divided by
specific gravity) is only 54 and 45 W/(m.K), respectively. Thus, when the weight is a
significant factor, it is necessary to introduce a thermal material with low density, high
thermal conductivity and large specific surface area.

An efficient thermal management method is the utilization of microcellular foam materials
such as metal or graphite foams, based on the enhancement of heat transfer by huge fluid-
solid contact surface area and the fluid mixing. An example of graphite foam application was
developed at Oak Ridge National Laboratory (ORNL) in 1997. Klett et al. [1] found that the
thermal conductivity of the solid component of graphite was as high as 1700 W/(m.K), which
was around four times that of copper. The effective thermal conductivity of graphite foam
was more than 150 W/(m.K), which was higher than the value of aluminum foam (2 - 26
W/(m.K)). On the other hand, the density of graphite foam was 0.2 - 0.6 g/cm’, which was
only 1/5 of that of aluminum. The specific surface area was between 5000 and 50000 m?*/m’.

Because of the high thermal conductivity, low density and large specific surface area, the
graphite foam is recognized as an appropriate material for the thermal management. It is
primarily focused on the electronic power heat sinks. A large number of studies have been
carried out to analyze graphite foam heat exchangers. However, in the commercial market of
heat exchangers, aluminum and copper are still the preferred thermal material. Thus, there are
several problems blocking the development of graphite foam heat exchangers. Otherwise the
graphite foam heat exchangers would be easily found in the market.
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In order to promote the development of graphite foam as a thermal material for heat
exchangers, this paper will present an overall view or conception about graphite foam heat
exchangers. Firstly, the structure of graphite foam is introduced in Section 2. Based on the
structure of graphite foam, the thermal properties and flow characteristics of graphite foam
are explained in Section 2 as well. After that, the application of graphite foam heat exchangers
is outlined in Section 3. In Section 4, potential problems blocking the development of graphite
foam heat exchangers are pointed out. Based on the review and analysis, several useful
conclusions and suggestions are highlighted in Section 5.

2. Structures and properties of graphite foam

2.1. Structures

Carbon foams were first developed in the late 1960s as reticulated vitreous (glassy) foam [2].
The initial carbon foams were made by pyrolysis of a thermosetting polymer foam to obtain a
carbonaceous skeleton or reticulated vitreous carbon (RVC) foam. A blowing technique or
pressure release is utilized to produce foam of the pitch precursor. Then the pitch foam is
stabilized by heating in air or oxygen for many hours to cross-link the structure, and 'set' the
pitch. In this case, the foam does not melt during the further heat treatment. However,
stabilization can be a very time consuming and expensive process depending on the pore size.
So ORNL [3] developed a new, little time consuming process to fabricate pitch - based
graphitic foams without the traditional blowing and stabilization steps. This new foam is
believed to be less expensive and easier to fabricate than the traditional foams.

Klett et al. [1] gave an overall view of the structure of the new graphite foam. The average
pore diameter is from 275 to 350 um in the ARA24 - derived foams. The scanning electron
micrographs of fracture surfaces, which reveals the pore structure of the ARA24 - derived
foams heat - treated at 1000 “C, are shown in Fig. 1. Inside the foam, there are many spherical
pores with small openings. These pores are three - dimensionally interconnected.

=2 i 4 'r o
Fig. 1. Photomicrographs of the foams produced from Mitsubishi ARA 24 pitch at different densities A
< B (P1: opening pore; M: microcrack; J: junction; L: ligament)[1].

2.2. Thermal properties of graphite foam

Because of the special structure of graphite foam, there are several prominent thermal
properties in the graphite foam. The graphite foam made by the ORNL process exhibits high
effective thermal conductivity (up to 182 W/(m.K)) and low density (0.2 -0.6 g/cm’). The data
in Table 1 show that the thermal conductivity in the z — plane is much larger than the one in
the x — y plane. It implies that the high thermal conductivity of the graphite foam only exists
in a certain direction. This is a disadvantage of the graphite foam. Klett et al. [4] found out
that the heat inside the graphite lattice was transferred down the graphite lattice fast, because
of the very stiff nature of the covalent bonds (as shown in Fig. 2). Moreover, the position and
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vibration of atoms in the neighboring planes may impede the vibration of atoms in the plane
of interest. The crystal perfection controls the thermal performance. In order to achieve high
thermal conductivity in the graphite crystal, the structure must be comprised of aligned,
straight grapheme planes, and so on.

Table 1. Properties of various graphite foams made by the ORNL method compared to Poco Foam[4].

Graphitiza Average z -Plane thermal x-y Plane
-tionrate  bulk density  conductivity k, thermal
(*C/min) (g/em’) (W/(m.K)) conductivity kyy
(W/(m.K))
ORNL graphite foam (A) 10 0.45 125 41
ORNL graphite foam (B) 1 0.59 181 60
PocoFoam™ - 0.61 182 65

Fig. 2. Planar structure of hexagonal graphite [4].

On the other hand, Yu et al. [5] presented a model which was based on sphere - centered and
interconnected unit cubes. The effective thermal conductivity was proved to be a function of
the porosity of the graphite foam. Tee et al. [6] used a tapered, anisotropic strut model to
predict the overall thermal conductivity of the porous graphite foam. When the size of the
foam pores was increased, the convective heat transfer coefficient of the foam was reduced.
By using graphite foams as the heat sinks, the enhancement of the convective heat transfer
was not only because of its open and inter-connected pores, but also due to its high thermal
conductivity and the extremely large surface areas. Furthermore, Straatman et al. [7] validated
that the optimal thickness of graphite foam was 3 mm based on the thermal performance.
Meanwhile the heat transfer increase was 28 % at low Reynolds numbers (150000). However,
at high Reynolds number, the increase of the heat transfer was only 10 %.

2.3. Pressure drop of graphite foam

Graphite foam has a very high thermal conductivity, but it also has very high pressure drop,
due to the large hydrodynamic loss associated with the open pores in the graphite foam [8].
Leong et al. [9] investigated pressure drop of four different configurations of graphite foams
(as shown in Fig. 3). The pressure drops of these four configurations of graphite heat sinks are
shown in Fig. 4. For the same inlet flow velocity, the block and baffle foams present the
highest and the lowest pressure drop, respectively. On the other hand, Lin et al. [10] approved
that the pressure drop through the corrugated passages could be reduced significantly while
maintaining a high heat transfer coefficient. As shown in Fig. 5, for forced convection, the air
is forced to go through a thin porous wall of graphite foam. Due to the short flow length
inside the graphite foam, the pressure drop could be reduced greatly.

2.4. Advantages and disadvantages

Based on the special microscopic structures in graphite foams, the advantages of these
materials can be summarized:
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(1) High thermal conductivity (thermal conductivity of solid graphite is 1700 W/(m.K), and

the effective thermal conductivity of graphite foam is more than 150 W/(m.K));
(2) Low density (0.2 to 0.6 g/cm’);

3) High specific surface area (5000 to 50000 m*/m’ ;
gh sp

On the other hand, there are some disadvantages for the graphite foam materials:
(1) High thermal conductivity only exists in a certain direction;

(2) Due to the small scale pores and complex structures of the foam, the pressure drop
through graphite foam is very high.

le} id)

Fig. 3. Tested graphite foam heat sinks of (a) block, (b) staggered, (c) baffle and (d) corrugated
configurations [9].
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Fig. 4. Pressure drop versus inlet flow velocity of air flow through tested configuration [9].

3. Applications of graphite foams

Due to the high thermal conductivity, low density and large specific surface area, the graphite
foam is a good thermal material for heat exchangers or heat sinks. The major applications of
graphite foam as materials for heat exchangers are: electronic package cooling, vehicle
cooling systems, energy storage systems, and others.
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3.1. Electronic package cooling

Because of the large internal interfaces and the high thermal conductivity, the usage of
graphite foam is considered as an effective cooling method to dissipate the high heat flux in
electronic equipment. Furthermore, the coolant of electronic equipment can be air instead of
water, due to the high thermal conductivity of graphite foam. The removal of water can avoid
shorting the circuitry of electronic equipment by water leakage.

Gallego et al. [11] demonstrated that the foam-based heat sink can be used to reduce the
volume of the required cooling fluid or eliminate the water cooling system altogether. In
terms of thermal performance, the graphite foam is much better than the aluminum.
Meanwhile, the graphite foam heat sinks respond to transient loads faster than the traditional
aluminum heat sinks. This response time may be crucial for the power electronics. Williams
et al. [12] investigated several different channel - insert configurations as mini - heat
exchangers by using both copper fins and graphite foams. The graphite foam was proved to
have strong potential as a mini - heat exchanger.

On the other hand, the usage of thermosyphons in the thermal management of electronics is
established and the methods for evaporator enhancement are of interest. Gandikota et al. [13]
investigated the cooling performance of graphite foams for evaporator enhancement in
thermosyphons and in pool boiling with FC-72 as the operating fluid. The exhibited thermal
resistance was very low, averaging at about 0.024 K/W at low heat flux. The thermal
resistance rose with increasing heat flux, but still remained very low. Lu et al. [14] used the
graphite foam as a wick in a vapor chamber. With ethanol as the coolant, the vapor chamber
(25 mm x 25 mm x 6 mm) had been demonstrated at a heat flux of 80 W/cm” The results
showed that the performance of a vapor chamber using graphite foam was about twice that of
one using a copper wick structure. Furthermore, Coursey et al. [15] found that 149 W heat
load could be dissipated from a 1 cm® heated base at the operating temperature of 52 ‘C, by
usage of a graphite foam thermosyphon evaporator.

3.2. Vehicle cooling systems

Another important utilization of the graphite foam heat exchangers is in vehicle cooling
systems. Because of the low density and large specific surface area, it might lead to a light
and compact heat exchanger in vehicles. Meanwhile, graphite foam is considered as a
potential material to solve critical heat rejection problems that must be solved before fuel cell
and advanced power electronics technologies are introduced into automobiles.

The graphite foam could be utilized to produce a light and compact radiator in vehicles. In
this case, the radiator might be placed away from the front of vehicles. If the size of the front
of vehicles can be reduced, the vehicle does not push so much air in its forward motion. This
implies less aerodynamic drag and increase of the fuel efficiency in vehicles. Kett et al. [16]
designed a radiator (as shown in Fig. 6) with the carbon foam. Due to the increase of heat
transfer coefficients, the number of coolant tubes in the radiator was reduced significantly. A
typical automotive radiator with cross section of 48 cm x 69 cm might be reduced to 20 cm x
20 cm at the same heat removal rate. The reduced size will cut down the overall weight, cost,
and volume of the cooling system. Thereby the fuel efficiency can be improved. Moreover,
Yu et al. [17] compared a carbon foam fin - tube radiator with a conventional aluminum fin -
tube radiator. The thermal performance of the carbon foam radiator was increased around
15 % without changing the frontal area or the air flow rate and pressure drop.
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Fig. 6. Configuration of graphite foam radiator [16].

3.3. Energy storage system

Because of the high thermal conductivities in the graphite foam, the time used for heat
transfer inside the material will be very short. This is a big advantage for energy storage
applications. Lafdi et al. [18] investigated the thermal performance of graphite foams
infiltrated with phase change materials for space and terrestrial energy storage systems.
Because of the high thermal conductivity of graphite foams, the thermal performance of phase
change material and foam system was improved significantly. In the phase change material
related energy storage process, the higher thermal conductivity leads to a shorter time to
charge or discharge, which implies better system performance.

4. Problems

Even though the graphite foam is an excellent thermal material, it is still very hard to find
graphite foam heat exchangers in the commercial market. Thus, there are some problems
blocking the development of graphite foam heat exchangers.

The most important problem facing the graphite foam heat exchanger is the high pressure
drop. Because of the complex internal structure of the foam, the flow resistance inside the
graphite foam is very high. This causes a high pressure drop through the graphite foam. Due
to the high flow resistance, it is difficult for the cooling air to reach all the inter - faces and
transfer the heat. Thus, the effective area of heat transfer is reduced greatly, which will result
in a low thermal performance. Furthermore, the high pressure drop requires large input of
pumping power to push the air through the graphite foam heat exchangers, which will cause a
low coefficiency of performance (COP, the ratio of the removed heat to the input pumping
power). Garrity et al. [19] proved that the graphite foam heat exchanger had lower COP than
the aluminum multilouvered fin. In order to reduce the high pressure drop, it is important to
adopt an appropriate configuration of the graphite foams, as discussed in [9-10].

The second problem is that the mechanical properties of the graphite foam are not as good as
those of the metal foam. The tensile strength of graphite foam with porosity of 75 % is only
0.69 MPa [20]. However, the tensile strength of nickel foam with the same porosity is 18.44
MPa, which is much higher than the one of graphite foam [21]. In order to reinforce the
mechanical properties of graphite foam, it might be useful to introduce some other material to
the graphite foam. For instance, the compressive strength can increase ten times after the
graphite foam has been mixed with epoxy resin. However, by changing the fabrication
process to improve the foam’s mechanical properties, the high thermal conductivity might
sacrifice [22].
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The third problem is the dust block. Most research of the graphite foam focus on the
electronic equipment heat sinks. Little attention was put to the vehicle radiator applications.
The major reason is the dust blocking problem. When the open pores in graphite foams are
blocked by dust, the cold air can not reach all inter - faces and bring away the heat. Thus, the
effective heat transfer area is reduced greatly and the thermal performance will decrease too.
Due to the operating conditions, the dust block problem is more serious in vehicle radiators
than in the electronic equipment heat sinks.

Due to these problems, the development of graphite foams is relatively slow and difficult.
Much work has to be done before a mature graphite foam heat exchanger appears in the
commercial market.

5. Conclusions and suggestions

The graphite foam has very high thermal conductivity, low density and large specific surface
area. Because of these properties, the graphite foam is considered as a potential thermal
material for heat exchangers. The graphite foam can be used as heat sinks to cool electronic
packages. Also the graphite foam can be used as a radiator to cool the vehicle engines.
Sometimes, the graphite foam can be used in energy storage applications.

However, due to the complex internal structure of the graphite foam, there is a very high
pressure drop when the air flows through the graphite foams. There are also some other
problems blocking the development of graphite foam, such as the low tensile strength, and the
dust block. In order to promote the development of graphite foams as thermal material for
heat exchangers, adopting an appropriate configuration might be useful to reduce the pressure
drop through the graphite foam. On the other hand, mixing some other material with graphite
foam might be helpful to reinforce the mechanical properties of graphite foam. Thus, much
work has to be conducted before the graphite foam is accepted as a thermal material of heat
exchangers.
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Due to the increasing cooling power and space limitation in vehicles, a new compact heat exchanger —
graphite foam heat exchanger is proposed for vehicle cooling application. The graphite foam has high
thermal conductivity (the effective thermal conductivity is 40—150 W/m K) and low density (0.2—0.6 g/
cm?), but it has high flow resistance which is a problem in heat exchanger applications. In order to find
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a comparative study between the wavy corrugated foam heat exchanger and a conventional aluminum
louver fin heat exchanger is carried out to evaluate the performance of graphite foam heat exchangers in
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1. Introduction

Due to the high thermal conductivity of metal materials,
aluminum or copper heat exchangers are very popular in vehicles.
However, with the increased power production and reduced under-
bonnet space, vehicle cooling becomes a more serious problem
than before. In order to increase the thermal performance of heat
exchangers in vehicles, it is important to apply extended surfaces
on the air side to compensate for the low heat transfer coefficient.
Thus, the cooling surface of heat exchangers has to be increased to
dissipate the tremendous cooling power. However, because of
space limitations in vehicles, there is not much available space to

* Corresponding author. Tel.: +46 46 2228605.
E-mail address: bengt.sunden@energy.lth.se (B. Sundén).

1359-4311/$ — see front matter © 2012 Elsevier Ltd. All rights reserved.
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increase the size of heat exchangers, which has led to an urgent
need to develop a new compact heat exchanger with high thermal
performance for vehicle cooling.

Due to its big specific surface area, a porous medium at a small
size might be a good choice for the development of new compact
heat exchangers. Compared to a metal foam [1—4], a graphite foam
developed by Oak Ridge National Laboratory [5] has extremely high
thermal conductivity. Several research studies on the characteristics
of graphite foams have been carried out [6—8]. These studies show
that the characteristics of graphite foams are as follows:

. High thermal conductivity: The effective thermal conduc-
tivity of graphite foam, which is a weighted average of the
solid material and the pores where a fluid is passing, is
between 40 and 150 W/m K [8]. This is much higher than the
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effective thermal conductivity of aluminum foam (between 2
and 26 W/m K [1]).

II. Low density: The density of graphite foam ranges from 200 to
600 kg/m?>, which is about 20% of that of aluminum.

III. Large specific surface area: Because of the open pores and
inter-connected void structure, the specific surface area of
graphite foam is between 5000 and 50,000 m?/m> when the
pore size is around from 500 pm to 10 um respectively [8].

IV. Weak mechanical properties: The tensile strength of graphite
foam is much less than that of a metal foam. The weak
mechanical properties block the development of the graphite
foam heat exchanger. Adding additional material into the
graphite foam or changing the fabrication process might
improve the foam’s mechanical properties.

Based on these characteristics, the graphite foam has become
a very promising material for heat exchangers. For example, Klett
et al. [9] designed a radiator with carbon foam. In their study, the
cross section of the automotive radiator was reduced from
48 cm x 69 cm to 20 cm x 20 cm. The reduced size enabled
a substantial decrease of the overall weight, cost and volume of the
cooling system. Furthermore, Yu et al. [10] proved that the thermal
performance of a carbon foam finned tube radiator could be
improved by 15% compared to a conventional aluminum finned
tube radiator without changing the frontal area or the air flow rate
or pressure drop. Also Garrity et al. [11] carried out an experimental
comparison between a carbon foam heat exchanger and a multi-
louvered fin heat exchanger. They found that the carbon foam
samples brought away more heat than the multilouvered fin when
the volume of the heat exchangers was the same.

Even though there is a huge heat transfer enhancement in the
graphite foam, the graphite foam is still associated with other
problems. The most important issue is that there is a high pressure
drop due to the large hydrodynamic loss associated with the cell
windows connecting the pores [12]. In a study concerning reduc-
tion of the pressure drop, Gallego and Klett [13] presented six
different configurations of graphite foam heat exchangers. That
study showed that the solid foam had the highest pressure drop
while the finned configuration had the lowest pressure drop. In
another study, Leong et al. [ 14] found that the baffle foam presented
the lowest pressure drop among four configurations of graphite
foams at the same heat transfer rate. Lin et al. [15] revealed that
a corrugated foam could reduce the pressure drop while main-
taining a high heat transfer coefficient compared to the solid foam.
All together, these studies illustrate that the configuration has an
important effect on the pressure drop through the graphite foam.

The present study concerns a computational fluid dynamics (CFD)
analysis, with the aim to evaluate what graphite foam fin configuration
is presenting the lowest pressure drop and highest thermal perfor-
mance among baffle, pin-finned, corrugated and wavy corrugated
graphite foam fins. Moreover, in order to predict the performance of
graphite foam heat exchangers in vehicles, the graphite foam fin with
low pressure drop and high thermal performance is compared with
a conventional aluminum louver fin in terms of (1) coefficient of
performance (COP, how much heat can be removed by a certain input
pumping power), (2) power density (PD, how much heat can be
removed by a certain mass of the fins), and (3) compactness factor (CF,
how much heat can be removed in a certain volume).

2. Physical model and assumptions
2.1. Physical model

A simplified model of a plate-fin heat exchanger is shown in
Fig. 1. Four different configurations (baffle, pin-finned, corrugated,

and wavy corrugated) of the graphite foam, which are equivalent
fins, are placed between two water tubes. As shown in Fig. 1, the
hot water flows inside the flat tubes, and the cold air flows through
the porous carbon foam. The heat is transmitted through the tube
wall and the graphite foam porous cell surface and finally it is
dissipated to the air. There are many parameters to describe the
configuration of the graphite foam heat exchanger. The overall size
of the four configurations of the graphite foam core is 1.2 cm
(z-direction) x 4.5 cm (y-direction) x 5 cm (x-direction). The details
of the configurations and geometries are shown in Fig. 2. The
important parameters of the graphite foam are described in Table 1,
which is based on Ref. [12]. The fluid is assumed to be incom-
pressible with constant properties and in steady-state. The water
tubes are made of aluminum. Due to the large heat transfer coef-
ficient between the hot water and the inner wall of the tube, as well
as the high thermal conductivity of the pipe wall, the water tube is
assumed to be at constant temperature. The connection between
the tube wall and the graphite foam is assumed perfect without any
air gap inside. Thus, the thermal resistance at the interface between
the tube wall and the graphite foam is neglected.

2.2. Modeling assumptions

Before the numerical computations, a discussion of the
computational model (laminar or turbulent) in adoption of the flow
regime is carried out. In the comparison among the four configu-
rations of the graphite foam, the inlet air speed is selected to be in
the range from 12 m/s to 20 m/s based on the speed of vehicles.
Correspondingly, the Reynolds number based on the frontal
velocity and the hydraulic diameter (Dy,) is ranging from 15,120 to
25,200. Thus turbulent flow prevails on the air side. However,
inside the graphite foam the flow is laminar. This is so, because it is
difficult to generate turbulent eddies in the small open pores of the
foam.

The effect of turbulence on the flow field is implemented by the
“renormalization group” (RNG) k—e turbulence model. On the other
hand, due to the laminar flow inside the graphite foam, the RNG k—
¢ turbulence model might be useful to take into account of low-
Reynolds number effect near the foam walls.

2.3. Computational domain

In order to make sure the graphite foam fin is located in the fully
developed flow region, the computational domain is extended
upstream 1.5 times the graphite foam fin length to eliminate the
entrance length effect. Similarly, the computational domain is
extended downstream 5 times the length of the graphite foam fin
to achieve the one-way coordinate assumption at the domain
outlet. Thus, the whole stream length of the computational domain
is 7.5 times the actual graphite foam fin length, as shown in Fig. 3.

3. Mathematical formulation and numerical method
3.1. Governing equations

According to the above presented assumptions, the governing
equations for continuity, momentum and energy may be expressed
as follows, see Refs. [16—18]:
3.1.1. Air zone governing equations (turbulent flow)

Continuity equation

a(pairui) _
Tox 0 (1)
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water flow

air flow

fin core: four different
configurations of
foam fins

Fig. 1. Different configurations of graphite foam fins: (a) wavy corrugated; (b) corrugated; (c) baffle; (d) pin-finned.
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Table 1
Different parameters of graphite foam heat exchangers [12].

Graphite Porosity Pore Effective thermal Permeability Forchheimer

foam (@) diameter conductivity (Jefr) (a) (m?) coefficient
(Dp) (um) (W/mK) (Gr)
POCO 082 500 120 6.13 x 1010 0.4457

and v is the kinematic viscosity of air; u; are the fluctuations of the
mean velocity u;.
The values of the constants are as follows:

C. = 0.0845; g = 0.7179; o, = 0.7179
Cq =142, Cp = 1.68; By = 0.012; ny = 4.377

3.1.2. Graphite foam zone governing equations (laminar flow)

Because the graphite foam is a porous medium, the Forchheimer
extended Darcy’s law has been applied for the air pressure drop
through the graphite foam. However, there are two major models
for the heat transfer of the graphite foam. One is the thermal
equilibrium model, in which the effective thermal conductivity of
the porous media is significant. Another one is the non-thermal
equilibrium model (two-equation model), in which the interfacial
heat transfer coefficient has to be specified to connect the energy
transport between the solid part and the fluid part. However, there
is only little data available about the interfacial heat transfer coef-
ficient hgs for graphite foams in the literature. In order to keep the
accuracy of the simulation, the thermal equilibrium model is used
in this study. In the present study, the effective thermal conduc-
tivity of the graphite foam (Aef) is based on experimental results
found in the literature [12]. Thus, the governing equations for the
graphite foam are as follow:
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Continuity equation:
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Momentum equations:
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where ¢ is the porosity of the porous graphite foam; « the
permeability of the porous graphite foam (m?); C¢ the Forchheimer
coefficient.

3.2. Boundary conditions

The momentum and energy transports are calculated simulta-
neously for the air and porous graphite foam zones. The boundary
conditions on the graphite foam “walls” are set up as “interior
surface”. Thus, the solutions for the momentum and energy
transports on the interfaces between air and porous graphite foam
zones are not required. The necessary boundary conditions are as
follows:

(1) For the upstream extended region (domain inlet)
At the inlet:

u=const; T =const; v=w=20

At the upper and lower boundaries:

ou oT
5:&:0, w =0, 5:0
At the right and left sides:
ou  ow oT
@7@70, v =0, @70
(2) For the downstream extended region (domain outlet)
At the upper and lower boundaries:

ou o oT
5:&:0, w = 0, 5:0
At the right and left sides:
ou ow oT
@7@70, v =0, @70

At the outlet boundary:
u_ow_ow T _
ox  ox  0x  ox
(3) For the graphite foam region (middle part)
At the right and left sides:

o ow

oy

0,v=0 —=0
9 v b ay
At the upper and lower boundaries:

u=v=w=0, T,y = const

3.3. Numerical method

The commercial code ANSYS FLUENT 12.0 is used for the
numerical solution. A control-volume-based technique is adopted
to convert the governing equations to algebraic equations so that
these can be solved numerically [19]. The Semi-Implicit Method
for Pressure Linked Equations (SIMPLE) algorithm is used to
couple pressure and velocity. A second-order upwind scheme is
used for the space discretization of the momentum and energy
equations in the simulations. The residual of the continuity,
components of velocity is set to be below 10~3, while for energy it
is below 1076,

A hexagon mesh is generated by using the blocking technique in
ICEM software. The heat exchanger region (as shown in Fig. 4)
occupies most of the cells (60—70% of the whole computational
domain). In order to control the grid independence, several sets
of mesh size were studied. For instance, three sets of mesh size
(11 x 81 x 49,11 x 81 x 75,19 x 81 x 75) were selected for the
heat exchanger region to find out the grid independence of the
corrugated foam fin. It is found that the variation of pressure
drop is between 0.3 and 2.2%, and the variation of Nusselt
number is between 1.4 and 3.0%. Based on this, a mesh size of
11 x 81 x 75 was adopted for the corrugated foam fin simulation.
The same method was adopted to find out the grid independence
of the other foam configurations (the mesh size of wavy
corrugated, pin-finned and baffle are 21 x 139 x 100,
19 x 93 x 79,17 x 99 x 83, respectively).
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Fig. 4. Meshing for the computations: (a) 2-D cross-sectional view; (b) 3-D on fin
surfaces.

3.4. Evaluation of performance parameters

For given conditions, the thermal performance of the graphite
foam can be characterized by the Nusselt number (Nu).

hD DQremoved

Nu = 30 = “AAT ®
In Eq. (9), D is the length scale based on either the equivalent
particle diameter of the foam or the hydraulic diameter of the
channel. A is the area which is the effective heat transfer surface or
the heated base area of the foam. In order to simplify Eq. (9), D is
defined as the hydraulic diameter of the channel Dy, A the heated
base area Ap, and AT is the mean temperature difference between
the heated base and the fluid inlet. Thus Eq. (9) can be written as:

o DhQremoved
N = = A AT (19

4. Results and discussion
4.1. Validation of simulation model

Before presenting the results of the four configurations of the
foam, it is necessary to validate the simulation model of the
graphite foam. In order to set up the same conditions as in the
experiment [12], a block graphite foam with a size of 0.6 cm
(width) x 5 cm (height) x 5 cm (length) was adopted, and the
coolant through the graphite foam block is water instead of air (in
order to compare with the experimental results). In addition,
a constant temperature is specified at the base of the graphite foam

Table 2

Deviation between the simulation and the experimental data.
Frontal Nu number in  Nu number predicted Ap in Ap
velocity  Ref. [12] in this study Ref. [12] predicted
(m/s) (kPa) (kPa)
0.009 40 38 (5%) 1.0 1.029 (2.9%)
0.03 100 101.9 (1.9%) 35 3.41 (2.6%)
0.048 122 130 (6.5%) 7.0 6.9 (1.4%)
0.069 140 150 (7.1%) 11.2 10.9 (2.7%)

block. The pressure drop (Ap) and Nu number are calculated and
compared with the experimental results in Ref. [12], as shown in
Table 2. It is found that the largest deviation of the Nusselt number
between the simulation (laminar flow: the frontal velocity was
chosen based on the one in the experimental work [12]) and the
experimental result is less than 7.1%, and the lowest deviation is
around 1.9%. The deviation of the pressure drops between the
simulation and the experimental data is less than 3%. It should be
noted that no information on experimental uncertainty of the Nu
number was supplied in the experimental work [12]. Based on the
maximum deviation (7.1% in the Nusselt number, 3% in the pressure
drop), it is believed that the present model is satisfactory and can be
applied further to estimate the graphite foam pressure drop and the
thermal performance.

4.2. Comparison between four configurations of graphite foam

4.2.1. Pressure loss

The pressure loss through the graphite foam is predicted based
on the Forchheimer extended Darcy’s equation. As expected, the
pressure drop through the graphite foam is increased with
increasing frontal velocity as shown in Fig. 5. However, the pressure
drop through the baffle graphite foam increases faster than the
other cases. The major factors affecting the pressure drop through
the graphite foam are the flowing length inside the foam and the air
path.

All the air has to pass through the corrugated and the wavy
corrugated foams. However, due to the short flow length (the flow
length inside the corrugated foam is 2.5 mm, the one inside the
wavy corrugated foam 3 mm), the pressure drop through the wavy
corrugated foam fin or the corrugated foam fin is low. On the other
hand, the major amount of air bypasses the foam instead of passing
through the baffle and the pin-finned foams. Because the flow path
around the pin-fins (in Fig. 6(a)) is much smoother than the one

—~ 1000 4

£

®

o

<

=

2

o 1004

1S

=

o)

] v/v/v//v

aQ

[

T 104

o —i— baffle

2 —@— pin-finned

4 —A— corrugated

o —¥— wavy corrugated

T T T T T

12 14 16 18 20

Frontal velocity (m/s)

Fig. 5. Pressure drop through four configurations of foam.
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around the baffle fins (in Fig. 6(b)), the pressure drop of the pin-
finned foam is much less than that for the baffle fins. Further-
more, due to the complex air flow path of the baffle fins, a large
amount of air is forced to pass through the baffle graphite foam fins.
Thus, a high flow resistance is produced in the baffle fins, compared
to the other configurations of the graphite foam fins. In other
words, the baffle fin presents the highest pressure drop among the
considered four configurations.

4.2.2. Thermal performance

The heat transfer coefficients predicted for the four configura-
tions of graphite foam fins are shown in Fig. 7. The heat transfer
coefficient is correlated with the frontal velocity of air. Among these
four configurations, the wavy corrugated fin provides a much
higher heat transfer coefficient than the other configurations. In
addition, the heat transfer coefficient is increased much faster in
the wavy corrugated fin than the other cases, as the air frontal
velocity increases.

By taking into account Fig. 6, an in-depth understanding of the
thermal performance among these four graphite foam fins may be
obtained. Fig. 6(a’) and (b’) shows that the fresh air is pre-heated
before it reaches the graphite foam fin due to the heat trans-
ported from the nearby fins. The space between two adjacent fins is
much larger in the wavy corrugated fin than in the corrugated fin.
Thus, the pre-heating effect is minor in the wavy corrugated fin
compared to that in the corrugated fin. Due to the pre-heating
effect, the temperature difference between the fin and the air is
reduced in the corrugated fin. The reduced temperature difference
decreases the thermal performance of the corrugated fin. Thus, the
heat transfer coefficient inside the corrugated fin is much lower
than that of the wavy corrugated fin.

On the other hand, due to the different flow path appearing in
the pin-finned and the baffle-finned foams (see Fig. 6(a) and (b)),
the air is mixed better in the baffle-finned foam than in the pin-
finned foam. Thus, the thermal performance of the baffle foam is
a little better than that of the pin-finned foam. However, there is
a higher flow resistance in the baffle foam than in the wavy
corrugated foam, as discussed previously. The high flow resistance
leads to less cold air reaching the inner surface of the baffle foam.
This means that the effective surface for heat transfer is substan-
tially reduced in the baffle foams compared to the wavy corrugated
foam. Overall it seems that the thermal performance of the wavy
corrugated foam is the best, see Fig. 7.
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Fig. 7. Heat transfer coefficient of four configurations of foam.

4.3. Comparison between graphite foam fin and aluminum louver fin

According to the comparison among the four configurations of
graphite foam fins, the wavy corrugated fin presents lower pressure
drop and higher thermal performance than the corrugated, pin-
finned and the baffle fins. However, it is still not sure whether
the graphite foam wavy corrugated fin would reach better perfor-
mance than the conventional aluminum louver fin or not. In order
to clarify this, a comparison between the graphite foam wavy
corrugated fin and the aluminum louver fin is carried out. The aim
of the comparison is based on: (1) coefficient of performance (COP,
how much heat can be removed by a certain input pumping
power), (2) power density (PD, how much heat can be removed by
a certain mass of fins), and (3) compactness factor (CF, how much
heat can be removed in a certain volume). These parameters are
defined as follows:

Qremoved Qremoved
COp = =108 — =ERovEs 11
Ppump UpAinAp (an
_ Qremoved
_ Qremoved
F= 1000- Vi (13)

where Qremoved iS the amount of heat dissipated by the heat
exchanger (W); Ppump the input power of the air fan (W); uj, the
bulk velocity at the inlet of the heat exchanger (m/s); Aj, the cross
section area at the inlet (m?); Ap the pressure drop through the
heat exchanger (Pa); mygx the mass of the heat exchanger (kg);
Viex the volume of the heat exchanger (m?).

The major parameters of the louver fin are: (1) louver pitch is
1 mm; (2) the louver angle is 29°; (3) fin pitch is 2.5 mm. According
to the experimental research on louver fin heat exchangers [20—
23], the heat removed by the aluminum louver fin heat
exchanger can be evaluated in this paper by using the heat transfer
correlation in [20], which was based on 91 samples of louver fin
heat exchangers at a mean deviation of 7.55%. The pressure drop
also can be evaluated by the friction correlation in [21], which
showed a deviation of 9.21% for the 91 samples. The comparison
results of COP, PD, and CF between the graphite foam wavy
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Fig. 8. Coefficient of performance of graphite foam wavy corrugated fin and aluminum
louver fin.
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Fig. 9. Power density of graphite foam wavy corrugated fin and aluminum louver fin.

corrugated fin and the aluminum louver fin heat exchangers are
shown in Figs. 8—10, respectively.

The COP values predicted for the graphite foam heat exchanger
and the aluminum heat exchanger are shown in Fig. 8. Even though
the wavy corrugated graphite foam fin presents a high heat transfer
coefficient, its COP is lower than that of the aluminum heat
exchanger, mainly due to the high flow resistance in the graphite
foam. The low COP in the graphite foam implies that the air fan
pumping power is much larger for the graphite foam heat
exchanger than for the aluminum heat exchanger at the same
dissipated heat condition.

It should be noted that the COP of the aluminum louver fin
reduces faster than that of the graphite foam fin as the air velocity
increases. Thus, the aluminum louver fin has less superiority in COP
compared to the graphite foam wavy corrugated fin at high veloc-
ities. However, if the graphite foam heat exchanger reaches the
same COP value as the aluminum heat exchanger, then the velocity
of air will be supersonic according to the prediction from Fig. 8.
Thus, it is not feasible for the graphite foam heat exchanger to
achieve the same COP as the aluminum heat exchanger only by
increasing the air velocity. Other methods, like different configu-
rations of the foam fins or different structures of the foam, have to
be considered to increase the COP value of the graphite foam heat
exchanger.
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Fig. 10. Compactness factor of graphite foam wavy corrugated fin and aluminum
louver fin.

Fig. 9 reveals that the PD of the graphite foam wavy corrugated
fin is much higher than that of the aluminum louver fin. Moreover,
the PD of the graphite foam wavy corrugated fin becomes big with
increasing velocity. The high PD value for the graphite foam heat
exchanger is mainly due to the small density of the graphite foam.
Furthermore, the high heat transfer coefficient and the large specific
surface area inside the graphite foam also contribute to the high PD,
which means that the graphite foam heat exchanger is lighter than
the louver fin heat exchanger when the removed heat is the same.

The predicted CF behaves similarly to the PD performance for
both the graphite foam wavy corrugated fin and the aluminum
louver fin, as shown in Fig. 10. The graphite foam wavy corrugated
fin presents higher CF value than the aluminum louver fin. This
means that the graphite foam can dissipate more heat than the
aluminum louver fin at the same volume of the heat exchangers.
This is so because of the large specific surface area attributed by
many open pores in the graphite foam. Thus, the graphite foam can
provide much larger heat transfer surface than the aluminum
louver fin within the same volume. In other words, the compact-
ness of the graphite foam wavy corrugated fin heat exchanger is
much higher than that of the aluminum louver fin heat exchanger.
This highly compact heat exchanger is favorable for application in
vehicle cooling systems because of the space limitation in vehicles.
Thus, it can be concluded that the graphite foam heat exchanger has
a high potential in the vehicle cooling systems.

5. Conclusions and recommendations

Due to the high thermal conductivity, the graphite foam is
considered as a potential candidate material for heat exchangers in
vehicles. However, the high pressure drop is a major issue blocking
the development of graphite foam heat exchangers. In order to
reduce the pressure drop, this paper presented a computational
analysis of four different configurations (baffle, pin-finned, corru-
gated, and wavy corrugated) of graphite foam. A low pressure drop
and high thermal performance were achieved by the wavy corru-
gated fin configuration.

By comparison with a conventional aluminum louver fin heat
exchanger, it is found that the graphite foam wavy corrugated fin
heat exchanger presents higher power density (PD) and compact-
ness factor (CF). This result means that the graphite foam can
reduce the weight and size of the heat exchangers significantly,
which has a great potential in the vehicle cooling application.
However, the coefficient of performance (COP) is lower for the
graphite foam heat exchanger compared to the aluminum heat
exchanger, i.e., a large input air pumping power is required for the
graphite foam heat exchanger, which may reduce the feasibility of
the graphite foam in the vehicle cooling application. In order to
promote the development of the graphite foam heat exchanger in
the vehicle cooling, the problem of high flow resistance in the
graphite foam has to be resolved by optimizing the structure or
the configurations of the graphite foam fins, which is left for
further work.
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Nomenclature

A area (m?)

Ap heated base area (m?)
Cp specific heat (J/kg K)

Cr Forchheimer coefficient
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CF compactness factor (kwW/m?)
cor coefficient of performance
D length scale (m)
Dy hydraulic diameter (m)
Dp pore diameter (um)
h heat transfer coefficient (W/m? K)
k turbulent kinetic energy (m?/s?)
m mass (kg)
Nu Nusselt number
p pressure (Pa)
PD power density (kW/kg)
Ppump  the input power of pump (W)
Pr Prandtl number
Qremoved removed heat (W)
temperature (K)
u,v,w velocity components in x, y and z directions, respectively
(m's)
uj fluctuation from the mean velocity u; (m/s)
v volume (m?)
Ap pressure drop (Pa)
AT temperature difference (K)

Greek symbols

permeability (m?)

[
€ rate of energy dissipation
A thermal conductivity (W/m K)
w dynamic viscosity (Pa s)
p density (kg/m?)
1% porosity
Subscripts
air air
eff effective
f fluid
HEX heat exchanger
in inlet
i,j coordinate indices
s solid
t turbulence
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Performance Analysis of a
Countercurrent Flow Heat
Exchanger Placed on the
Truck Compartment Roof

Due to the increasing power requirement and the limited available space in vehicles,
placing the heat exchanger at the roof or the underbody of vehicles might increase the
possibility to handle the cooling requirement. A new configuration of the heat exchanger
has to be developed to accommodate with the position change. In this paper, a counter-
current heat exchanger is developed for position on the roof of the vehicle compartment.
In order to find an appropriate configuration of fins with high thermal performance on
the air side, the computational fluid dynamics approach is applied for a comparative
study among louver fin, wavy fin, and pin fin by using ANSYS FLUENT software. It is
found that the louver fin performs high thermal performance and low pressure drop.
Thus, the louver fin is chosen to be the configuration of the countercurrent flow heat
exchanger. It is also found that the countercurrent flow heat exchanger presents higher
heat transfer coefficient than the cross flow heat exchanger. Furthermore, the overall size
and the air pumping power of the countercurrent flow heat exchanger are lower than
those in the cross flow heat exchanger. Several suggestions and recommendations are
highlighted. [DOI: 10.1115/1.4007438]
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roof of vehicles

1 Introduction

Low fuel consumption, low carbon dioxide emission, and low
noise emission become much more important than before in the
vehicle industry. These requirements lead to a number of technical
developments, e.g., new concept on primary missions control like
homogeneous charge compression ignition engines, after treat-
ment like exhaust gas recirculation valves [1], and noise shields
within the engine compartment. All these efforts increase the
operating temperature in the engine compartment. In order to
keep the engine working at its optimal conditions, a huge amount
of heat has to be released from the engine to the ambient. In mod-
ern heavy vehicles, this heat is so huge that a conventional heat
exchanger (HEX) cannot handle it easily. In addition, more and
more electric powertrain is introduced to heavy vehicles. Because
the operating temperature of electric equipment (battery: ~55 °C)
is much lower than that of a combustion engine (combustion
engine: ~90 °C) [2], larger cooling surface area has to be used for
the battery cooling than the one for the combustion engine cool-
ing. However, there is space limitation in vehicles. It is impossible
to increase the size of the radiator to dissipate the huge amount of
heat from the vehicle. All these factors lead to a revolution of the
radiator design in vehicles.

An idea of new HEXs suggested some time ago is to place
HEXs at the underbody of vehicles [3-5]. For instance, most pub-
lic buses have the engine radiator at the underbody. This is mostly
due to the engine position (at the rear of the bus). Recently, the
Centro Ricerche Fiat [5] used some parts of the vehicle body pan-
els as HEXSs to reduce the radiator size in light duty vehicles. Two
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roll bond HEXs were installed on the engine hood and below the
engine, respectively. These could dissipate 60% of heat from the
engine for all the test conditions. In addition, two levels of cooling
systems (high temperature and low temperature systems) were
introduced to a car in Ref. [6]. The condenser and the intercooler
were cooled by liquid instead of air. Thus, the condenser and the
intercooler could be relocated from the front of the vehicle to
other more suitable places. The rearrangement of HEXs position
led to 4% reduction of fuel consumption in the vehicle. Previous
studies have shown that the cooling power could be increased and
the fuel consumption would be reduced by rearranging the posi-
tion of HEXSs in vehicles [4].

The conventional radiator of the heavy duty vehicles is placed
in the front of the vehicle, as shown in Fig. 1. A possible position
for placing the radiator is the roof of driver compartment. If the
radiator is placed on the roof (as shown in Fig. 1), the coolant
flow direction and the air flow direction would be opposite. This
is typical principle of a countercurrent flow HEX [7]. However,
the engine radiator is normally a cross flow HEX in vehicles.
Based on the HEX design theory, generally a countercurrent flow
HEX has better thermal performance than does a cross flow HEX,
see Ref. [7]. Thus, the option of placing a countercurrent flow
HEX on the roof of the truck driver compartment might be a good
idea to the engine radiator revolution.

In order to evaluate the performance of the countercurrent flow
HEX on the roof of the truck driver compartment, various config-
urations of fins in HEX are evaluated to choose an appropriate
one in this paper. Based on Ref. [8], three configurations of fins
(louver-, wavy-, and pin fin) are adopted and analyzed by the
ANSYS FLUENT software on the air side of a countercurrent
flow HEX. The one presenting high thermal performance and low
pressure drop will be selected to compare with a conventional
cross flow HEX (louver fin is on the air side and flat tube on the
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Fig.1 Schematics of the positions of a radiator in trucks

water side), in terms of thermal performance. Several advantages
and disadvantages of the countercurrent flow HEX are outlined
and discussed based on a specific case study at the end of the

paper.

2 Description of Physical Model and Assumptions

A simplified model of the countercurrent flow HEX is shown
in Fig. 2. The engine coolant flows in the negative direction of
x-axis. However, the air flow direction (the positive direction of
X-axis) is opposite to the direction of engine coolant, as shown in
Fig. 2(a). Three different configurations of fins (louver-, wavy-,
and pin fin) are placed on the air side of HEX, as shown in
Figs. 2(b)-2(d), respectively. The fluid is assumed to be incom-
pressible with constant properties and in steady-state. The engine
coolant is assumed to be water. The countercurrent flow HEX is
made of aluminum. The thermal resistance between the water
tubes and the fins is neglected. In order to simplify the simulation
model and save computational time, only a core of the HEX is
adopted, as shown in Fig. 2. The overall size of the core is
231 mm x 6.85mm x 70.00 mm (W x H x L). The parameters of
the fins are presented in Table 1.

= air flow
P water flow

3 Mathematical Formulation and Numerical Method /’

3.1 Adoption of Flow Model. Based on the European law, ®)
the maximum velocity of heavy vehicles is 80 km/h. Thus, the air
inlet velocity in the simulation is ranging from 50 to 70 km/h. In
this case, the Reynolds number on the air side is from 2400 to
5000. Thus, low Reynolds number turbulent flow prevails on the
air side. In order to capture the low Reynolds number turbulent
flow, the “renormalization group” (RNG) k-¢ turbulence model is <

adopted [9,10]. However, laminar flow is used on the water side,
in order to simplify the simulation model (the inlet velocity of
water is assumed to be less than 2 m/s). (©

3.2 Governing Equations. The governing equations for con-
tinuity, momentum, and energy can be expressed as follows [11]:

Continuity equation

ANpui) _ X
o 0 ()]

L=

Momentum equations (d)

z

A(puju; 17 0 . Ou;  Ouj
(puity) = P9 <(;1 +du,) (7 + 4)) (2)  Fig.2 (a) Schematics of the countercurrent flow HEX, with (b)
j j Xj louver, (c) wavy, and (d) pin fin core
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Table 1

Parameters of louver fin, wavy fin, and pin fin (mm)

Louver fin [8] Fin pitch Fin thickness Louver spacing Louver angle (deg)
2.31 0.152 4.76 17.06
Wavy fin Fin pitch Fin thickness Wave length Wave amplitude
223 0.152 8.9 1
Pin fin Pin pattern Pin diameter Transverse spacing Longitudinal spacing
In-line 0.79 23 3.18
Upstream region

Airzone
Water zone

HEX region

Downstream region

Fig.3 Computational domain

Energy equation
(pwT) 0 £+ st 0l
Ox; N ox; \\Pr Pr;) Ox;

When laminar flow (the water side) prevails, = 0; when turbu-
lent flow (the air side) prevails, 0 = 1. The equations of turbulent
kinetic energy k and the rate of energy dissipation ¢ corresponding
to the RNG k-¢ turbulence model are

3)

Turbulent kinetic energy k equation

(b) Downstream region: top-, front-, and back sides are
symmetry surfaces; right side is the outlet.

(c) HEX region: top side is symmetry surface; front side
and back side are periodic (as the geometry of louver fin
or wavy fin is not symmetry).

2. Water zone

(a) Upstream region: bottom-, front-, and back sides are
symmetry surfaces; left side is the outlet.

(b) Downstream region: bottom-, front-, and back sides are
symmetry surfaces; right side is the velocity inlet (the
temperature difference between the air inlet and the

9 (phku;) = i ((# n ﬂ) %) + Py — pe ) water inlet is set to 50°C). )
Ox; Ox; ;) Ox; (c) HEX region: bottom-, front-, and back sides are symme-
S . try surfaces.
Rate of energy dissipation ¢ equation
2
9 ooy =2 (( o &) ﬁ) +Cuip—Cips (5) 34 Numerical Method. The commercial code ANSYS FLU-
Ox; Ox; 0;) Ox; k k ENT 12.0 is used for the numerical solution. A finite volume

where

method is adopted to convert the governing equations to algebraic
equations so that they can be solved numerically [12]. The smvpLE
algorithm is used to couple pressure and velocity. A second-order

- 31 — 2
Gy =Co + Lﬂs/%)" 1 = pC IL, upwind scheme is introduced to the space discretization of the mo-
1+ By s mentum, energy, and turbulence equations in the simulations. The
n=sk/e, and 5= 2s; s,,-)]/ 2 convergence criterion for continuity, momentum, k, and ¢ equations

The values of all of the constants are as follows (see Ref. [12]):

C,=0.0845; o, =0.7194; o, =0.7194;

Co =142, Cpo=168 5y=438; f=0012

3.3 Computational Domain and Boundary Conditions.
The louver-, wavy-, and pin fins are symmetrical in the height
direction. Thus, only half of the fin height is simulated. The water
tube is also simulated by using half height. On the other hand, in
order to eliminate the effect of the entrance, the computational
domain is extended upstream by an additional length of the HEX.
Meanwhile, the computational domain is also extended downstream
with the length of the HEX to eliminate the effect of outlet on the
flow inside the HEX. Thus, the whole length of the computational
domain is three times of the length of the HEX, as shown in Fig. 3.

Because there are air and water zones in the simulation, the
boundary conditions should be specified in different zones
separately.

1. Air zone
(a) Upstream region: top-, front-, and back sides are sym-
metry surfaces; left side is the velocity inlet.

Journal of Thermal Science and Engineering Applications

is below 1073, However, in order to ensure an energy balance
between the water zone and the air zone under the countercurrent
flow condition, the convergence criterion of energy is below 10,
The mesh generation is carried out by the ICEM software. In
order to check the grid independence, three sets of mesh size
(coarse: 20 x 28 x 250; middle: 22 x 34 x 340; fine: 26 x 38
x 368) are chosen to be compared in the wavy fin (HEX region in
the air zone). The predicted pressure drop and Nusselt number
from these three sets of mesh are shown in Table 2. It is found
that the deviation of the pressure drop and Nusselt number
between the middle case and the fine case is 2.5% and 4.6%,
respectively. In order to save computational time and keep the
accuracy of the simulation, the middle mesh size (22 x 34 x 340)
is chosen for the wavy fin. The same method was also adopted to
check the grid independence of the louver fin and the pin fin.

4 Results and Discussion

4.1 Parameter Definitions. Before analyzing and comparing
the fluid flow and heat transfer characteristics for three different
configurations of countercurrent flow HEX (louver-, wavy-, and
pin fin), the definitions of Nusselt (Nu) number, Stanton (St) num-
ber, and friction factor (f) are presented. First, the Nusselt number
and Stanton number are calculated as
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Table 2 Grid independence study for wavy fin (Re = 3700)

Middle
(22 x 34 x 340)

Fine
(26 x 38 x 368)

Coarse
(20 x 28 x 250)

AP (Pa) 1350 (19%)
Nu 34.2 (54.5%)

1155 (2.5%)
23.16 (4.6%)

1126 (base)
22.13 (base)

Table 3 Deviation between the simulation model and the
experiment

StPr*? in fin
Re Ref. [8] Simulation StPr*®  Ref. [8] Simulation f
2837 0.0092 0.0097 (5.4%) 0.0435 0044 (1.1%)
3392 0.0087 0.0086 (1.2%) 0.041 0.04 (2.4%)
3769 0.0082 0.0081 (1.2%) 0.0398  0.0382 (4.1%)
Re = Pr -t Dy, ©)
n
Y
hy = 7
' = A AT (7
D
Nu=ly - =~ ®)
A
'
h -
St=— )
Py tmax - Cp

where, Q is the total amount of heat dissipated to air (W), A, the
fin surface area (m?), AT the logarithmic mean temperature dif-
ference, i.e., LMTD (K) and D), the hydraulic diameter (m). These
are defined as follows:

Q:m“‘p‘(Tou(_Tin) (10)

— (ATwax — ATin)

AT = W AT (11)

AT'in
AT = max(Tgy — Tin, Ty, — Tow) 12)
AT in = min(T}, — Tin, Ty, — Tour) (13)

4A,
Dy == (14)
The friction factor (f) is defined as

A, 2AP

f== (15)

Ao P/(”max)2

where, A, is the minimum free-flow area; up,,, is the maximum
velocity.

4.2 Model Validation. Prior to presenting the simulation
results, it is important to validate the computational model. In
order to compare the simulation results of the louver fin with the
experimental results [8], which were obtained under the cross
flow condition, the water zone in the simulation is assumed to be
at a constant temperature. The comparison between the simulation
and the ex?erimental results is shown in Table 3. The deviation of
the StPr*” between the simulations by the RNG k-¢ turbulence
model and the experimental data are less than 5.4%, and the
deviation of the friction factor f between the simulation and the
experimental results less than 4.1%. Thus, there is a good agree-
ment between the simulation and the experiment, in terms of ther-
mal performance and the pressure loss.

4.3 Performance Comparison Among Three Configurations

of HEX. The thermal performance and the pressure loss are two
important factors in the heat exchanger design. In order to
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develop a high performance countercurrent flow HEX, three dif-
ferent configurations of fins (louver-, wavy-, and pin fin) are simu-
lated. The thermal performance and the pressure loss are obtained
by using ANSYS FLUENT.

4.3.1 Thermal Performance. The heat transfer coefficients
predicted for three configurations of fins are correlated with the
frontal velocity, as shown in Fig. 4. Among these three configura-
tions of fins, the cases with louver and pin fins reach higher heat
transfer coefficients than does the wavy fin. The main reason caus-
ing the different heat transfer coefficients is probably the thermal
boundary layers on the different configurations of the fins. For the
louver fin, the boundary layer is developed along the louver, but it
is broken at the end of the fin. The boundary layer cannot become
thick due to the short louver length. This relatively thin boundary
layer on the louver fin is the major factor to produce the high
thermal performance. In addition, because the boundary layer sep-
arates around the pin fin, a high thermal performance is achieved
as well. However, the thickness of the boundary layer on the wavy
fin is kept constant, because the thickness is reduced on one side
and increased on the other side at the same location. Due to the
constant thickness boundary layer, the thermal performance of the
wavy fin is not as good as that of the louver fin and the pin fin.

On the other hand, in order to remove the effect of different
size of fin, the dimensionless parameters (Nu number and Re
number) are introduced to analyze the thermal performance.
Figure 5 illuminates the relationship between the Nu number and
the Re number. The louver fin presents higher Nu number than do
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the wavy fin and the pin fin at the same Re number. Even though
the heat transfer coefficient is similar between the pin fin and the
louver fin, due to the in-line fin pattern and the small hydraulic
diameter in the pin fin, the Nu number is much lower in the pin fin
than the one in the louver fin. Based on Figs. 4 and 5, it is revealed
that the louver fin presents better thermal performance than the
other cases.

4.3.2  Pressure Loss. Figure 6 illuminates the pressure drop
through the three configurations of fins (louver-, wavy-, and pin
fin) as a function of frontal air velocity. As expected, the pressure
drops increase with increasing air velocity. The louver fin presents
the lowest pressure drop among the three configurations. This
result might appear because the flow through the louver fins
becomes parallel to the louvers at high speed. In this case, the lou-
ver fins act like a flat plate, and the air flow path is smooth due to
similarity with a “flat plate” boundary layer flow. However, the
flow path might change its direction along the fins due to the
structure of the wavy fin and pin fin. The smooth flow path along
the louver fin might be the main reason causing the flow resistance
in the louver fin to be lower than those of the wavy fin and the pin
fin. The low flow resistance on the louver fin is also shown in
Fig. 7. By considering the dimensionless parameter—friction factor
(f), the louver fin has lower friction factor than the one in the
wavy fin or the pin fin at the same Reynolds number.

4.4 Performance Comparison Between a Countercurrent
Flow HEX and a Cross Flow HEX. Based on the analysis of
thermal performance and pressure loss among the louver-, wavy-,
and pin fins, it is proved that the louver fin presents higher thermal
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Table 4 Assumed operating data of a truck

Cooling power (kW) 200
Truck speed (km/h) 65
Radiator (water side) Tin =90 °C Tou=285 °C
Radiator (air side) T;\n=30 °C Touw=55 °C

performance and lower pressure drop than do the wavy fin and the
pin fin. Thus, the louver fin is chosen as the configuration of fin on
the air side for the countercurrent flow HEX. In order to evaluate
the performance of the countercurrent flow HEX, a conventional
aluminum louver fin cross flow HEX is adopted for comparison.
Due to the fact that the same louver fin is used in the countercurrent
and cross flow HEXs, the flow resistance on the air side is the same
for both cases. Thus, the pressure loss is not considered here.

The thermal performance comparison between the cross flow
HEX and the countercurrent flow HEX is shown in Fig. 8. The
countercurrent flow HEX has higher heat transfer coefficient than
does the cross flow HEX. This result is mainly because the
countercurrent flow arrangement could maximize the temperature
difference between two fluids to transfer more heat than does the
cross flow arrangement. When the Reynolds number varies from
2800 to 3800, the heat transfer coefficient of the countercurrent
flow HEX is 21% to 9.8%, respectively, higher than the one in the
cross flow HEX. This high heat transfer coefficient is beneficial to
reduce the size of the countercurrent flow HEX compared to the
cross flow HEX.

Furthermore, a specific case study (a typical truck with 200kW
cooling power) is carried out to analyze the performance of
the countercurrent flow HEX. The operating data are shown in
Table 4.

Based on this specific case, the different results between
the countercurrent flow and the cross flow HEXs are shown in
Table 5. Due to the high heat transfer coefficient performance in the
countercurrent flow HEX, the total cooling surface area (air side) is
reduced by 11.2% compared to the cross flow HEX. The overall size
of the cross flow HEX could be designed as 1000 x 337 x 70 mm
(W x H x L). Meanwhile, the overall size of the countercurrent flow
HEX could be designed as 1000 x 300 x 70mm (W x H x L).
Because the cross-section area of the countercurrent flow HEX
(1000 mm x 300 mm) is 11% less than that of the cross flow HEX
(1000 mm x 337 mm), there is 11% reduction in power for pushing
air through the countercurrent flow HEX.

However, due to the height of countercurrent flow HEX
(300 mm), the streamline of flow field of the heavy vehicle might be
destroyed, and a huge flow resistance might be presented to the vehi-
cle. In order to reduce the flow resistance and optimize the perform-
ance of the countercurrent flow HEX, the countercurrent flow HEX
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Table 5 Comparison between the cross flow HEX and the
countercurrent flow HEX

Countercurrent
Cross flow HEX flow HEX
Air side cooling surface 19.3 17.1 (11.2% reduction)

area (mz)

Overall size (W x Hx L)
(mm x mm x mm)

Total volume (mz)
Power for pushing air
through HEX (W)

1000 x 337 x 70 1000 x 300 x 70

0.0236
3858

0.021 (11% reduction)
3434 (11% reduction)

Fig. 9 Countercurrent flow HEX and cross flow HEX in a heavy
duty truck

(1000 x 300 x 70 mm) is divided into three smaller countercurrent
flow HEXs (the size of each one is 1000 x 100 x 70 mm). These
three countercurrent flow HEXs are placed on the gradient roof of
vehicle as like a staircase, as shown in Fig. 9.

After the analysis of the specific cases, several advantages and
disadvantages of countercurrent flow HEX could be summarized
as follows:

¢ Advantages:

(1) The heat transfer coefficient is higher in the countercur-
rent flow HEX than the one in the cross flow HEX.

(2) The overall size of the countercurrent flow HEX is
smaller than that of the cross flow HEX, when the
removed heat is the same.

(3) The pressure loss is lower in the countercurrent flow
HEX than the one in the cross flow HEX, because of the
reduction of size in the countercurrent flow HEX.

(4) The high heat transfer coefficient and low pressure loss
lead to a high coefficient of performance in the counter-
current flow HEX.

¢ Disadvantages:

1. The countercurrent flow HEX placed on the roof of the
vehicle might destroy the streamline flow field of the vehi-
cle. The collocation of countercurrent flow HEX should
be optimized.

2. The cooling air through the countercurrent flow HEX is
driven by the movement of vehicles. When the vehicle
climbs on a mountain, the speed of the vehicle is low.
However, the engine cooling power is high at the same
time. Thus, this problem should be analyzed in future
work.

5 Conclusion and Recommendation

Due to the increasing cooling power and the space limitation in
vehicles, it is impossible to increase the size of the radiator to dis-
sipate the increasing amount of heat from the engine. Placing the
radiator at the underbody of the vehicle or on the roof of the driver

041004-6 / Vol. 4, DECEMBER 2012

compartment might be a good method to handle the increasing
cooling power. In this paper, a radiator is designed to be placed on
the roof of the truck compartment. Due to the radiator position
change, a countercurrent flow heat exchanger is accordingly pro-
posed. The major results are as follows:

1. Compared to the wavy and the pin fins, the louver fin design
presents high thermal performance and low pressure drop in
the countercurrent flow HEX.

2. The heat transfer coefficient in the louver fin countercurrent
flow HEX is 21%-9.8% higher than the one in the louver fin
cross flow HEX when Reynolds number varies between
2800 and 3800.

3. For the specific case in this paper, the total cooling surface
area of the countercurrent flow HEX could be reduced by
11.2% compared to the cross flow HEX. Moreover, the
power for pushing air through the countercurrent flow HEX
is 11% lower than that of the cross flow HEX.

Thus, placing a countercurrent flow HEX on the roof of the
truck driver compartment is a useful method to dissipate the
increasing cooling power in vehicles. However, there are still sev-
eral problems facing the application of countercurrent flow HEX
in vehicles. Thus, much effort (the collocation of HEX, air supply
to HEX without fans, or the available place for a fan) has to be
conducted for the development of countercurrent flow HEXs in
vehicles.
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Nomenclature

A, = minimum free-flow area on the air side, m?
Ay = total heat transfer surface area on the air side, m”
» = air specific heat, J~kg’l-K’l
» = hydraulic diameter, m
f= Fanning friction factor, dimensionless
h = heat transfer coefficient, W-m 2K !
H = height of fin, m
k = turbulent kinetic energy, m>s~
L = length of fin, m
m = air mass flow, kg-s™~
Nu = Nusselt number, dimensionless
P = wetted perimeter of passages on the air side, m
P, = production of turbulent kinetic energy
Pr = Prandtl number, dimensionless
Q = total amount of heat dissipating to air side, W
Re = Reynolds number, dimensionless
St = Stanton number, dimensionless
T, = air inlet temperature, K
Tou = air outlet temperature, K
T;, = water inlet temperature, K
= water outlet temperature, K
u = air velocity, ms !
W = width of fin, m
AP = pressure drop through fins, Pa
AT = logarithmic mean temperature difference, K
¢ = rate of energy dissipation
/. = thermal conductivity, W-m~ "K'
p = density of fluid, kg-m >
1= dynamic viscosity of air, Pa s

2

1

Subscripts
f = air fluid
max = maximum
min = minimum
t = turbulent
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Performance Analysis of Aluminum
and Graphite Foam Heat Exchangers
Under Countercurrent Arrangement

WAMEI LIN, JINLIANG YUAN, and BENGT SUNDEN

Department of Energy Sciences, Lund University, Lund, Sweden

Due to the increasing power requirement and the limited available space in the vehicles, a countercurrent heat exchanger
(HEX) is proposed for the position on the roof of the vehicle compartment. Furthermore, a new material, graphite foam with
high thermal conductivity and low density, is a potential material for HEXs in vehicles. In order to evaluate the performance
of the graphite foam HEX, the CFD computational fluid dynamics (CFD) approach is applied in a comparative study between
the graphite foam and the aluminum HEXs under countercurrent flow condition. The analysis is conducted for the thermal
performance (heat transfer coefficient) and the pressure loss. The simulation results show that the graphite foam HEX proves
higher thermal performance than the aluminum HEX. However, due to the high pressure loss in the graphite foam HEX, the
coefficient of performance in the graphite foam HEX is much lower than that of the aluminum HEX. A specific case study
is carried out to evaluate the performance of graphite foam HEX as well. Useful recommendations are highlighted and
provided to promote the development of the countercurrent flow HEXs in vehicles.

INTRODUCTION

Due to the increasing need for power production and the
limited available space in vehicles, it is extremely difficult to
increase the size of the radiators placed in the front of vehicles.
The position of countercurrent heat exchangers (HEXs) in vehi-
cles has to be rearranged in an effective way to dissipate the huge
cooling power. Recently, Malvicino et al. [1] used some parts of
the vehicle body panels as HEXs to reduce the radiator size in
light-duty vehicles. Two roll bond HEXs installed on the engine
hood and below the engine could dissipate 60% of heat from
the engine in all the test conditions. In reference [2] two lev-
els of cooling systems (high-temperature and low-temperature
systems) were introduced to a car. The condenser and the inter-
cooler were cooled by liquid instead of air. Thus, the condenser
and intercooler could be relocated from the front of the vehicle
to other suitable places. The rearrangement of HEXSs’ positions
led to 4% reduction of fuel consumption in the vehicle. More-
over, the thickness of the cooling package (including a radiator,
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Agency and industries.

Address correspondence to Professor Bengt Sundén, Department of En-
ergy Sciences, Lund University, PO Box 118, Lund, 22100, Sweden. E-mail:
Bengt.Sunden@energy.lth.se

a condenser, and a subradiator) was reduced by placing the sub-
radiator on the top (instead of in the front) of the condenser. Due
to the slim cooling package, the cooling fan power was smaller
and fuel consumption was reduced by 3-5% [3].

Previous studies have shown that cooling power could be
increased and fuel consumption would be reduced by rearrang-
ing the position of HEXSs in vehicles. The conventional radiator
of the heavy-duty vehicles is always placed in the front of the
vehicle, as shown in Figure 1. If the radiator were placed at
the underbody or on the roof of the vehicle, it might increase
the possibility of meeting the critical cooling requirement. A
new configuration of the heat exchangers has to be developed
to accommodate the position change. As shown in Figure 1, the
engine coolant and the airflow directions are opposite, as the
radiator is placed on the roof of the driver compartment. This is
a typical principle of a countercurrent-flow HEX [4]. In the ve-
hicle industry, the engine radiator is mostly a cross-flow HEX.
However, a countercurrent-flow HEX generally has better ther-
mal performance than does a cross-flow HEX [5]. Thus, placing
a countercurrent-flow HEX on the roof of the truck driver com-
partment might be a good option for the engine radiator.

On the other hand, the thermal performance of the aluminum
radiator is limited, because the radiator has nearly reached its
peak compactness nowadays. One useful method to increase
the compactness or thermal performance of the HEX is to use
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Figure 1 Schematics of the positions of a radiator in truck. (Color figure
available online.)

microcellular foam materials. A lot of research has been
focused on the aluminum foam HEX [6-13]. However, the
porous aluminum only presented a thermal performance similar
to that of the conventional louvered fin design. Meanwhile,
the pressure drop was higher in the aluminum foam than in
the louvered fin design [7]. Another interesting foam material
is graphite foam, whose effective thermal conductivity (40 to
150 W/(m-K)) [14] is much higher than that of the aluminum
foam (2 to 26 W/(m-K)) [8]. Besides that, the graphite foam
has low density (0.2 to 0.6 g/cm®) and large specific surface
area (5000 to 50000 m*m?) [15, 16].

The graphite foam is a potential material for heat exchangers,
due to its high thermal performance. Klett et al. [17] designed a
radiator with carbon foam. The cross section of the automotive
radiator was reduced from 48 cm x 69 cm to 20 cm x 20 cm. The
reduced size can decrease the overall weight, cost, and volume of
the system. Yu et al. [18] proved that the thermal performance
of a carbon foam finned tube radiator could be improved by
15%, compared to a conventional aluminum finned tube radiator,
without changing the frontal area, or the airflow rate and pressure
drop. Furthermore, Garrity et al. [19] found that the carbon foam
samples took away more heat than the multilouvered fin when
the volume of the heat exchangers was the same.

However, there is high pressure drop through the graphite
foam, due to the large hydrodynamic loss associated with the
small open pores in the graphite foam [20]. An appropriate
configuration of the foam can reduce the pressure drop [21].
For instance, Lin et al. [22] proved that corrugated foam could
reduce the pressure drop and maintain a high heat transfer coef-
ficient. However, the coefficient of performance (COP, a ratio of
the removed heat to the input pumping power) of the corrugated
foam is lower than that of the aluminum louver fin [23].

In order to develop a new HEX to resolve the cooling prob-
lems in the vehicle, a countercurrent-flow HEX might be in-
troduced and placed on the roof of a heavy-duty vehicle. The
HEX might be made of graphite foam. To reduce the pressure
drop of graphite foam HEX, a triangular corrugated configu-
ration is applied here to the foam on the air side of the HEX.
Furthermore, a comparison between the graphite foam and the
aluminum heat exchangers under the countercurrent flow is car-
ried out by computational fluid dynamics (CFD), to evaluate the
thermal performance and the flow characteristics. Finally, the

heat transfer engineering

water tubes
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Figure 2 (a) Schematics of the countercurrent flow HEX, with (b) graphite
foam fin and (¢) aluminum louver fin core. (Color figure available online.)

coefficient of performance (COP, a ratio of the removed heat to
the input pumping power) is analyzed.

PHYSICAL MODEL

A simplified configuration of the countercurrent-flow HEX is
shown in Figure 2. The hot water is separated and distributed into
different water tubes after entering from the inlet collector of the
HEX. Then the water flows along the negative direction of the X-
axis inside the water tubes and dissipates heat through the tubes
and fins to the ambient air. Finally it leaves the HEX through the
outlet collector. However, the air flows through the fins along
the positive direction of the X-axis, which is opposite to the flow
direction of water, to bring away the dissipated heat from the
water, as shown in Figure 2a. In order to simplify the simulation
model and save computational time, only a core of the HEX is
adopted. This is shown in Figures 2b and 2c, respectively, for
the graphite foam fin and aluminum louver fin. The overall size
of the core of the graphite foam fin is 49.70 mm x 6.85 mm x
70.00 mm (W x H x L). The size of the aluminum louver fin is:
2.31 mm x 6.85 mm x 70.00 mm (W x H x L). The detailed
configuration parameters are shown in Table 1. Furthermore, the
parameters of graphite foam material are presented in Table 2.

vol. 35 nos. 6-8 2014
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Table 1  Sizes of aluminum louver fin and graphite foam fin

W.LIN ET AL.

Aluminum louver fin [30] Fin pitch (mm),

Fin thickness (mm),

Louver spacing (mm), Louver angle (°),

231 0.152 4.76 17.06
Graphite foam fin Fin height (mm), Fin thickness (mm), Wave length (mm), Double wave amplitude (mm),
6.75 3 49.7 70

On the other hand, the fluid is assumed to be incompressible with
constant properties, and the flow is steady-state. The thermal
resistance between the water tubes and the fins is neglected.

MATHEMATICAL FORMULATION
AND NUMERICAL METHOD

Adoption of Flow Model

Based on the velocity of heavy vehicles, the air inlet velocity
of the countercurrent-flow HEX in the simulation ranges from
50 to 70 km/h. In this case, the Reynolds number on the air side
ranges from 2400 to 5000. Thus, low-Reynolds-number turbu-
lent flow prevails on the air side. In order to capture the low
Reynolds characteristics in the turbulent flow, the “renormaliza-
tion group” (RNG) k-¢ turbulence model is adopted [24, 25] on
the air side. However, laminar flow prevails inside the graphite
foam. This is so because it is difficult to generate turbulent ed-
dies in the small open cells of the graphite foam. Furthermore,
laminar flow is considered on the water side as well, in order
to simplify the simulation model (the inlet velocity of water is
assumed to be less than 2 m/s).

Mathematical Formulation
Based on the already-mentioned assumptions, the govern-
ing equations for continuity, momentum, and energy can be

expressed as follows [26-28]:

Continuity equation:

a 1
(P/ ul) -0 (1)
a)(,'
Momentum equations:

3(p,cuiu,) 3[) 0 81/{,' 81,{]'

—d — ) J

Bx,- q)ax,' + 8.\"]' (Mf + “-t) 3Xj + 3)(,'
+¢Si @

Energy equation:
9 iT bl oT
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ox; ax; Pry Pr, ) ox;

Table 2 Parameters of graphite foam [20]

The heat transfer in porous media (graphite foam zone) is
under the assumption of a local thermal equilibrium between
fluid and solid phases. The different terms in the governing
equations are defined differently in the air zone, water zone, and
graphite foam zone, as shown in Table 3.

For the air side, the equations of turbulent kinetic energy k
and the rate of energy dissipation e corresponding to the RNG
k-¢ turbulence model are:

Turbulent kinetic energy k equation:

a il ok
Ao (ki) = o ((u + &> f> PP @
Xi 8/\‘/' O 8,\‘,-

Rate of energy dissipation & equation:
2
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and
1 = SKand § = (25;;5;)°
The values of the constants are as follows:

Cy = 0.0845; 0, = 0.7194; 6, = 0.7194;
Ce1 = 1.42;Cp = 1.68;m9 = 4.38;p = 0.012.
Computational Domain and Boundary Conditions

Only half of the fin height is simulated, due to the symmetry
in the fin height direction. The water tube is also simulated for
a half height. Moreover, in order to eliminate the effect of the
entrance on the flow inside the HEX, the computational domain
is extended upstream by two times of the length of the HEX.
The downstream region of the HEX is also extended by two
times of the HEX length, to eliminate the effect of outlet on the
flow inside the HEX. Thus the total length of the computational
domain is five times of the length of the HEX, as shown in
Figure 3.

Porosity Effective thermal conductivity (W/(m-K)) Density (kg/m3)

Area to volume ratio (m%/m?) Permeability (m?) Forchheimer coefficient

0.82 120 500

5420 6.13 x 10710 0.4457

heat transfer engineering
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Table 3 Parameters definition in different zones

Parameter Air zone Water zone Graphite foam zone

pr Pair Pwater Pair

Wr Wair Wwater Wair

P’Af Prair Pryater uak,,e%p.eﬁr where Cp.eff = PCp.air

Si 0 0 —(ery; + 71"‘:’[:’ |u|u;) (based on
Forchheimer extended Darcy’s equation)

5 1 0 0

[} 1 1 0.82

Because there are air and water zones in this simulation, the
boundary conditions should be specified in the different zones
separately.

1. Air zone:

a) Upstream region: top, front, and back sides are symmetry
surfaces; left side is the velocity inlet.

b) Downstream region: top, front, and back sides are sym-
metry surfaces; right side is the outlet.

¢) HEX region: top side is a symmetry surface; front side and
back side are periodic for louver fin (due to the geometry
of louver fin being not symmetry). However, front and
back side are symmetry surfaces for the graphite foam
fin.

2. Water zone:

a) Upstream region: bottom, front, and back sides are sym-
metry surfaces; left side is the outlet.

b) Downstream region: bottom, front, and back sides are
symmetry surfaces; right side is the velocity inlet (the
temperature difference between the air and the water in-
lets is set to 50°C).

¢) HEX region: bottom, front, and back sides are symmetry
surfaces.

Numerical Method

The commercial code ANSYS FLUENT 12.0 is used for the
numerical solution. A finite-volume method (FVM) is adopted
to convert the governing equations to algebraic equations so that
they can be solved numerically [29]. The SIMPLE algorithm is

Upstream

Figure 3 Computational domain of graphite foam fin. (Color figure available
online.)

heat transfer engineering

used to couple pressure and velocity. A second-order upwind
scheme is used for the space discretization of the momentum,
energy and turbulence equations in the simulations. The conver-
gence criterion for continuity, momentum, &, and € equations is
below 1073, However, the convergence criterion for energy is
below 1078, in order to ensure the energy balance between the
air zone and the water zone under countercurrent flow.

The mesh generation is carried out by the commercial
software ICEM. In order to achieve grid independence, three
sets of mesh size (150 x 21 x 100; 139 x 21 x 100; 139 x
15 x 100) are built for the graphite foam HEX region in the air
zone. Other mesh sizes (150 x 5 x 100, 139 x 5 x 100, 139
x 3 x 100) are applied for the HEX region in the water zone.
The comparison of pressure drop and heat transfer coefficient
among the three sets of mesh sizes shows that the variation of
pressure drop is between 1.5% and 2.2% in the graphite foam
HEX region of the air zone, and between 0.013% and 0.35% in
the HEX region of the water zone. The variation of heat transfer
coefficient is between 0.25% and 0.05% in the graphite foam
HEX region of the air zone, and between 0.064% and 0.33% in
the HEX region of the water zone (when the air inlet velocity
is 18 m/s and the water inlet speed is 1.5 m/s). Thus, the mesh
size of 139 x 21 x 100 is adopted for the graphite foam fin in
the air zone, and 139 x 5 x 100 is adopted for the water zone
core. Moreover, the same method is adopted to check the grid
independence of the aluminum louver fin simulation.

RESULTS AND DISCUSSION
Parameter Definitions
Before presenting the simulation results, some parameters

have to be defined. The first one is the heat transfer coefficient,
which reads:

o
h = 6
AoAT ®
where
Q = r”fcp(Taut - Tin) (7)
ATmax — ATmin
AT = Sfmax — Bfmin ®)

ATmax
In 37

min

ATmax = maX(Tout.wau’r - Tin.airs Tin.water - Tout,air) (9)
ATmin = min(Taut.warer - Tinﬂirs Tin.water - Taut.air) (10)

where Ay is the fin surface area (m?). In the graphite foam,
Ap = yV (yis the area to volume ratio, m%m3; V is the volume
of graphite foam, m?).

On the other hand, the coefficient of performance (COP) is
the ratio between the removed heat and the required pumping
power,

0 0

COP = = (11)
P/mm uin.ah'Ain AP
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Table 4 Deviation between the simulation results and the experimental data
(aluminum louver fin)

Re StPr¥3in [30]  Simulation StPr¥? £ in [30] Simulation f
2837 0.0092 0.0097 (5.4%) 0.0435 0.044 (1.1%)
3392 0.0087 0.0086 (1.2%) 0.041 0.04 (2.4%)
3769 0.0082 0.0081 (1.2%) 0.0398  0.0382 (4.1%)

where Ap is the air pressure drop through the countercurrent-
flow HEX (Pa).

Model Validation

Prior to any further simulation, the validation of the model
has to be carried out. There are two simulation models in this
paper. One is the graphite foam fin model, and there is another
one for the aluminum louver fin. The validation of the graphite
foam model was carried out and presented in reference [23].
It was shown that the simulated pressure drop and the thermal
performance of the graphite foam agreed satisfactorily with the
experimental data. On the other hand, the aluminum louver fin
model was validated by comparing with experimental results in
reference [30]. The deviation between the simulation and the
experimental results is shown in Table 4. The StPr** predicted
by the RNG £-¢ turbulence model deviated less than 5.4% from
the experimental results. Moreover, the deviation of the friction
factor f between the simulation and the experimental results
is less than 4.1%. Thus, there is a good agreement as well for
the aluminum louver fin, in terms of thermal performance and
pressure drop.

Performance Comparison Between the Graphite Foam Fin
and the Aluminum Louver Fin

The thermal performance and pressure loss are two impor-
tant factors in the heat exchanger design. In order to compare
the performance of the graphite foam fin and the aluminum lou-
ver fin, the heat transfer coefficient is considered in the thermal
performance. The pressure drop is used to analyze the flow char-
acteristics. Finally, a composite parameter COP is presented.

Thermal Performance

The heat transfer coefficients predicted for the graphite foam
fin and the aluminum louver fin are shown in Figure 4. The
heat transfer coefficients increase with the frontal velocity. Fur-
thermore, the heat transfer coefficient in the graphite foam fin
is increased more rapdily than the one in the aluminum louver
fin. Figure 4 also shows that the heat transfer coefficient of the
graphite foam fin is much higher than that of the aluminum lou-
ver fin. Thus, there is a high thermal performance in the graphite
foam fin. This is mostly because of the special structure of the
graphite foam, in which there are many opening pores con-
nected together. The air changes its direction very frequently by
the inducement of the foam structure. In this case, the air can

heat transfer engineering

450

—m— graphite foam fin
—e—aluminum louver fin

400 A
350 A
300

250

P

12 14 16 18 20

Frontal velocity (m/s)

200

Heat transfer coefficient (W/m”.K)

Figure 4 Heat transfer coefficients at different velocity.

be mixed sufficiently in the graphite foam to increase the heat
transfer coefficient. Meanwhile, there is an extremely high ther-
mal conductivity in the graphite foam. The heat transfer inside
the solid foam is so fast that there is big temperature difference
between the air and fin wall. All these factors contribute to the
high thermal performance of the graphite foam fin.

Pressure Loss

The pressure loss through the graphite foam is based on the
Forchheimer extended Darcy’s equation (the source term in Eq.
(2)). Figure 5 illuminates the pressure drop through the graphite
foam fin and the aluminum louver fin as a function of frontal
air velocity. It is clear that the pressure drop increases with
the frontal velocity. However, the pressure drop through the
graphite foam is much higher than that through the aluminum
louver fin. Meanwhile, the pressure drop is increasing extremely
more rapidly in the graphite foam than the one in the aluminum
louver fin. The high pressure drop implies that there is a high
flow resistance in the graphite foam, which is associated with a
big number of small-size open pores in the graphite foam. Due
to the scrambling of the open pores, the air changes its flow
direction very frequently inside the foam, which causes a high

45004  —=—graphite foam fin

4000] ~—*—aluminum louver fin

3500 A
3000 -
2500 -

2000 +

Pressure drop (Pa)

1500
1000

500

12 14 16 18 20
Frontal velocity (m/s)

Figure 5 Pressure drops at different velocity.
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Figure 6 Coefficient of performance (COP) at different velocity.

hydrodynamic loss. Moreover, the large specific surface area in
the graphite foam also increases the hydrodynamic loss. It is
a fact that the high flow resistance in the graphite foam fin is
the major concern for any further applications, compared to the
aluminum louver fin.

Coefficient of Performance (COP)

There is a high heat transfer coefficient in the graphite foam
fin (as shown in Figure 4), together with a high pressure drop as
in Figure 5. In order to compare the graphite foam fin with the
aluminum louver fin in an appropriate manner, the coefficient of
performance (COP) is usually adopted. The definition of COP
is shown in Eq. (11). The simulation results of COP are shown
in Figure 6. Even though there is high thermal performance
in the graphite foam fin, the COP of graphite foam is lower
than that in the aluminum louver fin, due to the extremely high
flow resistance in the graphite foam. The low COP of graphite
foam implies that more pumping power of air is required for
the graphite foam HEX than for the aluminum louver fin HEX
under the same dissipated heat condition.

On the other hand, the COP values are reduced when the
velocity is increased. The COP of the aluminum louver fin is
reduced more rapidly than the one in the graphite foam fin.
By increasing the velocity, the difference of COP between the
graphite foam fin and the aluminum louver fin is reduced. How-
ever, if the graphite foam fin reaches the same COP value as the
aluminum louver fin, and then the velocity of air might be su-
personic, based on Figure 6. Thus, increasing the air velocity to
achieve the same COP as the aluminum louver fin is not feasible
for the graphite foam fin.

Table 5 Assumed operating data for a truck

Cooling power (kW) 200
Truck speed (km/h) 65
Radiator (water side) Tin =90°C Tou = 85°C
Radiator (air side) in = 30°C Tou = 55°C

heat transfer engineering

Table 6 Comparison between the graphite foam HEX and aluminum louver
fin HEX under countercurrent flow

Aluminum louver fin
Graphite foam HEX HEX

Cooling surface area (m?) 11.75 17.1
Overall size (W x H x L) 1000 x 163 x 70 1000 x 300 x 70
(mm x mm X mm)

Total volume (m?) 0.0114 0.021

Weight of fins in air side (kg) 1.12 3.58

Power for forcing air through 7610 3434
HEX (W)

A Comparison Study Between a Graphite Foam HEX and an
Aluminum Louver Fin HEX Under Countercurrent Flow

In order to evaluate the performance difference between a
graphite foam HEX and an aluminum louver fin HEX under
countercurrent flow, a case study (a truck with 200 kW cooling
power) is carried out. The operating data of this case are shown
in Table 5.

After analyzing this case, the total cooling surface required
for the aluminum louver fin HEX is 17.1 m2, and 11.75 m?
for the graphite foam HEX (as shown in Table 6). The total
volume of the graphite foam HEX is 0.0114 m?, which is 45.6%
less than the one of the aluminum louver fin HEX (0.021 m?).
Moreover, the weight of the graphite foam HEX is 1.12 kg,
which is 65% lower than that of the aluminum louver fin HEX
(only considering the fin weight in the air side). Thus, a light and
compact HEX could be achieved by using the graphite foam fin.
However, due to the high flow resistance in the graphite foam,
the power for forcing air through the HEX is much higher in the
graphite foam HEX than in the aluminum louver fin, when the
removed heat is the same.

CONCLUSIONS AND RECOMMENDATIONS

Because of the increased cooling requirement in vehicles,
an advanced heat exchanger has to be developed in the vehicle
industry. Placing the heat exchanger at a new place on vehicles or
using new material for heat exchanger might favor the design of
advanced heat exchangers. In this paper, a countercurrent-flow
graphite foam HEX is presented for placement on the roof of the
driver compartment. Furthermore, a performance comparison
between the graphite foam HEX and the aluminum louver fin
HEX is carried out under countercurrent flow. The major results
are as follows:

1. The graphite foam fin design has higher heat transfer co-
efficient than does the aluminum louver fin. However, the
pressure drop through the graphite foam is much higher than
that through the aluminum louver fin.

2. The coefficient of performance (COP) in the graphite foam
fin is lower than in the aluminum louver fin, due to the large
hydrodynamic losses in the graphite foam,
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3. For the case considered in this paper, the volume of the
graphite foam HEX is 45.6% less than that of the aluminum
louver fin, and the weight of the graphite foam HEX is
65% less than that of the aluminum louver fin, under the
countercurrent-flow condition.

Thus, a light and compact heat exchanger would be achieved
by using the graphite foam. However, there are still several prob-
lems facing the application of graphite foam HEX in vehicles.

1. It requires large input pumping power for the graphite foam
HEX. Thus, an appropriate configuration of graphite foam
has to be developed to reduce the pressure drop.

2. The manufacturing methods of graphite foam HEX are not
mature, compared to the aluminum HEX.

Thus, there is still much effort needed for the development
of new heat exchangers in the vehicle industry.

NOMENCLATURE

A area [m?]

Ap fin surface area [m?]

Cr Forchheimer coefficient

Cp specific heat [J kg~ K]

f friction factor

h heat transfer coefficient [W m2 K]
k turbulent kinetic energy

m mass [kg]

Py turbulence production term
Ppum  pumping power [W]

Pr Prandtl number

p pressure [Pa]

@] amount of heat energy [W]
Si source term

St Stanton number

T temperature [K]

u velocity [m s™!]

1% volume [m?]

Greek Symbols

a permeability [m?]

Ap  pressure drop [Pa]

logarithmic mean temperature difference [K]
turbulent index (turbulent 8 = 1; laminar § = 0)
rate of energy dissipation

porosity

area to volume ratio [m? m ]

dynamic viscosity [Pa-s]

density [kg m™3]

TERES® >
iﬂ

Subscripts

air air
eff effective

heat transfer engineering

f fluid

in inlet

max  maximum
min  minimum
out  outlet

t turbulent

water water
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ABSTRACT

Graphite foam is one kind of favorable materials in thermal engineering applications because of its high thermal
conductivity and large specific surface area. However, there is an associated high flow resistance in the graphite
foam resulting from the porous structure property. In order to reduce the flow resistance and enhance the heat
transfer, dimpled fins could be applied in graphite foam heat exchangers. In this paper, the flow characteristics
and thermal performance of graphite foam dimpled fin heat exchangers have been investigated numerically
through three-dimensional simulations of fluid flow and heat transfer in graphite foam dimpled fin channels. The
local thermal non-equilibrium model has been applied to analyze the thermal performance of the graphite foam
dimple fin (porous zone), and the Forchheimer extended Darcy’s law has been employed to consider the air
pressure drop through the porous graphite foam. Moreover, the SST k- turbulence model has been used to
capture the turbulent flow characteristics outside the graphite foam region. The details of the fluid flow and heat
transfer over the dimple fin are presented. The results show that the graphite foam fin with two sides dimple
presents the highest values of the normalized Nusselt number (between 2.4 and 4 .6) and overall thermal
performance factor. Furthermore, the graphite foam dimple fin provides higher effectiveness than the
conventional aluminum offset fin, wavy fin and louver fin concerning energy saving.

KEY WORDS: Graphite foam heat exchanger, Dimpled fin, Heat transfer enhancement, Turbulent mixing,
Thermal performance, Computational methods.

1. INTRODUCTION

Because of the high thermal conductivity (the solid phase thermal conductivity is 1500-2000 W/(m-K), and the
effective thermal conductivity is varied with density from 40 to 150 W/(m-K)) and the large specific surface area
(5000-50,000 m*m?*) [1], graphite foam is a kind of favorable materials in thermal engineering applications such
as electronic cooling systems, vehicle cooling systems, energy storage systems, high temperature heat
exchangers and so on. Review works about the graphite foam used in thermal engineering applications can be
found in [2-3].

A lot of research works has been carried out to analyze the thermal performance of the graphite foam heat
exchangers. Klett et al. [4] used the graphite foam to design a radiator. The cross section of the automotive
radiator was reduced from 48 cm x 69 cm to 20 cm X 20 cm because of the graphite foam. The overall weight,
cost and the volume of the cooling system were reduced as well. On the other hand, Yu et al. [5] proved that the
thermal performance of a carbon foam finned tube radiator could be improved by 15 % compared to a
conventional aluminum finned tube radiator without changing the frontal area, or the air flow rate, or pressure
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drop. Based on an experimental work, Garrity et al. [6] found that the carbon foam samples brought away more
heat than the multilouvered fin when the volume of the heat exchangers was kept the same. Furthermore, Lin et
al. [7] found that the graphite foam wavy corrugated fin heat exchanger presents higher power density and
compactness factor than an aluminum louver fin heat exchanger.

Even though there is a substantial heat transfer enhancement in the graphite foam, the graphite foam is still
associated with other problems. One of the most important issues is the high pressure drop due to the large
hydrodynamic loss associated with the cell windows connecting the pores [8]. In a study concerning reduction of
the pressure drop, Gallego et al. [9] presented six different configurations of graphite foam heat exchangers. That
study showed that the solid foam had the highest pressure drop while the finned configuration had the lowest
pressure drop. In another study, Leong et al. [10] found that the baffle foam presented the lowest pressure drop
among four configurations of graphite foams at the same heat transfer rate. Lin et al. [11] revealed that the
corrugated fin could reduce the pressure drop while maintaining a high heat transfer coefficient compared to the
solid foam. All together, these studies illustrate that the configuration has an important effect on the pressure
drop through the graphite foam.

In order to find an appropriate fin type for the graphite foam heat exchanger, many different structures of
aluminum fins (wavy fin, louver fin, offset fin, dimple fin, and so on) are considered in terms of thermal
performance and pressure loss. It was found that the dimple could be an attractive fin shape due to its high heat
transfer performance and low flow resistance [12-15]. Mahmood et al. [16] experimentally tested the local heat
transfer and flow characteristics above a dimpled surface in a channel. The heat transfer was enhanced by the
vortex pairs and vertical fluid near the dimple. However, different parameters would affect the thermal
performance of dimple surfaces [17-20]. When the ratio of dimple depth to dimple print diameter was reduced,
the vortex pairs became stronger and the local Nusselt number was increased [17]. Furthermore, Moon et al. [18]
analyzed the thermal performance in the dimple passage under different channel height. The heat transfer could
be enhanced by around 2.1 times compared to the channel without dimples. On the other hand, Ligrani et al. [21]
found that the dimple with protrusions on opposite walls led to additional vertical, secondary flow and strong
flow mixing compared to the one with flat surface. The heat transfer enhancement could be achieved by adding
the protrusion in the dimple channel, but the friction factors were also increased 2.0-2.7 times compared to one
in a channel with dimples and flat top surface. Combining the increased form drag and channel friction factors,
the thermal performance factors in the channel with dimples and protrusion top surface were lower than those in
the flat top surface channel [22].

From the above literature review, it is evident that the dimple technology may enhance the heat transfer in a
channel or in a heat exchanger. However, the available research is limited concerning the dimple technology
used in the porous graphite foam, which is a very good potential material for compact heat exchangers. So in
order to take advantage of the graphite foam, high thermal conductivity and low density, at the meantime to
reduce the flow resistance of graphite foam, the fins with one-side dimples or two-side dimples are designed into
the graphite foam heat exchanger in this paper. The main objective of the present study is to investigate the heat
transfer enhancement of graphite foam dimple fin, and the flow characteristics caused by the porous graphite
foam dimple fin. The local thermal non-equilibrium model was applied to analyze the thermal performance of
the graphite foam dimple fin, and the Forchheimer extended Darcy’s law was employed to consider the air
pressure drop through the porous graphite foam. The SST k- turbulence model was validated to capture the
turbulent flow characteristics outside the graphite foam region. The detail fluid flow and heat transfer over the
dimple fin are presented. In addition, the overall performance of the graphite foam dimpled fin is compared with
conventional aluminum offset fin, wavy fin, and louver fin. Some fin structures are evaluated in terms of energy
saving.

2. PHYSICAL MODEL

A schematic diagram of the physical model (plate-fin heat exchanger) in this study is shown in Fig. 1. The
hot water flows inside the flat tubes, and the cold air flows through the porous graphite foam fins. The heat is
transmitted through the tube wall to the graphite foam fins and finally dissipated to the air. The properties of
the graphite foam are listed in Table 1. Three cases of graphite foam fins are analysed: rectangular fin
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without dimple (Case 1); rectangular fin with one-side dimples (Case 2); rectangular fin with two-side
dimples (Case 3). Note that the fin thickness of the three cases is kept the same. According to research work
about the graphite foam fin [23], the optimal thickness of graphite foam fin is between 3 mm to 5 mm in
terms of thermal performance. Accordingly, the thickness of graphite foam fin is selected to be 5 mm in this
study. The pitch of fins in the height direction (z-direction) is 15 mm, and the width of fins is 64 mm. The
assumptions in this study are as follows:

(1) The air is assumed to be incompressible with constant properties and in steady-state.

(2) The connection between the tube wall and the graphite foam fin is assumed perfect without any air
gap inside. Thus, the thermal resistance at the interface between the tube wall and the graphite foam
is neglected.

(3) The porosity through the graphite foam dimple fin is constant.

(4) The thermal conductivity of graphite foam is assumed to be isotropic.

Table 1 Properties of the graphite foam considered in this study [8].

Specimen Porosity (p)  Average Special Permeability  Forchheimer Effective
void surface area (o) (m?) coefficient thermal
diameter (@) (m¥/m?) (Cr) conductivity
(Dyp) (m) (herr) (W/m K)

POCO 0.82 500 5240 6.13x 10" 0.4457 120

Air Water tubes

W

Case 1: rectangular fin (baseline case ) 15

Il

Case 2: rectangular fin with one-side dimples

z Case 3: rectangular fin with two-side dimples z

X Y
Fig. 1 Schematic pictures of physical model: plate fin heat exchangers (dimensions are given in mm).

The detailed geometry of the dimple fin is shown in Fig. 2. An array of circular dimples is positioned on the
surface in a staggered arrangement, as shown in Fig. 2 (a). The spacing of adjacent dimple rows (S) is 8 mm,
and the spacing of every other dimple row (P) is 16 mm. The dimple print diameter (D) is 5.08 mm, and the
dimple depth () is 1.02 mm. Due to the periodic structure, a core of graphite foam fin is chosen with only
two rows of dimples (x-direction) and half of the fin width, the overall size of the core is: 16mmx32mmx15
mm (xXyxz), as shown in Fig. 2 (c). A periodic condition is applied to the flow inlet and flow outlet.
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Fig. 2 Schematic figures of dimple fin geometry. All dimensions are given in mm.

3. NUMERICAL METHOD
3.1 Flow Modeling Selection

A detailed discussion of the computational model (laminar or turbulent) of the flow regime has to be presented
before the numerical computations. Because the porous structure and high flow resistance in the graphite foam
region, the air velocity inside the foam is very low. The Reynolds number based on the pore diameter and the air
velocity inside the pore is lower than 10, which is lower than the transition region value of 100. So laminar flow
is considered inside the graphite foam region. However, the Reynolds number based on the channel hydraulic
diameter and the air mean velocity is ranging from 2700 to 9000 outside the foam region, and thus turbulent
flow prevails on the air zone.

Furthermore, it is very important to select an appropriate turbulence model for a specific simulation. In order to
capture the effect of the vortex pairs and vertical fluid near the dimple, the k- turbulent model is considered in
the near the dimple walls to predict the location of flow separation and the displacement effect associated with it.
However, the k- @ model has a very strong sensitivity to the free stream outside the boundary layer, and the k- @
model can not accurately represent the & and ¢ distribution in agreement with direct numerical simulation (DNS)
data. So in the free stream far from the boundary walls, the k¢ turbulent model is used, due to its good
agreement with DNS data by employing different damping functions. Therefore in this study the shear-stress
transport (SST) k- model, combining the effect of k&~ model and the k- model, has been applied to capture the
turbulent flow characteristics [24].

3.2 Governing Equations

Based on the above mentioned assumptions, the governing equations for continuity, momentum and energy
can be expressed as follows [24-27]:

3.2.1 Air zone governing equations
Continuity equation:
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O(Puit;
( Ox, ) =0 )
Momentum equations:
8(pmru,.uj.) op 0 Ou, Ou,
T _a_xi“ng((ﬂw +u,)[ o o B )
Energy equation:
o(pun,T) :i{(m+&]ﬂ] o)
Ox; ox; (\ Pr,, Pr, )ox,

The equations for the turbulent kinetic energy k and the specific dissipation rate o corresponding to the SST
k- w turbulence model are:
Turbulent kinetic energy k:

0 uk .
Aewtk) o ff, 1)\ Gy pre @
Ox; Ox; o, )Ox;
Specific dissipation rate w:
0 u.m
Aowne)_ off, mlowl ng , g +2(1-B) 0,0 -0 20 s)
Ox; ox; o, )ox, ] @ Ox; Ox,;

where, Gy is generation of turbulent kinetic energy, F; blending function, p’=0.09, 6,=0.5,
6,,=0.856, =0.0828.

3.2.2 Graphite foam zone governing equations

Due to the porous structure of the graphite foam, the Forchheimer extended Darcy’s law is applied to
consider the air pressure drop through the graphite foam. On the other hand, concerning the heat transfer in
the porous media, there are two major models: (1) the local thermal equilibrium model; (2) the local thermal
non-equilibrium model. Because of the large difference of thermal conductivity between the air and the
graphite foam, the local thermal non-equilibrium model is employed to analyze the heat transfer performance
of the graphite foam, but the thermal dissipation is neglected in the energy equation. Based on this, the
governing equations for the graphite foam are as follows:

Continuity equation:

a (pairui )
ox,

i

=0 (6)

Momentum equations:

olo.uu. )
—(p‘”’u’u’)=—¢a—p+i[w[%+%n_¢[ﬁi p? s |u|“j ™)

Ox, ox, Ox; ox, 0Ox a a
Energy equations:
1. Air phase:
6 pairc airu T a 8T -
(DM = A‘a[r of A |+ hs air 5 air (T; ]-;11/ ) (8)
ox; 7 ox; | o,
2. Solid phase:
o | oT,
0=A4,,—|—|-h T T, 9
s.eff 6xj (axj] s airYs.air ( s mr) ( )
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where ﬂ’cj/ = ﬂ’s.e/] +ﬂ'air.ejf = /Iseﬁ

can be obtained. The value of the interfacial heat transfer coefficient (4,,;) needs to be specified for the
energy equations. There are many different empirical formulas of /; ., which are based on experimental or
theoretical works. After a comparison of the different formulas, the following one is used in this study [34]:
_ 2
Nux.air =a h Dp //7'air (10)

s.air’"s.air

+ A

air *

Je 1s taken from experimental data [8] and then the value of 4,

(1) Pe, <40, Nu,

s.air

=(33.3+0.51P2%)(1— )" (11

(2) Pe, =40, Nu, . =(32.0Pr>"+1.18 Re;* Pr’*)(1 - )** (12)

s.air air

ul’DP
where, Pe, =Re, Pr,, = > Pr,,

air

3.3 Boundary Conditions

The momentum and energy transports are calculated simultaneously in the air and the graphite foam zones. The
boundaries on the graphite foam walls of the fluid phase are set up as “interior surfaces” or interfaces, and the
ones of the solid phase are “walls”. Thus, the solution in the momentum and energy transports on the interfaces
between the air and graphite foam zones are not required. The necessary boundary conditions are shown in Fig.
3. The boundary conditions are as follows:

(1) X=0 and X=P (16 mm): periodic inlet and periodic outlet. The length of the period is P (16 mm).

Only the rate of flow in x-direction is set up.
(2) Y=0: constant heat flux is given; Y= W/2 (32 mm): symmetric boundary condition.
(3) Z=0 and Z=H (15 mm): periodic boundary conditions.

Periodic outlet

Qw =
constant i
Symmetric

condition

X

Periodic inlet
Y

V4

*In z-direction: periodic boundary condition

Fig. 3 Boundary conditions of the core of graphite foam dimple fin (Case 2)
3.4 Parameters Definition

In order to compare the thermal performance, the averaged Nusselt number of the dimple fin is employed. The
definition is as follow:
Nu=— Db

ﬂ‘air(Tw_T:lir) (13)



IHTC15-8536

air

where, T ——— and T = . On the other hand, the flow characteristics are presented by the

air

deA deV

w atr

Fanning friction factor f

_ApD,
= 14
f 2Lp axrub ( )
Another method to evaluate the performance of the graphite foam dimple fin is to normalize the averaged
Nusselt number and the friction factor with the corresponding values in a fully developed rectangular channel
flow without any fin enhancement. The values for Nu, and f; for fully developed channel flow are defined as
follows [28]:

—  (/,/2)(Re,—1000)Pr,,
Nuo =
1.0+12.7f, /2 (Pr2’~1)

(15)
/o =(0.79InRe,~1.64) " / 4 (16)

3.5 Numerical Method and Grid Dependence Test

The commercial code ANSYS FLUENT 14.0 is used for the numerical simulations. A control-volume-based
technique is adopted to convert the governing equations to algebraic equations so that these can be solved
numerically [29]. The Semi-Implicit Method for Pressure Linked Equations (SIMPLE) algorithm is used to
couple pressure and velocity. A second-order upwind scheme is used for the space discretization of the
momentum and energy equations in the simulations. The residual of the continuity, components of velocity, k,
and o is set to be below 10, while for the energy it is below 10”. On the other hand, the pressure drop gradient
was monitored as well.

Due to the complex geometries, an unstructured grid is employed by using the ICEM software, as shown in Fig.
4. To ensure accuracy and validity of the numerical results, grid independence has to be validated by using
different sets of mesh size. In this study, four sets of mesh size (Mesh 1: 225000, Mesh 2: 696000, Mesh 3:
1177000, Mesh 4: 2000000) were tested in the Case 2 at Reynolds number of 8,536. The averaged Nusselt
number and the friction factor from these four grid systems are listed in Table 2. It is found that the relative
deviations of Nusselt number and friction factor between Mesh 3 and base line (Mesh 4) is 1.68 % and 1.85 %,
respectively. Therefore considering the numerical accuracy and computational time, the Mesh 3 is chosen for the
Case 2. The same method is employed to check the grid independence of Case 1, and Case 3. The grid with
630000 elements is chosen for Case 1. However, due to the complex geometry, a huge grid with many small
clements has to be employed in Case 3. Accordingly, a grid with 1250000 elements is chosen for Case 3. On the
other hand, by checking the value of y" near the wall, it is found that the y* is from 0.2 to 0.7 among the three
cases. This indicates that the grid is fine enough (y'<1) near the wall to capture the boundary layer flow
characteristics.

X
Fig.4 3-D meshing on fin surfaces (Case 2). LZ
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Table 2 Grid independence test (Re = 8,536).

Mesh 1: Mesh 2 Mesh 3 Mesh 4
Nu 74.72 66.67 64.60 63.53
f 0.02108 0.02025 0.01979 0.01943
[ANu | 17.61 % 4.94 % 1.68 % Base line
|Afl 8.49 % 4.22 % 1.85% Base line

4. RESULTS AND DISCUSSION
4.1 Model Validation

Before presenting the simulation results, a validation of the simulation model has to be carried out. There are two
simulation models to be validated in this study: the graphite foam porous model and the dimple fin model. The
graphite foam porous model has been validated in [7, 30], and is not repeated here.

In order to validate the dimple fin model, the numerical results of the dimple fin case from the SST k-w and the
realizable k-¢ turbulence models were compared with the experimental data of Mahmood et al. [17]. The
comparison results are listed in Table 3. The same dimensions and boundary conditions as in the experimental
work were applied in the validation. As shown in the table, the numerical results from the SST k- turbulence
model were in good agreement with the experimental data, with a maximum error of 7.32 % in the normalized
friction factor f/fp and 3.15 % in the normalized averaged Nusselt number N / Nu, , respectively. However, the
simulation results from the realizable k-¢ turbulence model were quite far away from the experimental data (the
deviations of f/fy and Nu / Nu, are from 22.93 % to 46.87 % and from 10.36 % to 38.70 %, respectively). This
is mostly because the k-¢ model is weak in capturing the boundary layer characteristics near the dimple (flow
separation, vortex pairs etc.). The SST k-w model complements this and takes advantage of the k-¢ model in the
free shear layers. Thus the SST k-w turbulence model is employed to predict the thermal performance and the
flow characteristics of the dimple fin model in this study.

Table 3 Validation of two turbulence models for the dimple fin model.

Rey ffo N APl Nu/Nuo  Nu/Nuo" |ANu/Nuo|
SST k-w 5000 4.40 4.10 7.32 % 231 2.30 0.43 %
model 10000 3.13 3.20 2.19 % 2.23 2.24 0.46 %
15000 3.25 3.10 4.84 % 2.15 2.22 3.15 %
Realizable | 5000 5.04 4.10 22.93 % 3.19 2.30 38.70 %
k-¢ model | 10000 4.70 3.20 46.87 % 2.69 2.24 20.09 %
15000 4.03 3.10 30 % 2.45 2.22 10.36 %

4.2 Velocity and Temperature Fields

In order to provide a better understanding of the flow characteristics and heat transfer performance inside the
graphite foam dimple fin, the velocity vectors and the temperature distribution near the dimple (only Case 2 at
Reynolds number of 5,687 is analyzed) are presented in Figs. 5 and 6, respectively. When the fluid flows
through the dimple, because of the sudden expansion of the cross section of the flow channel, there is a negative
pressure area upstream of the dimple. This negative pressure causes a recirculating flow inside the dimple, as
shown in Fig. 5. The recirculating flow leads to a low heat transfer performance. The fluid temperature in the
recirculating zone is higher than in the downstream region, as shown in Fig. 6. This indicates that the thermal
boundary layer is thicker in the flow recirculating zone than in the downstream region. The thicker the thermal
boundary layer is, the poorer the heat transfer performance is. After the recirculating zone, the shear layer
reattaches near the downstream edge of the dimples where high heat transfer is accordingly attained.
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Furthermore, due to the pressure difference between the dimple side and the flat side on the graphite foam fin,
the heat transfer is enhanced further in the graphite foam fin.

oY — Z
-0.222 1.04 2.30 3.56 4.82 6.08 X

272 296 320 344 368 392
BT T e

Fig.6 Temperature distribution (K) at Re=5687.

Air flow

Fig.7 Stream line colored by velocity (m/s) at Re=5687.
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The details of the flow streamlines inside the dimple are shown in Fig. 7. The recirculating flow is a three-
dimensional phenomenon. The recirculating flow occurs upstream of the dimple. Due to the strong reattachment
of the shear layer, some part of the recirculating flow traverses the side of the dimple, loses its momentum and is
¢jected along the side rim of dimples.

4.3 Heat Transfer Performance and Flow Characteristics

In order to evaluate the heat transfer performance of the graphite foam, the surface averaged Nusselt number is
considered. Figure 8(a) shows that the averaged Nusselt numbers in the graphite foam fin with one side dimple
or with two sides dimple are higher than for the graphite foam fin without dimple. This is because the dimple can
enhance heat transfer by effect of vortex pairs, vertical fluid, secondary flow and strong flow mixing. This effect
is much clearer on the fin with two sides dimple. Moreover, as the flow structure is different between the two
sides of the fin, some part of the fluid penetrates through the graphite foam. This penetration process also
increases the heat transfer. Because of these two main reasons, the averaged Nusselt number in the graphite foam
fin with one side dimple is around 1.5 times higher than the one in the graphite foam flat fin, and the one in the
graphite foam fin with two sides dimple is around 2 times higher than the one in the flat fin.

The flow characteristics are expressed by the pressure drop, as shown in Fig. 8(b). The pressure drop of the fin
with one side dimple is around 1.5 times higher than that of the flat fin, while the fin with two sides dimple
produces about 2.2 times higher pressure drop than the flat fin. This is mostly because of strong flow mixing
inside the dimple and the penetration through the graphite foam. The flow mixing inside the dimple becomes
more intensive as the Reynolds number is increasing. Based on this reason, the pressure drops of the fin with one
or two sides dimple are increased faster than that of the flat fin. Compared to the flat fin, the pressure drop of the
fin with one or two sides dimple is 1.9 and 2.8 times higher, at the high Reynolds number, respectively.

70 240
—=— fin with two sides dimple —a— fin with two sides dimple

857 —o— fin with one side dimple " —r —e— fin with one side dimpFIJe

5 60 flat fin 2001 4 fiatfin
—~ 180

£ 554 E
3 s 160
c . o
= 50 < 140
3 o
I3 -4
8 45 E 1204
z [ J
Z 40 g 100
& 35 g 901
3 30 a 604
© B

254 20

T T L L T T T
2000 3000 4000 5000 6000 7000 8000 9000 2000 3000 4000 5000 6000 7000 8000 9000
Reynolds number Reynolds number
(a) Averaged Nusselt numbers (b) Pressure drop (Pa/m)

Fig. 8 Heat transfer and pressure drop performance through the graphite foam fins.

Another method to evaluate the performance of the graphite foam dimple fin is to normalize the averaged
Nusselt number and the friction factor with the corresponding values in fully developed rectangular channel
without any fin enhancement. The values for Nu, and f; of fully developed channel flow without any fin
enhancement are defined by Eqs.15 and 16 already.

Figure 9 shows that the values of Nu/Nu, and f/f; are decreasing by increasing Reynolds number. Due to the
effect of graphite foam fin, there is heat transfer enhancement based on the values of Nu/ Nuo (larger than 1.0).
The heat transfer enhancement of graphite foam fin with two sides dimple is best among the three cases based on
the values of Nu/ Nuo, which is between 4.6 and 2.4. On the other hand, Due to the high flow resistance inside

10
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the graphite foam, more and more fluid prefers to flow through the empty channel instead of penetrating through
the graphite foam as the Reynolds number is increasing. Accordingly, the effect of porous graphite foam is
slowly eliminated as the Reynolds number is increased. This is the reason that the heat transfer enhancement of
the graphite foam flat fin compared to the fully-developed channel flow is reduced from 2.5 to 1.14 (nearly 1.0)
as the Reynolds number is increased, and the friction factor increase in the flat fin is also reduced closed to 1 at
high Reynolds number. Furthermore, due to the weakening of the porous graphite foam as the increasing of
Reynolds number, the reduction ratios of Nu / Nuoand f/f; are similar for all three cases.

5.0 5.5
—=— fin with two sides dimple o 'S —a— fin with two sides dimple
4.54 .\ —e— fin with one side dimple .U —e— fin with one side dimpie
—+—fiatfin —a—flat fin
4.0 \ 45
3.5 \ 4.0 .
S 54
IS 3.0 o 3.5
|E ¥ 3.0
R 25- N

\ \‘\o—\‘ 2%
2.04
2.0+
1.5 \A\‘\‘ ‘\‘\\\‘
1.5
1.0

g —T 7777

2000 3000 4000 5000 6000 7000 8000 9000 1.0 T T T T T T T

2000 3000 4000 5000 6000 7000 8000 9000
Reynolds number

Reynolds number
(a) Normalized Nusselt number (b) Normalized friction factor
Fig. 9 Normalized Nusselt number and friction factor over the fully-developed flow case.
4.4 Overall Performance
From the foregoing analysis of the computed results, it is found that the heat transfer enhancement is the best in
the graphite foam fin with two sides dimple. However, this case also presents the highest flow resistance. In

order to combine the heat transfer performance and the flow characteristics, the overall performance of the
graphite foam fin is presented.

J —=— fin with two sides dimple
2.6 —e— fin with one side dimple

—a— flat fin
< 2.2-: \\

1.2 \\
1.0 ' : ' : . r T
2000 3000 4000 5000 6000 7000 8000 9000

Reynolds number

Fig. 10 Overall thermal performances of the three foam fins

The first overall performance criterion is the value of Nu/ Nuo/(f/fy)"”, which was proposed by Gee et al. [31].
This performance parameter provides a heat transfer augmentation quantity under a certain input pumping power

11
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and a certain heat transfer duty condition. This parameter considers both the heat transfer augmentation and the
friction loss increase. Figure 10 shows among the three cases, the graphite foam fin with two sides dimple
provides the highest value of Nu/ Nuo/(f/f;)"”, which is between 1.5 and 2.7. This implies that the graphite foam
fin with two sides dimple can enhance the heat transfer by maximum 2.7 times under the same input pumping
power and the same heat transfer duty compared with the other two cases. Therefore, the graphite foam fin with
two sides dimple exhibits good overall performance.

After the comparison among the three cases of the graphite foam fin, another overall performance criterion is
concerned to compare the graphite foam fin and the aluminum fin. The criterion is based on energy saving to
compare the effectiveness of the different enhancement techniques [32]. The ratios of heat transfer enhancement
(Nu/Nu,) and friction factor increase (f/fy) are employed as the coordinates in this criterion. When the two
coordinates are both greater than 1.0, the plot is divided into four different regions based on the energy saving
effect, as shown in Fig. 11. If a working point of an enhancement technique is located in Region 1, the
consumption of one unit pumping power will lead to less heat transfer rate compared with that of the reference
case. Thus for energy-saving purposes the working point should be located outside Region 1.

I O One-side dimple, this study
J Region 4 .
B Ao . m H Two-side dimple, this study
44 il A Dimple+Protrusion, [17]
) Q-7
|§ 3 o O Offest fin(1/6-12.18), [33]
T d = :
|§ i Region3 | \Wavy-fin (11.44-3/8), [33]
A
gg oll | % Louverfin 316-11.1), 33]
2- a % Q Iy
- o i Lt Gmgegm“ B Dimpled blade tip, [12]
S | e % ® Dimple (H/D=1.11), [18]
,—"'QJD IR - Region 1
: P . . . 4 Dimple (H/D=0.74), [18]
2 3 4 5 6
,

Fig. 11 Energy saving performance among the graphite foam fins and the aluminum fins.

The reference data of the aluminum offset fin, wavy fin and louver fin comes from the experimental data in Kays
and London’s book [33]. Moreover, other reference data concerning a channel with dimples from the research
work [12, 17, 18] is also included in Fig. 11. All of the working points are for turbulent flow condition. It is
found that the working points of the aluminum offset fin, wavy fin and louver fin are all located in Region 2, in
which heat transfer is enhanced based on identical pumping power but deteriorated based on identical pressure
drop. The working points of the dimple cases are all in Region 3. This means that heat transfer is enhanced based
on identical pressure drop but the increase in friction factor is larger than the enhancement of heat transfer at
identical flow rate. From the energy saving point of view, the dimple cases are better than the aluminum offset
fin, wavy fin and louver fin. On the other hand, based on the line slope of one side dimple (graphite foam fin),
two sides dimple (graphite foam fin) and other channel with dimple in Fig. 11, it is shown that the slope of one
side dimple (graphite foam fin) is very large among these cases. The larger the basic line slope of a working
point is, the better its energy-saving effectiveness is. From the foregoing analysis of Fig. 11, the graphite foam
fin with one side dimple is effective in terms of energy saving.

6. CONCLUSIONS

Flow characteristics and heat transfer performances were studied in graphite foam fin with three cases at
Reynolds number of 2700 — 9000: flat fin (Case 1), fin with one side dimple (Case 2), and fin with two sides
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dimple (Case 3). Based on the present study, it can be concluded that the graphite foam fin with dimple has
the potential to enhance the heat transfer. The main findings from this study are summarized as follows.

(M

2

)

“4)

The dimples lead to strong flow mixing along the graphite foam fin, and enhance the heat transfer.
Meanwhile due to the penetration and high thermal conduction of the graphite foam, the heat transfer
was enhanced more deeply.

Compared with the fully developed rectangular channel without any fin enhancement, among the three
cases in this study, the graphite foam fin with two sides dimple (Case 3) presents the highest value of
Nu/ Nuo, which is between 4.6 and 2.4. This indicates that the heat transfer enhancement in Case 3 is a
factor of up to 4.6. However, due to the porous structure of the graphite foam, the normalized friction
factor ff; is between 5.2 and 4.0.

Combining the enhanced heat transfer and pressure drop increase, the overall performance criterion
of Nu/ Nuo/(f/fy)"”is analyzed among the three cases. It is found that the graphite foam fin with two

sides dimple provides the highest value of Nu / Nuo/(ff)"*which is ranging from 1.5 to 2.7.

In terms of energy saving, the graphite foam fin with one side or two sides dimple provides higher
performance than the conventional aluminum offset fin, wavy fin and louver fin. Furthermore, the
graphite foam fin with one side dimple presents higher effectiveness in the energy saving than one
with two sides dimple.
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NOMENCLATURE
Nomenclature n coefficient for generation of
a specific surface area (1/m) specific dissipation rate
Cr  Forchheimer coefficient (-) A thermal conductivity (W/m.K)
D dimple print diameter (m) o temperature gradient (K/m)
D, pore average diameter (m) ® specific dissipation rate (1/s)
F;  blending function ®;, weighting factor
Gy  generation of turbulent kinetic (m?s?)
energy Subscripts
k turbulent kinetic energy (m?/s?) air  air
P spacing of every other dimple (m) d pore diameter
rows D channel hydraulic diameter
S spacing of adjacent dimple rows  (m) eff effective
h hydraulic
Greek Symbols H  channel height
o permeability (m?) t turbulence
s constant for turbulent dissipation 0 referenced channel
0 dimple depth (m)
€ rate of energy dissipation
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ABSTRACT

Aluminum foams are favorable in modern thermal engineering applications because of the
high thermal conductivity and the large specific surface area. The present study aims to
investigate an application of porous aluminum foam by using the local thermal equilibrium
(LTE) and local thermal non-equilibrium (LTNE) heat transfer models. Three-dimensional
simulations of laminar flow (porous foam zone), turbulent flow (open zone) and heat transfer
are performed by a computational fluid dynamics (CFD) approach. In addition, the
Forchheimer extended Darcy's law is employed to evaluate the fluid characteristics. By
comparing and analyzing the average and local Nusselt numbers, it is found that the LTNE
and LTE models can reach the same Nusselt numbers inside the aluminum foam when the air
velocity is high, meaning that the aluminum foam is in a thermal equilibrium state. Besides, a
high interfacial heat transfer coefficient is required for the aluminum foam to reach a thermal
equilibrium state as the height of the aluminum foam is reduced. This study suggests that the
LTE model can be applied to predict the thermal performance at high fluid velocities or for
the case with a large height.
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INTRODUCTION

Due to the large specific surface area, the porous structure of aluminum foams can enlarge
the surface available for heat transfer. Meanwhile, the irregular structure induces a tortuous
flow and breaks up the thermal boundary to produce high thermal performance. Thus, the
porous aluminum foams are favorable in modern thermal engineering applications [1-2], such
as electronic cooling, thermal energy absorbers, and so on.

There are two major simulation models to analyze the heat transfer performance of porous
media: (1) the local thermal equilibrium (LTE) model, in which the fluid phase and solid
phase are assumed to be at the same temperature. The effective thermal conductivity (4. of
the porous media is used to consider the combined effect of the fluid and solid thermal
conductivity. Due to the effect of the curly thermal path (thermal tortuosity) and the different
structures of the porous materials, there are many different formulas for A, based on
experimental work or theoretical analyses [3-8]. (2) the local thermal non-equilibrium (LTNE)
model, in which there is a temperature difference between the fluid phase and the solid phase.
An interfacial heat transfer coefficient (hy) has to be specified to connect the thermal energy
transport between the solid part and the fluid part. There exist various correlations to estimate
the Ay in different porous structures [9-11].

A temperature difference between the solid phase and the fluid phase is assumed because of
the large difference of the thermal conductivity between the solid phase and fluid phase
inside the porous foam [12]. This is the main reason why there are several research works on
metal foams using the LTNE model to analyze the heat transfer inside aluminum foams [13-
17]. Furthermore, some researchers tried to evaluate the accuracy of the LTNE model by
comparing it with the LTE model. Aniri et al. [18] presented the validity of the LTE
condition, and presented comprehensive error maps of the LTE based on the numerical
results. Lee et al. [19] also investigated the validity of the LTE model, and presented a
conceptual assessment of solid and fluid temperature differences. The error by using the LTE
model was increased when the difference of the thermal conductivity between the solid phase
and fluid phase was increased. In addition, Calmidi et al. [9] used experimental and
numerical methods to quantify the thermal non-equilibrium effects in metal foams.

However, due to the high interfacial heat transfer coefficient and the large specific surface
area, the metal foam and the fluid could be in a near "thermal equilibrium" state when the
fluid velocity is very high. According to [11], it was found that the solid and fluid phases
inside the metal foam were in near thermal equilibrium when the air mean velocity was larger
than 3 m/s. On the other hand, Kim et al. [20] obtained analytical solutions of the temperature
distribution in a microchannel heat sink (whose characteristics of fluid and thermal fields
were similar to those in a porous media) by using both the LTE and LTNE model. It was
shown that the LTE model could be practically used in microchannel heat sinks with high
porosity. Futhermore, Jeng et al. [21] applied the fin theory and the concept of thermal
network to estimate the heat transfer of a porous heat sink. Based on the results, local thermal
equilibrium could occur at a large height of the porous heat sink and high Reynolds number.

Based on a literature review, it is found that the LTE model is much simpler than the LTNE
model in solving one equation and defining few parameters (no interfacial heat transfer
coefficient (/) and no specific surface area (ay)). Furthermore, the simple LTE model is able
to estimate as accurately as the LTNE model in some thermal applications. Accordingly, the
present study aims to investigate the thermal performance of a porous aluminum foam by
using the LTE and LTNE heat transfer models, and exploring deeply in which engineering



applications the LTE model can be used instead of the LTNE model. In addition, to capture
the fluid characteristics, the Forchheimer extended Darcy's law is employed. The average
Nusselt numbers calculated by the LTNE and LTE model are compared. It is found that the
LTE model can predict the heat transfer performance of the aluminum foam as accurately as
the LTNE model at high fluid velocities.

PHYSICAL MODEL

A simplified configuration of the porous aluminum foam is shown in Fig. 1. The aluminum
foam with a uniform porosity is placed in a rectangular channel, and the foam is heated at its
top and bottom surfaces symmetrically. Thus, only half height of the channel is analyzed in
this study. The overall size of the core of the aluminum foam is: 15.24 cm x 5.08 cm x 15.24
cm (WxHXxL). The fluid is assumed to be incompressible with constant properties, and the
flow is at steady-state. The parameters of the porous aluminum foam are listed in Table 1.

Table 1. The properties of the studied aluminum foam [11]

Foam o (mz) Cr [0} D, Ase a
sample (m) (W/m K) (m™)
40 PPI 6.98 107 0.02 0918  5.08x10* 9.78 2760

MATHEMATICAL FORMULATION AND NUMERICAL METHOD
Computational domain

In order to ensure that the aluminum foam is located in the fully developed flow region, the
computational domain is extended upstream 1.5 times the aluminum foam sample length to
eliminate the entrance length effect [22]. Similarly, the computational domain is extended
downstream 5 times the length of the aluminum foam sample to achieve the one-way
coordinate assumption at the domain outlet. Thus, the whole length of the computational
domain is 7.5 times the actual aluminum foam length, as shown in Fig. 1.
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Figure 1 Schematic of a 2D model configuration for the porous foam
Adoption of flow models
In this study, the air inlet velocity of the upstream channel is ranging from 0.7 to 5 m/s with
the corresponding Reynolds number on the air side ranging from 3387 to 24190. Due to the

critical Reynolds number for transition from laminar flow to turbulent flow is 2300 for
channel flow [22], low Reynolds number turbulent flow prevails in the channel. On the other



hand, the Reynolds number inside the aluminum foam is ranging from 19 to 130, which is
based on the pore diameter and the mean velocity inside the pore. However, turbulent flow
prevails inside the porous media only when the Reynolds number is larger than 150, see [23].
Thus in this study, laminar flow is considered inside the aluminum foam. In order to capture
the low Reynolds number characteristics of the turbulent flow in the upstream channel, the
“renormalization group” (RNG) k-¢ turbulence model is adopted [24-25] on the air side.

Mathematical formulation

According to the above presented assumptions, the governing equations for continuity,
momentum and thermal energy may be expressed as follows:

Air zone governing equations (turbulent flow)

Continuity equation

o(pu)
=0 1
o (1)
Momentum equations
é(p,u,uj) op 0 ou, Ou,
— = |, + Ly —L 2
ox, ox, 0Ox, (#‘f ,u,) ox, O, @

Energy equation

Gx,. 6x/. Pr, P 8x/.

M:i{[ﬂ+i]ﬂ] ?3)

The equations of the turbulent kinetic energy k and the rate of energy dissipation &
corresponding to the RNG - ¢ turbulence model are as follows:

Turbulent kinetic energy k equation:

W Ok ou 0 (K, ok A
! ox, “ox, ox,| o, ox, )
Rate of energy dissipation € equation:
— Ou. K 2
W2 e, 2 (Koe) .
! ox, k"Vox, ox\ o, ox, k
3 2 2
where, R:M, i, :pcﬂk_,
(1+ B0’ )k &



0.5 0.5 2
k|( 6u, Ou; )ou, C,)" &k
=— L4 —= 5 Km =v|l+ £ 5 s
g|\ox; O, Jox, v &

and v is the kinematic viscosity of air; ;" represents the fluctuations of the time-averaged
velocity u;.

The values of the constants are as follows:

C, =0.0845;0, =0.7179;0, =0.7179%;C,, =1.42;C,, =1.68, §, = 0.012;, = 4.377.
Aluminum foam zone governing equations (laminar flow)

Because the aluminum foam is a porous medium, the Forchheimer extended Darcy's law has
been applied for the air pressure drop through the aluminum foam [23]. Due to the porous
structure, the thermal length inside the aluminum foam has to be modified by the tortuosity of
the foam, which is the ratio of the actual flow path length average (L.) to the length (L) of the
porous medium in the direction of the macroscopic flow, r=1,/L [26]. On the other hand,
because the effective thermal conductivity of the porous foam is dominated by the thermal
conductivity of aluminum, the thermal dispersion is ignored in the energy equation. Thus, the
governing equations for the aluminum foam are as follows:

Continuity equation:

o(pu)

=0 6
ox,.p ©)

Momentum equations:

o(puu,) op 0 ou, o, 4 pCh
B s U] e ranar el | a4 b~ ©)
Energy equation:
a. LTE case
a(pfcp/'u/T) 0 | or
%zﬂ
¢ ox; o 6x 6x ®)
b. LTNE case
i.  for fluid:
a(pfc[ f“jT/) o [T,
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ii.  for solid:
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where, 2, = 2,0, 4, = 4 (1=0) | 1,2, = A, + A

se?

see [15] . The internal heat transfer coefficient

hy is calculated by h, \/EL _49 (”m\/— -0.01) , see [11]. The values of z and ay are

J— /4887

adopted from the experimental work in [11]. ¢ is the porosity of the porous aluminum foam;
o the permeability of the porous aluminum foam (m?); Cy the Forchheimer coefficient.




Boundary conditions

The momentum and energy transports are calculated simultaneously for the air and porous
aluminum foam zones. The boundaries on the aluminum foam left- and right walls are set up
as "interior surfaces" or interfaces. Thus, the solutions for the momentum and energy
transports on the interfaces between upstream/downstream air and porous aluminum foam
zones are not required. The necessary boundary conditions are as follows:

(1) For the upstream extended region (-1.5L<x<<0)
At the inlet (x=-1.5L): u =const, T =const, v=w=0

ou ow _ oT

At the upper and lower boundaries (y=0, y=H): —=—=0, v=0, —=0
oy oy Oy
At the sides of z=0 and z=W: a—u:@:O,w:O, 6_T:0
0z 0z z

(2) For the downstream extended region (L <<x<<6L)

At the upper and lower boundaries (y=0, y=H): u = ow =0,v=0, o =0
dy oy oy
At the sides of z=0 and z=W: 8_u:@:0’W:0, a—T:0
z z 0z

At the outlet boundary (x=6L): ou = il = ow = or =0
Ox Ox Ox Ox

(3) For the aluminum foam region (0<<x<L)

At the sides of z=0 and z=W: 8_u:@:0’wzo’ 6_T:()
z z Oz

At the upper boundary (y=H): 812@:0’ v=0, 8_T:0
d oy oy

At the lower boundary (y=0): u=v=w=0, g, = const

Evaluation of performance parameters

In order to compare the thermal performance difference of the LTE and LTNE models, an
average Nusselt number (Nu) for the solid wall (y = 0) is defined to characterize the thermal
performance of the aluminum foam.

Nu :@ — DhQrz’mowd — Dhqw — _ Diqw_ (1 1)
A KA AT AT (T, +T,,)/2)



where D is the length scale based on either the equivalent particle diameter of the foam or the
hydraulic diameter of the channel. 4 is the effective heat transfer surface area or the heated
base area of the foam. In this study, D is defined as the hydraulic diameter of the channel Dj,
A the heated base area 4, and AT is the mean temperature difference between the heated base
temperature and the fluid mean temperature.

Another important parameter is the local Nusselt number (Nuy), which is defined as:

Nu [ Dhqw_
AT, -T)

w.x X

(12)

Numerical method and grid independence test

The commercial code ANSYS FLUENT 14.0 is used for the numerical solution. A control-
volume-based technique is adopted to convert the governing equations to algebraic equations
so that these can be solved numerically [25]. The Semi-Implicit Method for Pressure Linked
Equations (SIMPLE) algorithm is used to couple the pressure and velocity. A second-order
upwind scheme is used for the space discretization of the momentum, energy and turbulence
equations in the simulations. A second-order scheme is applied to the space discretization of
pressure as well. The residual of the continuity equation, components of velocity, £ and ¢ is
set to be below 10, while for the energy equation it is below 107.

A hexagonal mesh is generated by using the blocking technique in the ICEM software, as
shown in Fig. 2. In order to control the grid independence, three sets of mesh size (Mesh I:
80%20x60; Mesh II: 120x30x80; Mesh III: 200x50x120 (WxHxL)) were selected for the
aluminum foam region to find out the grid dependence. It was found that the deviation of the
pressure drop is between 0.07 - 0.35%, and the deviation of the Nusselt number is between
0.12 - 0.65 %, as shown in Table 2. On the other hand, the value of y" near the wall ranges
from 5 to 7 which falls within the transitional region. Based on these results, a mesh size of
120%30x80 was adopted in the final simulations.

Figure 2 Typical hexagonal meshes for the computations
Table 2. Grid independence test (u=1.2 m/s)

Mesh I Mesh 11 Mesh 111
80x20%60 120x30x80 120x30x80
Ap (Pa) 1427 1433 1432
Nu 3413 3387 3391
|Ap| deviation 0.35 % 0.07% base line
[Nu| deviation 0.65 % 0.12% base line




RESULTS AND DISCUSSION

Validation of simulation model

Before presenting the simulation results, it is necessary to validate the current simulation
model of the aluminum foam. The validation of the LTE model has been presented in [27].
Only the LTNE model will be validated here. The pressure drop (Ap) and the top surface (x =
0.5 H) temperature are calculated and compared with the experimental data [11]. Figure 3
shows the pressure drop of the simulation results and the experimental data. The maximum
pressure drop deviation between the simulation and the experimental data is less than 0.9 %.
Thus, this simulation model is satisfactory by taking into account the fluid characteristics.
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Figure 3 Pressure drop through the porous aluminum foam (L=0.1524m)
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Figure 4 The temperature of the top surface (0.5 H) of aluminum foam

A comparison of the top surface temperature on the porous aluminum foam is shown in Fig. 4.
There is a relatively large deviation between the simulation results and the experimental ones



at a low velocity, i.e., 0.7 m/s. However, the deviation is gradually reduced as the air velocity
is increased. Typically quite good agreement between the simulation results and the
experimental data is obtained when the air velocity is larger than 1 m/s. Thus, it is believed
that the present model is satisfactory and can be applied further to estimate the pressure drop
and the thermal performance of the porous aluminum foam.

Temperature distribution of aluminum foam

Because the Forchheimer extended Darcy's law has been applied together with the LTE heat
transfer model or the LTNE model, the present study will only focus on the difference in heat
transfer performance between the LTE and the LTNE models.

Figure 5 shows the air temperature distribution inside the aluminum foam. The maximum
temperature in Figs. 5 (a) and (b) is higher than the one in Fig. 5 (¢). This is because the air
velocity is increased in Fig. 5 (c), and a higher air velocity means that more heat can be
dissipated or a lower temperature is revealed. On the other hand, when the air velocity is 2.3
m/s, the air temperature near the foam inlet surface (x = 0) is somewhat lower for the LTE
model than for the LTNE model. This means that the heat is predicted to be dissipated more
efficiently by the LTE model than the LTNE model near the foam inlet surface. In other
words, the thermal performance near the foam inlet surface is predicted to be higher by the
LTE model than by the LTNE model. However, the temperature distribution becomes similar
as the length of the foam is increased.
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Figure 5 Air temperature distributions in the aluminum foam



(1) Solid phase temperature distribution

(2) Fluid phase temperature distribution
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Figure 6 Solid and fluid temperature distribution inside the aluminum foam by LTNE
model: (a) u=2.3 m/s; (b)u=4.5m/s

The solid phase and the fluid phase temperature distributions inside the aluminum foam are
shown in Fig. 6. By applying the LTNE model, the temperature difference between the solid
phase and the fluid phase can easily be seen as the air velocity is 2.3 m/s, as shown in Fig. 6
(a). This means that the aluminum foam is in a local thermal non-equilibrium state when the
air velocity is 2.3 m/s. Moreover, as the thermal resistance in the solid phase is smaller than

10



the one in the fluid phase, the temperature of the solid phase is higher than that in the fluid
phase. However, as the air velocity is increased to 4.5 m/s, the temperature distribution in the
solid phase becomes similar to the one in the fluid phase, as shown in Fig. 6 (b). This is
mostly because the high air velocity leads to a high interfacial heat transfer coefficient, which
can reduce the thermal resistance in the fluid phase. Thus, the temperature difference between
the solid phase and the fluid phase is very small. In this case, the aluminum foam is in a near
local thermal equilibrium state. It is suggested that the LTE model can be applied for the high
velocity case.

Nusselt number by LTNE and LTE models

In order to compare the heat transfer performance by using the LTNE model and LTE models,
the average Nusselt number (Nu) is analyzed. Figure 7 shows that the average Nu predicted
by both models is increased as the air velocity is increased. When the air velocity is low, the
average Nu by the LTE model is higher than that by the LTNE model at a fixed velocity. This
means that the LTE model over-predicts the heat transfer performance compared to the
LTNE model at low velocity. However, the difference in average Nu is gradually reduced as
the air velocity is increased. When the velocity is larger than 4 m/s, the average Nu by the
LTE model is similar to that by the LTNE model. This indicates that the aluminum foam is
predicted to have a similar heat transfer performance for the LTNE and LTE models at high
velocity. In other words, the aluminum foam is in a near thermal equilibrium state at high
velocities. This is mostly because the high velocity produces high convective effects, and
thereby the thermal resistance in the fluid phase is of the same order as that of the solid phase.
In this sense, the fluid phase and the solid phase might have a similar temperature distribution
when the fluid velocity is sufficiently high.
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Figure 7 Average Nusselt number between LTNE and LTE model

Figure 8 shows the local Nusselt number (Nuy) profiles along the bottom length of the
aluminum foam. The local Nuy calculated by the LTE model is higher than that obtained by
the LTNE model at an air velocity of 1.2 m/s, as observed in Fig. 8 (a). This means that the
aluminum foam is in a thermal non-equilibrium state along the length as the air velocity is
low. However, when the air velocity is increased to 4 m/s, the local Nuy calculated by the
LTE model approaches that by the LTNE model along the length of the aluminum foam, as

11



shown in Fig. 8 (b). Accordingly, as the air velocity is high, the aluminum foam is in a
"thermal equilibrium" state not only from an overall performance point of view (Fig. 7), but
also along its whole length (Fig. 8 (b)).

10000
| B LTNE model
~ )
2 sooo-.
3 70004
:E, <
2 6000
g 5000 -
1 A
Z 40004 .
8 |l = A A A A 2 A 4, 2
S 3000- . - :
1 B B g p g m =&
L
0.0 0.2 0.4 0.6 0.8 1.0
x/L
(a) u=1.2m/s, hy=15.29 W/m* K
10000 4 A B LTNE model
| A LTE model
~ 9000
=
2 |
— 8oo0o{ ™
[}
_g o
£ 7000-
: -
S 6000 &
(7] o
Z 5000
5 .
9 40004 i s
-
- L S S S
11 I ——————

0.0 0.2 0.4 0.6 0.8 1.0
x/L
(b) u=4 mJs, hy = 58.34 W/m”.K
Figure 8 Local Nusselt number along the length under different air velocity

Effect of parameters on the LTE state of porous media

The parameters affecting the porous media, regardless of the LTNE state or the LTE state, are
Jses Afe» H, and @. When the difference between A, and /. is large, a high interfacial heat
transfer coefficient Ay is required for the porous media to reach a thermal equilibrium state.
On the other hand, if the height (H) of the porous media is reduced, a high value of Ay is
required for the porous media to reach a thermal equilibrium state as well. A high value of /g
requires a high air velocity. As shown in Fig. 9, when the height of the aluminum foam is
reduced to 0.5H, the Nu of the LTNE model is close to the one of the LTE model only at an
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air velocity of around 7 m/s, which is higher than the one in the aluminum foam at the height
of 1H (as shown in Fig. 7 around 4 m/s). The reason for this is that the heat transferring
length from the heated base surface becomes shorter as the height of the aluminum foam is
reduced. In this case, the thermal resistance of the solid phase is smaller than for other cases.
Thus, the thermal resistance in the fluid phase has to be smaller to achieve a thermal
equilibrium state. Accordingly, the air velocity has to be increased to reduce the thermal
resistance in the fluid phase.

4 ] = LTNE model
0009 A LTEmodsi A AL 14 - &
4 A A ™
3500 A n
| A u
= 3000 u
3 A
£ ] n
2 2500
£ n
= |
% 2000 u
=]
Z J
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L] I L] L2 ] v ] ! ] 9 T . T Y
1 2 3 4 5 6 7 8 9

Air mean velocity (m/s)

*In LTNE model, the value of hy is changed by the air velocity.
Figure 9 Comparison of Nusselt number between LTNE and LTE models (0.5H)

CONCLUSIONS

The present study investigated the thermal performance of a porous aluminum foam by using
the LTE and LTNE models. Three-dimensional flow and heat transfer were studied by a
computational fluid dynamics approach. This research aims to evaluate the probable
applications of the LTE model and the LTNE model for specific engineering problems.
Through detailed comparisons and analysis, the major conclusions are as follows:

(1) By comparing the average Nusselt numbers, it is found that the LTE model results in
the same average Nusselt numbers inside the aluminum foam as the LTNE model
when the air velocity is high. It is suggested that the LTE model is used to predict the
heat transfer performance of aluminum foam at high flow velocities, in which the
aluminum foam is considered to be in thermal equilibrium state.

(2) As the aluminum foam is in the thermal equilibrium state, the value of the interfacial
heat transfer coefficient does not have any effect at all on the thermal performance.

(3) When the difference between /A, and A is large or the height of the porous media is
reduced, a high flow velocity is required to increase the thermal convection in the
porous media to reach thermal equilibrium state.

(4) Even though the LTNE model is a more accurate for simulation in predicting the
thermal performance of aluminum foams, the LTE model can be used at high flow
velocity cases or if the aluminum foam has a large height.
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NOMENCLATURE
a specific surface area, m™
A area, m?

cp specific heat, J kg ' K

Cr Forchheimer coefficient

D diameter, m

h heat transfer coefficient, W.m2K!
H height, m

k turbulent kinetic energy, m’.s?
L length, m

Nu Nusselt number

P pressure, Pa

Pr Prandtl number

PPl pores per inch

q heat flux, W.m™

0 disspated heat, W

T temperature, K

u, v, w velocity components in x, y and z directions, m.s™"
u;' fluctuation in the mean velocity u;, m.s’!

w width, m

Ap pressure drop, Pa
AT temperature difference, K

T average temperature, K

Greek Symbols

o permeability, m*

e rate of energy dissipation
A thermal conductivity, W.m™ K
U dynamic viscosity, Pa.s
P density, kg.m”

T tortuosity

1) porosity

Subscripts

b base

eff, ¢ effective

f fluid

h hydraulic

in inlet

i,] coordinate indices

out  outlet

p pore

s solid

t turbulence
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w

wall
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