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Abstract

The concept of partially premixed combustion (PPC), applied to conventional diesel
engines, has shown to yield high gross efficiencies and low emissions of oxides of nitro-
gen and soot. PPC emerged from the knowledge gained from homogeneous charge
compression ignition (HCCI) research. To extend the load range and thus reduce
cylinder pressure rise rates, the fuel is directly injected during the compression stroke,
instead of in the intake port as is common with HCCI. In contrast to conventional
diesel combustion, there is a separation between the fuel injection event and the start
of combustion in PPC. Furthermore, the PPC concept relies on a high degree of di-
lution with exhaust gas recirculation (EGR) and air. This dilution and premixedness
lead to a lower global temperature, which reduces NO, emissions and wall heat trans-
fer which therefore results in a high thermodynamic efficiency. However, a high level
of dilution reduces the exhaust temperature and thus leads to a lower gas exchange
efficiency because the turbine needs to compensate by generating a higher exhaust
back pressure.

This thesis therefore focuses on expanding the system boundary of PPC, to facilitate a
commercial application. This has been conducted in several studies which targeted the
brake efliciency, instead of the gross. The work was conducted with a combination of
engine modeling and simulations. Moreover, the in-cylinder combustion was taken
from experimental measurements or predicted using a stochastic reactor model.

The first part of the work investigated the influence of dilution on the gas exchange
performance. The gas exchange efhiciency was seen to decrease exponentially at high
levels of dilution. In addition, a low inlet temperature led to an increase in both brake
and gross efficiencies. Furthermore, an evaluation of turbocharger configurations re-
vealed that, although a two-stage turbocharger only negligibly increased the brake
efficiency, it enabled a substantially higher engine load than the two single-stage tur-
bochargers. Finally, the gas exchange efficiency was increased with 4 %pt. by using a
combined low and high-pressure EGR system.

The second part focused on optimizing the engine boundary conditions, choice of
fuels, and injection strategy. The results showed that by using methanol, an increase
in brake efficiency of 2.2 %pt. was possible compared to gasoline. The reason was a
higher gross efficiency which resulted from an improved compromise between com-
bustion duration, heat transfer, and NO, emissions, as well as lower compression
work and favorable ratio of specific heats. Increasing the engine’s compression ratio,
facilitated a lower inlet temperature with methanol and this led to a 1.4 %pt. further
increase in brake efficiency.
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Populirvetenskaplig sammanfattning pa svenska

De skadliga effekterna av global uppvirmning ir vilkinda samt starkt kopplade till
en 8kning av vixthusgaser och framfor allt utslipp av CO,. Fran 1970 dill 2010 for-
dubblades dessa utslipp till f6ljd av forbrinning av fossila brinslen, industriprocesser,
skogsavverkning och lantbruk. Transportsektorn stir for en stor och 6kande del av
alla CO,-utsldpp och enligt en prognos fran internationella energiorganisationen IEA
kommer lastbilar att sta for hilften av alla CO,-utsldpp frn transportsektorn ar 2050.
Eftersom mingden CO,-utsldpp dr ndstan direkt proportionell mot brinsleférbruk-
ningen ir det av storsta vikt att 6ka motorns effektivitet f6r denna grupp fordon.

Den konventionella dieselmotorn dominerar lastbilsmarknaden pa grund av dess laga
brinsleforbrukning och hallbarhet. Brinsleférbrukningen f6r dieselmotorer har mins-
kat stadigt under lang tid som f6ljd av en rad tekniska innovationer. En stor nackdel
for dieselmotorn ar emellertid att det under forbrinningen skapas stora mingder av
skadliga utslipp. Fordonstillverkare har behovt anvinda tekniker som leder till héjd
brinsleforbrukning och 6kad kostnad for att kunna minimera dessa utslipp. Detta
har i forlingningen gjort att minskningen av brinsleférbrukningen har avtagit under
de senaste dren.

Som en motpol har forskare pa senare ar bérjat utveckla nya avancerade férbrinnings-
koncept med malet att eliminera de skadliga utslippen men dndd uppné samma laga
brinsleférbrukning. Dessa koncept kombinerar pé olika sitt val av brinsle, strategi-
er for direktinsprutning och utspidning med luft. Dessutom anvinder man sig av si
kallad EGR-teknik (vilket star for exhaust gas recirculation) som innebir att avgaser
tas frin motorns utlopp och fors tillbaka till inloppet. Aven om koncepten skiljer sig
t dr det gemensamma malet att minska temperaturen under forbranningen for att pa
sa sitt sinka nivéerna av utslipp. En ligre temperatur under forbrinningen har dven
fordelen att det kan minska virmedverforingen till motorns viggar vilket kan leda till
dnnu ldgre brinsleférbrukning. Fér att nd malet om nollutsldpp krivs dock mycket
mer forskning.

I det hir arbetet har ett koncept som heter partiellt férblandad forbrinning (vilket
har férkortningen PPC) studerats. Skillnaden mellan detta koncept och konventio-
nell dieselforbrinning ir att tidpunkten f6r insprutning av brinslet ir tidigarelagd si
att brinsle och luft har mer tid att blandas. P4 sé sitt kan en mer optimal férbrinning
uppnids. Utover forblandning av luft och brinsle anvinds EGR-system f6r att reduce-
ra forbrinningstemperaturen. For att detta ska fungera krivs en vildigt effektiv turbo
som levererar stora mingder luft till motorns inlopp. Test i laboratoriemiljé har visat
att PPC kan reducera de skadliga utslippen till nivier lingt under lagkraven. Proble-
met som uppstar nir PPC ska testas pa en riktigt lastbil dr dock att dagens turbos inte

viii



ar tillrackligt effektiva och ddrfor inte klarar av att leverera si stora mingder av luft
som krivs. Foljaktligen har 4n si linge inte en ldgre brinsleforbrukning kunnat upp-
nas. Ett av huvudmaélen med det hir arbetet har dérf6r varit att analysera hur man kan
ga tillvdga for att uppna en balans av hoga mangder luft och lag brinsleférbrukning.
Vidare gjordes en optimering av val av brinsle, randvillkor, och brinsleinsprutnings-
instillningar med malet att dstadkomma en si hg motorverkningsgrad som majligt.

I den f6rsta delen av arbetet studerades olika sorters turbo-konfigurationer samt olika
EGR-system. En turbo kan leverera stora mingder luft genom att en kompression
av luften sker i turbons kompressor. Vanligtvis sker den hidr kompressionen i ett steg.
Det visade sig emellertid att om kompressionen delas upp i tva steg kan en nagot ligre
brinsleférbrukning uppnas. Dessutom kunde motorns lastomride forstoras, det vill
siga den maximala effekten blev hégre. Det finns olika EGR-system men de kan i
huvudsak delas in i tvd grupper. I den ena gruppen leds avgaserna om innan turbon
medan avgaserna tillats scromma genom turbon i den andra gruppen. I det hir arbetet
jimfordes ett system fran badadera grupper. Dessutom simulerades en hybrid, alltsd
ett system dér det var mojligt att bade ta avgaser fére men dven efter turbon. Med
hybridsystemet var det majligt att minska motorns brinsleforbrukning signifikant
eftersom turbon kunde goras mer effektiv. Slutligen visade det sig att matchningen av
turbon bor ske pa annat sitt for ett forbrinningssystem som applicerar PPC 4n for ett
med konventionell dieselférbrinning.

I den andra delen av arbetet gjordes optimeringar av olika nyckelparametrar f6r mo-
torn med malet att minimera brinsleférbrukningen. Dessutom jimfordes metanol
med tva olika slags bensinbrinslen. Resultaten visade att metanol kunde ge en or-
dentlig sinkning av brinsleforbrukningen jimfért med bensin. Dessutom kunde en
dndring av motorns geometri leda till en ytterligare sinkning av brinsleférbrukningen
med metanol eftersom det var majligt att reducera temperaturen pa den inkommande
luften och dirmed 6ka luftmassan.
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Chapter 1

Introduction

The adverse effects of global warming are well known and strongly linked to the in-
crease of green-house gas emissions [1]. From 1970 to 2010 the annual total emitted
green-house gases, which include CO, emissions from combustion of fossil fuel, in-
dustrial processes, forestry and land use as well as CH4 and N,O emissions, increased
with 81 % to yield 49 Gt CO, equivalents per year. With 66 % in 2016, the CO, emis-
sions from combustion of fossil fuels accounted for the largest part of green-house gas
emissions [2]. The majority of CO, emissions came from the electricity and heat
production, transport, and industrial process sectors as seen in Figure 1.1.

The 2 degree scenario, suggested by the Intergovernmental Panel on Climate Change
(IPCCQ), states that by 2050, the CO, emissions from combustion of fossil fuels must
be more than halved, in order to prevent the global temperature to rise more than

Electricity & heat
Transport
Industry
Buildings

Other

CO, (Gt /yr)

Figure 1.1: Total CO, emissions from fuel combustion in 2016 for the following economic sectors: 1) electricity and
heat production, 2) transport, 3) industry, 4) buildings, and 5) energy production other than electricity and
heat production [2].



2°C. This can be done via an almost complete decarbonization of the electricity and
heat production sector achieved through a transition from coal and gas to renewable
fuels as well as carbon capture and storage [3]. The demand of transporting people and
goods is increasing at a pace which is yielding a total surplus of emitted CO, emissions,
despite an increasing share of renewables. Thus, the impact from the transport sector
is expected to take up a larger fraction of the total CO, emissions.

Figure 1.2 shows the predicted 2050 CO, emissions, from the transport sector in the 2
degree scenario, split into the largest categories, namely 1) heavy-duty vehicles which
include long haul and mid-sized trucks and buses, 2) light-duty vehicles such as small
trucks and cars, 3) shipping, 4) aviation, and 5) rail. The heavy-duty and light-duty
vehicles account for 74 % in total and as a consequence the largest impact can be
achieved by focusing on these categories. Moreover, it is arguably easier to apply elec-
trification and hybridization to the fleet of light-duty vehicles than the heavy-duty
segment because of the difference in power requirement and hence battery size. Con-
sequently, a high emphasis should be put on increasing the efficiency of heavy-duty
vehicles, as tail-pipe CO, emissions are nearly proportional to the fuel consumption.

Compression ignition engines running on diesel fuel dominate the heavy-duty market
because of their high brake efficiency and robustness [4]. The evolution of engine
efhiciency for the conventional diesel engine is presented in Figure 1.3. The brake
efficiency has increased over time due to the implementation of for instance charge air
cooling, combustion system optimization, high pressure common rail fuel injection,
and variable geometry turbochargers. However, the combustion in diesel engines gives
rise to substantial amounts of harmful emissions such as oxides of nitrogen (NO,),
particulate matter, and soot. The ever-stricter regulation limits for these emissions has
led manufacturers to implement innovations such as cooled exhaust gas recirculation,

Heavy-duty
Light-duty
Shipping
Aviation

Rail

CO, (Gt/yr)

Figure 1.2: Predicted CO, emissions from combustion of fossil fuels in 2050 for the transport sector based on the 2
degree scenario (2DS) [3]. Division is made into the following categories: 1) heavy-duty vehicles, 2)
light-duty vehicles, 3) shipping, 4) aviation, and 5) rail.
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Figure 1.3: Evolution of heavy-duty engine brake efficiency at highway cruising conditions [4].

selective catalytic reduction, and particulate filters. Despite reducing emissions, these
innovations have led to a reduction in the attainable brake efficiency and an increased
operational cost [5].

In an attempt at reducing the amount of NO, and soot emissions and hence cost of an
advanced exhaust aftertreatment system, but still maintaining the low fuel consump-
tion of the compression ignition engine, several advanced combustion concepts for
the conventional diesel engine have been proposed in recent years.

1.1 Motivation and Scope

Advanced diesel engine combustion concepts such as homogeneous charge compres-
sion ignition (HCCI) and partially premixed combustion (PPC) all focus on reducing
the emissions of NO, and soot [6-10]. Although the concepts apply slightly different
means to achieve low levels of these emissions, a common feature is the application

of a high degree of dilution.

This work focuses on the partially premixed combustion concept applied to the con-
ventional diesel engine. Partially premixed combustion emerged from the knowledge
that has been gained from researching homogeneous charge compression ignition. In
homogeneous charge compression ignition, the fuel is typically injected in the intake
port a long time prior to the opening of the intake valves, or very early in the com-
pression stroke, which creates an almost completely homogeneous mixture of fuel
and bulk gas at the start of combustion. A certain degree of inhomogeneities exist,
however, mainly in temperature because of wall heat transfer and turbulent mixing
during the compression stroke [11]. In homogeneous charge compression ignition,
the combustion proceeds as a series of sequential auto ignition events. This yields



a short combustion duration and, combined with the high dilution, a high thermal
efficiency. However, the load range with homogeneous charge compression ignition,
is limited by excessive pressure rise rates which cause engine knock. The partially
premixed combustion concept attempts to expand the limited load range. Like ho-
mogeneous charge compression ignition, the partially premixed combustion concept
applies a large degree of dilution to reduce global temperatures, but in contrast uti-
lizes direct injection of the fuel during the compression stroke. The purpose of this
is to create a less homogeneous mixture, which typically reduces pressure rise rates,
but which still achieves the advantages of premixed combustion [12, 13]. To separate
partially premixed combustion from conventional diesel combustion (CDC), I will
use the definition of ignition dwell which is a measure of the difference between the
end of fuel injection and start of combustion. A positive ignition dwell is obtained if
the total amount of fuel has been injected before the start of combustion, otherwise
the ignition dwell is negative.

The partially premixed combustion concept has received continuous focus since its in-
troduction in the mid-2000. Low emissions of NO, and soot have been achieved [14].
Furthermore, it has been found that the high degree of dilution and prolonged igni-
tion dwell, can lead to lower combustion temperatures which due to a lower heat trans-
fer to the cylinder wall, leads to a higher thermodynamic efficiency [15]. However,
most of the research has been conducted in research laboratories where researchers
make use of single cylinder engines. In a single cylinder engine, there is combustion
in only one cylinder which is beneficial for at least two reasons. First, because only
one cylinder is active, less fuel must be supplied. Secondly, there are fewer parameters
to control which makes it easier to create an experiment which can single out various
phenomena. In contrast to an engine installed on a vehicle, the boundary conditions
are typically achieved by external means which for instance can mean that an exter-
nal compressor is used to increase the inlet pressure, or that the inlet temperature is
adjusted by means of an electric heater. Although single cylinder engines are very
useful for studying and developing new combustion concepts, there is a risk that the
applied boundary conditions cannot be fulfilled for a real application. For example,
most heavy-duty vehicles have a turbocharger which extracts energy from the exhaust
gases (which are hot) and converts this energy into an elevated pressure via a compres-
sor. Except increasing the density of the incoming charge, the turbocharger takes care
of the gas exchange, that is the supply of incoming gas and expulsion of burned gas.
However, for this to be successful the exhaust gas has to contain a sufficient level of
energy. This can lead to a problem for the partially premixed combustion concept as
it relies on high levels of dilution, which reduce the exhaust energy. As a result, the
higher potential in thermodynamic conversion inside the cylinder might be lost in
gas exchange losses.



Therefore, this thesis presents studies which had the goal of expanding the system
boundary of partially premixed combustion, in order to make it commercially applica-
ble. This has been done in several studies which targeted the brake efficiency, instead
of the gross indicated efficiency. First, a study was conducted which investigated
and attempted to quantify the effect of dilution on the gas exchange performance,
for a multi cylinder engine for which realistic boundary conditions were imposed.
Secondly, the engine settings were optimized for the purpose of maximizing the en-
gine brake efficiency, which means that the conditions were found which achieve the
best trade-off between thermodynamic and gas exchange efficiencies. Thirdly, the
in-cylinder processes and emission potential were studied at the conditions for the
highest brake efliciency. In terms of fuels, the focus was put on two different gasoline
fuels, one with a research octane number (RON) of 76 and one with 97, as well as
on methanol. The gasoline fuels were modeled as surrogates because of the difficulty
to accurately determine their composition. The choice of these fuels is motivated as
follows. First, a fuel with higher research octane number facilitates a positive ignition
dwell, hence the choice of the RON 97 gasoline fuel [16-18]. Secondly, in order to
extend the operating range (increase the engine load at which PPC can be employed)
multiple authors have advocated a fuel with RON of 65-80 [19-21]. Thirdly, the use
of renewable fuels will enable a faster reduction of the CO, emissions, from the trans-
port sector, than it will to only focus on fuel efficiency. Thus, methanol was targeted
in this work as it is the simplest fuel which can be produced from renewable sources
and which is liquid at atmospheric conditions [22, 23].

The work was conducted with a combination of engine modeling and simulations.
Engine experiments have not been a part of this work, however, experimental data
have been used to calibrate and validate the models. The in-cylinder combustion
was predicted with a stochastic reactor model or taken from measured experimental
data. The stochastic reactor model was also able to satisfactorily predict additional in-
cylinder processes such as the injection and vaporization of fuel as well as mixing and
emission formation. Two complete engine models were built in the engine modeling
framework GT-suite. These models represent two different Scania D13 engines, one
in a multi and one in a single cylinder configuration. This engine is representative of
a typical engine for a long-haul truck. The multi cylinder engine model was used in
the work described previously, while the single cylinder engine model was only used
to predict the boundary conditions for the validation of the stochastic reactor model.



1.2 Thesis Contributions

The presented work has resulted in a number of specific contributions:

* A simulation study, evaluating different turbocharger configurations for the
partially premixed combustion concept. The main limitation for achieving
higher brake efficiencies, was found to be the reduced exhaust enthalpy which
arises because of high levels of dilution.

* Asimulation study which compared three exhaust gas recirculation (EGR) con-
figurations. The turbocharger had to be redesigned for each configuration, due
to the large difference in mass flow. It was found that a combined low and
high pressure EGR configuration led to the highest brake efhiciency, because
more of the engine operating conditions could be run inside the compressor’s
highest efhiciency region.

* An optimization study, where methanol was compared with two gasoline fuels.
Realistic constraints were applied, and the brake efficiency was targeted. This
study showed the benefits of using methanol in a partially premixed combus-
tion engine.

* The compression ratio for a partially premixed combustion engine running on
methanol was optimized for the highest brake efficiency. The optimum com-
pression ratio was higher than the standard one. In addition, with a higher
compression ratio the intake manifold temperature could be reduced, which
would facilitate cold starts.

* The influence of start of injection strategies on brake efficiency was quantified
for methanol. Furthermore, this study provided knowledge about the sensitiv-
ity of combustion stability to the inlet conditions.

* 'The potential levels of soot, NO,, CO, and CO, emissions were investigated
using the concept of temperature and equivalence ratio (1" — ¢) diagrams. The
diagrams could also be used to visualize the in-cylinder conditions in the T'— ¢
domain which allowed an explanation of the previously observed trends.

1.3 Thesis Outline

This thesis is organized into seven chapters including the present introduction. A
short description of the content of every chapter is provided here. Chapter 2 presents



a short literature review of the partially premixed combustion concept and describes
the issues and potential improvements. In Chapter 3 the various models are presented
and validation is provided. Chapter 4 presents the results from the gas exchange
studies. Furthermore, Chapter 5 presents the results from the optimization of engine
settings, aimed at maximizing the engine brake efficiency, where also a comparison
between methanol and the two gasoline fuels is conducted. Chapter 6 provides an
analysis of the in-cylinder conditions, which prevailed in the optimum cases found in
Chapter 5. Finally, Chapter 7 provides a summary and conclusions of the results and
discusses pathways for future work.






Chapter 2

Partially Premixed Combustion in

Heavy Duty Engines

This chapter aims to provide an overview of the partially premixed combustion (PPC)
concept and its application in heavy duty engines which applies direct injection and
compression ignition. For this purpose, this chapter will begin with a discussion on
the distinction between the different combustion modes. The mechanism for reduc-
ing soot and NO, are important and will therefore be given a section, as well as the
means of how to achieve PPC. Furthermore, the possibility to use alternative fuels
will be highlighted. This chapter will conclude with a discussion on the various en-
ergy flows and efficiency definitions, as they have a central part throughout this thesis.

2.1 Distinction between Combustion Modes

The conventional diesel engine is used by heavy-duty truck engines because of its abil-
ity to reach a good trade-off between high efficiency, specific power and relatively low
cost [4]. Irrespective of what combustion concept, advanced or conventional, this
engine operates with, it uses the compression ignition combustion system applied to
the classical four-stroke cycle which was invented already in the 19" century. As the
name suggests, this cycle consists of four different phases, illustrated in Figure 2.1
which shows the cylinder pressure as a function of volume for the four strokes. Con-
ventional diesel combustion (CDC), in the compression ignition combustion system,
is an efficient way of converting the energy in the fuel to useful work. However, CDC
often generates significant amounts of harmful exhaust emissions such as oxides of ni-
trogen (NO,) as well as soot and particulate matter. As mentioned in Chapter 1, the
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Figure 2.1: lllustration of the in-cylinder pressure as a function of in-cylinder volume as the piston moves through its
four strokes: 1) Intake, 2) Compression, 3) Expansion, and 4) Exhaust. Top right corner shows a piston and
cylinder which are linked via the connecting rod to the rotating crank-shaft. Fresh gas comes in through
the intake valve and the burned gas is let out through the exhaust valve.

PPC concept applies an advanced type of combustion mode to mitigate this drawback.
The ultimate goal of PPC is to achieve ultra-low engine-out NO, and soot emissions,
while reaching the same or even higher level of engine efficiency. Consequently the
goal is to reduce both local (NO,, soot) and global-emissions (CO,), compared to
CDC. The concept builds on a single fuel which is most often a gasoline fuel with
a relatively low research octane number (RON). Nonetheless, other fuels have been
researched with PPC, for instance diesel, gasoline, ethanol, or methanol. The fuel is
injected during the compression stroke and is then allowed to mix with the bulk gas.
The distinction between CDC and PPC, used in this thesis!, is that the latter has to
fulfill the requirement of a positive ignition dwell. Ignition dwell is defined in Equa-
tion (2.1) and is the difference between the start of combustion (6,,.) and the end of
fuel injection (feo;). Consequently, in order for the ignition dwell to be positive, all
of the fuel must be injected before the start of combustion.

Ignition dwell = 8, — Oy 2.1)

1Other definitions exist and are used in the literature.
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Figure 2.2: lllustrative example of the fuel injection profile (1i2,e/) and rate of combustion (Q) as a function of crank
angle degree (8) comparing CDC with HCCI, and PPC.

The difference between positive and negative ignition dwell is illustrated in Figure 2.2.
This figure uses crank angle degrees (f) on the x-axis as a measure of time. By conven-
tion the crank angle degree has a value of zero when the piston is at top dead center
(TDC) between the compression and expansion strokes. Figure 2.2 shows the rate of
fuel injection (rg,e) and the resulting rate of combustion (Q). As can be seen, the
start of combustion occurs before the end of fuel injection in the CDC case, while
there is a separation between these curves for the case with PPC. For the case with
homogeneous charge compression ignition (HCCI), the fuel injection occurs a long
time prior to TDC, and thus there is an even longer time for the fuel and bulk gas to

mix.

2.2 Mechanisms for Reducing NO, and Soot

The purpose of achieving a positive ignition dwell is to allow for more mixing of the
fuel and bulk gas and thereby reduce soot emissions and obtain a lower global combus-
tion temperature [24]. In addition to calculating the ignition dwell, the equivalence
ratio (¢) can be used to determine how much of the fuel and oxidizer have mixed
locally inside the cylinder. The equivalence ratio is defined in Equation (2.2) and
is a measure of the ratio between the mass of fuel (mg, ) and the mass of oxidizer?

2Qxidizer is most often the oxygen in the air but can be other chemical species which include oxygen
atoms.

1



(Meoxidizer)- Specifically, the equivalence ratio compares the real ratio of fuel and oxi-
dizer to the stoichiometric (s) one.

Ml
6= MMoxidizer 2.2)

Ml

(moxidizer ) s

The combination of local equivalence ratio and temperature inside the cylinder can be
useful when comparing different combustion modes and concepts. Figure 2.3 shows,
for every combination of equivalence ratio and temperature, the formation of NO,
and soot which would result from a homogeneous reaction between air and a gasoline
surrogate consisting of iso-octane, toluene, and n-heptane, at 100 bar and a residence
time of (2 ms). This type of figure is commonly called a T'— ¢ diagram and behind the
islands of NO, and soot are a large number of simulations with a detailed chemical
kinetic model [25-28]. Figure 2.3 furthermore shows examples of the local condi-
tions of temperature and equivalence ratio for three different combustion concepts,
namely CDC, PPC, and HCCI. These cases correspond to the same fuel injection
and combustion rates from Figure 2.2, and show the distribution of temperature and

equivalence ratio at 059, which is the crank angle degree at which 50 % of the fuel
energy has been released.

For the case with CDC, fuel injection is ongoing at the same time as there is combus-
tion and all of the fuel is not injected before 059. As a result, the injected fuel starts
to oxidize at a high equivalence ratio, and while it mixes with the bulk gas, it moves
through the soot island which suggests that this case forms a significant amount of
soot®. The combustion then goes to completion at an equivalence ratio of one, and
thus in addition to forming soot, this case will likely produce a substantial amount
of NO, emissions as the local temperatures are well above 2500 K where ¢ = 1 [30].
By comparing this case with the PPC case, several things can be noted. First, by let-
ting the fuel and bulk gas mix, the highest equivalence ratio is below the soot island
and hence the likeliness for forming soot is lower. Furthermore, by recirculating a
large part of the exhaust gas, so called exhaust gas recirculation (EGR), it is possi-
ble to reduce the oxygen concentration and the local flame temperatures and thereby
reduce NO, emissions [31-33]. In fact, EGR is fundamental to achieving low emis-
sions of NO, and in the case shown here, 50 % of the exhaust gas is circulated to the
intake manifold. For the case with HCCI, the fuel injection is placed early enough
for the stratification in equivalence ratio to be almost negligible. As can be seen this

3During the exhaust stroke the soot that has been formed will be oxidized. However this oxidation
rate depends on a number of factors and does not correlate well with the amount of formed soot and
it is therefore difficult to decide how much exhaust soot this case would produce just by analyzing this
figure [29]. Nevertheless, it works well for illustrating how the soot can be formed.
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Figure 2.3: Distribution of local in-cylinder conditions as equivalence ratio and temperature for three different
combustion modes: CDC, PPC, and HCCI. The figure shows the distribution at 85¢ which is the crank
angle degree at which 50 % of the fuel energy has been converted into heat. Moreover the emission yields
of NO, and soot are shown resulting from a homogeneous reaction between air and a gasoline surrogate
consisting of iso-octane, n-heptane and toluene. These emission yields were computed using a detailed
chemical kinetic mechanism [28].

eliminates the potential for formation of soot and further reduces the maximum in-
cylinder temperature. However, to achieve a reasonable maximum pressure rise rate
with HCCI, a higher amount of air was needed. Not only is there a potential for
reducing NO, and soot with PPC and HCCI, but the lower in-cylinder temperature
will likely lead to a lower heat transfer to the cylinder walls, which in turn could lead
to a higher gross indicated efficiency of the engine [15]. The PPC concept has, how-
ever, a greater likeliness for being commercially achievable than HCCI because of the
issues with poor combustion efficiency at low load, excessive pressure rise rate at high
load, and combustion phasing control of HCCI [11].

2.3 Means to achieve Partially Premixed Combustion

PPC is realized through a positive ignition dwell and there are several ways that this
can be achieved. A reduction of the oxygen concentration of the bulk gas has shown
to be very effective for increasing the ignition dwell, thus achieving PPC [34, 35].
This reduction can be achieved, at constant fuel flow, by increasing the inlet pressure
and adding EGR (at constant \), replacing air with EGR at constant intake mani-
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fold pressure, or reducing the inlet pressure (at constant EGR) and thus reducing the
global air-fuel ratio (A). This has been shown experimentally in both single- and multi
cylinder research engines and with a variety of gasoline and diesel fuels. For instance
increasing the EGR from 30 % to 48 % can yield an increase in ignition dwell by 3°ca
[35]. Furthermore, a reduction of A from 1.74 to 1.05 was seen to result in an increase
of the ignition dwell in the range of 4°ca to 7°ca. There are several mechanisms be-
hind this increase in ignition dwell [36]. First, by substituting air with exhaust gas,
the heat capacity of the bulk gas increases and thus a lower temperature after the com-
pression stroke results. This in turn increases the ignition delay time of the fuel-bulk
gas mixture and therefore prolongs the ignition dwell. Secondly, by reducing the inlet
pressure, the pressure at TDC is reduced and this increases the ignition delay. Thirdly,
the reduction of oxygen concentration results in a suppression of the reactions leading
to hot ignition. This effect is especially apparent for fuels with a strong low tempera-
ture chemistry [36]. A significant disadvantage with increasing the level of EGR, or
effectively increasing the inlet pressure is that the gas exchange performance typically
deteriorates [37].

A reduction of the intake manifold temperature, or effectively the temperature at
intake valve closing, is another effective way of increasing the ignition dwell and thus
provide a separation between the start of combustion and end of fuel injection [38, 39].
Reducing the inlet temperature, reduces the temperature at the end of the compression
stroke and thus prolongs the ignition delay time. For instance, a reduction of the inlet
temperature by 10 K can yield a 30 K lower temperature at TDC with a compression
ratio of 17.3. Naturally, how much the start of combustion is retarded will depend on
the fuel as well as the engine load and speed. To give an example, a 10 K reduction
of the inlet temperature has been shown to result in a 2°ca retardation of the start of
combustion [38]. Furthermore, a lower intake temperature is beneficial for reducing
the fuel consumption because the charge density increases, the ratio of specific heats is
higher and heat transfer can be reduced [38]. On the other hand, there is a large risk
that issues due to water condensation, arise when the intake temperature is reduced
to levels below the dew point of the gas. These issues include corrosion and fouling of
the heat exchangers, and in the case of low pressure EGR, damage to the compressor

[40].

The most effective measure to increase the ignition dwell is to use a fuel with higher
RON [16-18]. However, by increasing the RON, it is often found that the maximum
pressure rise rates increase and that low load combustion stability reduces. Excessive
pressure rise rates are detrimental for the engine, leading to damage and can cause
premature failure. This issue can be mitigated by using a multiple-injection strategy
and hence the maximum pressure rise rate can be reduced [19, 41]. On the other hand,
researchers are advocating a fuel with a RON of 65-80 to be optimal for PPC [19-21].
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The reason for this is two-fold. First, because it could balance the trade-off between
good combustion stability at low loads and excessive peak pressure rise rates at high
loads. Secondly, it is argued that the demand for middle distillates (such as diesel and
jet fuels) is expected to rise, while the demand for gasoline with high RONs is not
expected to increase at the same rate and therefore could lead to a surplus of compo-
nents with low RON (around 60-70) [21]. However, it is questionable if a RON this
low, is enough to yield a combustion rate profile which fulfills the requirement of hav-
ing a positive ignition dwell. This is especially true if an actual multi cylinder engine
is considered, for which the oxygen concentration and intake temperature cannot be
set arbitrarily. This was demonstrated recently in a study which compared Swedish
MK1 diesel with a primary reference fuel (PRF) with a RON of 70 on a multi cylinder
Volvo production engine [42]. Tests were performed at medium and high engine load
and varying fuel injection pressure and comparing the soot-NO, trade-off, combus-
tion characteristics and engine efficiencies for both fuels. A similar rate of combustion
was achieved comparing the two fuels for the high engine load and the same ignition
dwell was achieved. For the medium load there was a slightly longer ignition dwell
for the PRF fuel, however, the equivalent fuel consumption was the same.

In conclusion, there are several ways of achieving a prolonged ignition dwell. Nev-
ertheless, as has been described there are advantages and disadvantages for every one.
Thus, to find the best combination an optimization of fuel, boundary conditions, and
injection strategy is arguably needed and this is therefore provided in Chapter 5 of this
thesis. Regarding fuels, the next section will discuss the possibility of using alternative

fuels with PPC.

2.4 Alternative Fuels

The practical aim of PPC is effectively to improve the trade-off between efficiency
and NO, and soot emissions. Ultimately this is about reducing primary energy use.
However, this should ultimately be complemented by moving away from fossil fuels.
Not only because it would lead to a faster and larger reduction of CO, emissions,
but also because of the finite resources of fossil fuels. Furthermore, it is preferable
if these alternative fuels are liquid, and additionally of sufficient energy density. As
such, methanol might be a suitable and viable alternative [23]. As a fuel, methanol has
received renewed interest, for instance in shipping but also in automotive applications
in China [43—46]. From a practical point of view, methanol has both advantages and
disadvantages. A big advantage is that methanol can be produced in large scale from
renewable sources which would increase its sustainability and help decrease the net
CO, emissions for the transport sector [22]. However, the lower heating value of
methanol is less than half that of diesel and gasoline and means that a significantly
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larger fuel storage is required in order to achieve similar driving range. Moreover, the
choice of material for the fuel injection system must be cautiously determined. Finally,
issues with cold starts could complicate the use of methanol.

For spark ignition engines, methanol might be considered the optimal fuel. The rea-
son is that the RON is higher than for regular gasoline which means that a higher
compression ratio can be used without running into problems with engine knock.
Moreover, the higher heat of vaporization, wider flammability limits and increased
burning velocities also provides further knock resistance [47, 48]. Another interest-
ing feature of methanol is that the molar expansion is above one (1.07) which means
that the number of moles during the combustion increases and therefore gives a theo-
retically higher expansion ratio of the products [49]. On the other hand, in premixed
engines the lower air-to-fuel ratio of methanol counteracts this by leading to a lower
and less favorable ratio of specific heats of the overall air-fuel mixture [49].

The performance and emission characteristics for methanol in spark ignition engines
are well studied. On the other hand, the literature on methanol in compression igni-
tion engines is limited. A large part of the reason is likely that the properties which
make methanol a suitable fuel for spark ignition combustion, can be seen to be in-
versely unfavorable when it comes to compression ignition combustion. For instance,
the RON of methanol is 109 and hence auto ignition of the fuel-oxidizer mixture at
an appropriate timing could pose a serious issue. In a research environment this will
probably not be an issue because it would be possible to heat the air prior to the engine,
however, for a real application it could be a showstopper. A potential remedy would
be to increase the engine compression ratio because it would increase the temperature
at TDC and therefore reduce the ignition delay time. Nevertheless, there are a few
studies with neat methanol in compression ignition engines and they show promis-
ing results when it comes to engine efficiency and emissions [50—-53]. For instance, a
gross indicated efficiency of 52.8 % with a high compression ratio piston but without
any optimization of the engine settings was shown in [53]. Furthermore, these studies
show that the production of soot and particulate matter for typical engine conditions
is negligible. In fact, there is evidence suggesting that methanol does not produce
soot even for a global ¢ as high as 1.1 [50]. This has the implication that there might
not be any reason to apply PPC with methanol. On the other hand, it is possible that
the high heat of vaporization of methanol helps to reduce the piston boundary work
during the compression. The reason is that the latent heat helps to cool the gas and
therefore reduces its temperature. For this to have a practical effect, it is likely that the
start of injection must be placed relatively earlier and hence will fulfill the definition
of PPC that way. The amount of NO, emission produced is likely more dependent
on the operating conditions than on the choice of fuel. However, there is a potential
to reach lower NO, emissions with methanol because of the lower adiabatic flame
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temperature and the fact that a higher level of exhaust gas recirculation could be used
without the usual addition of higher soot formation.

2.5 Engine Energy Flows and Efficiency Definitions

In order to compare different fuels and methods for achieving PPC, as well as to in-
vestigate advantages and disadvantages, there needs to be a framework in terms of
energy flows to differentiate between the losses and gains. Figure 2.4 shows a Sankey
diagram of the energy flows through the engine. The aim of the internal combus-
tion engine is to convert the chemical energy contained inside the fuel to useful work
on the crank-shaft. In order to be able to compare various engines of different size,
the mean effective pressure (MEP) is often used within the combustion engine re-
search field to normalize various energy flows by the engine’s displacement volume
(Va). Consequently, mean effective pressures have the unit bar. As can be seen in Fig-
ure 2.4, all the energy flows therefore have names which end with MEP. For instance
fuelmep describes the fuel energy normalized by the displacement volume as defined

fuelmep

clmep

htmep

exmep

Figure 2.4: Sankey diagram of the engine energy distribution.
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in Equation (2.3) where 17, is the mass of fuel injected every four stroke cycle and
Qruv is the lower heating value of the fuel.

Mg - QLuv

7, (2.3)

fuelmep =

The chemical energy in the fuel is converted into internal energy (qmep) in the burned
products which are for example CO,, H,0, O,, and N,. Depending on the engine
operating conditions there might be an amount of the fuel which does not turn into
complete combustion products. Instead this fuel leaves the cylinder as unburned
intermediate species such as hydrocarbon species (HC) and CO and ultimately this
is lost energy. In the Sankey diagram this loss is called the combustion loss mean
effective pressure or clmep. The combustion efficiency is defined as the ratio between
gmep and fuelmep as shown in Equation (2.4).

qmep clmep

— =1- 2.4
Mleomb fuelmep fuelmep @4)

For a combustion efhiciency of 100 %, all the energy in the fuel is converted into
internal energy of the products which effectively is an increase in their specific heat
capacity and temperature. During the expansion stroke the goal is to convert the
internal energy into boundary work (imepgros) on the piston. The imepgros is defined
in Equation (2.5) where p is the cylinder pressure and V' is the cylinder volume. By
comparing with Figure 2.1 we can see that the imepyos, is the integrated boundary
work, or the encircled curve, during the compression and expansion stroke.

1 BDC dv
i = — 0) — do 2.
Imep, . v, /BDC p(0) a0 (2.5)

However, as the temperature is high inside the cylinder, but not on the outside, a part
of the internal energy is lost as heat transfer (htmep). The internal energy which is
still contained in the products when the exhaust valves open is lost and in the Sankey
diagram this is called exmep. Consequently, the gross indicated efficiency (1gross) can
be defined as the ratio between imepyoss and fuelmep, see Equation (2.6).

imep . (exmep + htmep + clmep) 2.6
lgross = fuelmep fuelmep '

Even though, the exhaust energy is lost with respect to the cylinder, all this energy
is not considered a loss. Instead this energy can be used to drive the turbine of a
turbocharger. The turbine in turn delivers power to the compressor which converts it
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to yield a higher intake manifold pressure which is a must if a high level of dilution
is required. Because the intake and exhaust valves are open during the intake and
exhaust stroke, the pressure in the intake and exhaust manifold will affect the work
on the piston. For instance, a positive work on the piston and hence energy to the
crank-shaft can be achieved if the pressure in the exhaust manifold is lower than in
the intake manifold. However, to achieve this the exhaust gas needs to contain a
high level of energy in combination with an efficient turbine and compressor, and
thus such a situation is seldom achieved. Therefore, the gas exchange or pump mean
effective pressure (pmep) (Equation (2.7)), is often a loss, as it is depicted both in the
p — V-diagram in Figure 2.1, as well as in the Sankey diagram in Figure 2.4. The
efficiencies which relate this are called the net indicated efliciency (9,e) and the gas
exchange efficiency (7)gas exchange) and they are defined in Equations (2.8) and (2.9).
The net indicated mean effective pressure (imeppe) in Equation (2.8) is determined
similarly to the (imepgyoss), however, by integrating over all four strokes.

pmep = imepgross - imepnet (27)

imep . 1 (exmep + htmep + clmep + pmep)

net — 2.8
et fuelmep fuelmep @38
imep,_ imep, . — pmep me
Tlgas exchange = ime P = ifne =1-: pmep (2.9)
pgrOSS pg[OSS lmepgfoss

In an engine there are several rotating parts which are moving against each other and
thus create friction. This type of friction is work lost as heat and the relative amount
can be substantial. However, as the engine load increases the ratio between friction
mean effective pressure (fmep) and fuelmep generally reduces, and thus the mechani-
cal efficiency (meq) increases. The mechanical efficiency is defined in Equation (2.10)
where bmep stands for brake mean effective pressure and is the resulting final work
delivered to the crank-shaft.

_ bmep  imep, , —fmep 1 fmep
nmeCh B imepﬂet B imepﬂet B imepnet

(2.10)

Consequently, the brake efficiency (1ppke) can be defined as the ratio between bmep
and fuelmep or in other words the energy which is left after all the losses have been
subtracted, see Equation (2.11).

bmep (exmep + htmep + clmep + pmep + fmep)

rake = =1- 2.11
Torak fuelmep fuelmep @)
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Moreover, the brake efficiency is the product of the three part efficiencies: gross indi-
cated, gas exchange and mechanical as shown in Equation (2.12).

Tlorake = Tlgross * Tlgas exchange * TImech (212)

Consequently, the high gross indicated efficiency, which is typically found with PPC,
needs to be achieved in combination with high gas exchange and mechanical efficien-
cies, in order to obtain a high brake efficiency. Recent research has shown that this
is not done easily [9, 34, 37]. To illustrate the issue, Figure 2.5 shows an example
of how the losses could be distributed when comparing CDC with PPC. In this ex-
ample, due to a high level of dilution for the PPC case, a low global temperature
is obtained and hence a lower heat transfer loss. However, not all this lower heat
transfer loss is converted into boundary work. Instead a relatively large part is just
transferred into exhaust loss. Furthermore, because of the dilution, the exhaust gas
has a lower temperature which leads to lower gas exchange efficiency for the PPC
concept. Consequently, the brake efficiency is on the same level comparing the two
concepts. Although, higher friction losses may arise in the fuel injection system due
to the lower lubricity of gasoline (or alcohols), or to higher maximum in-cylinder
pressures, the fmep is arguably more dependent on the engine hardware design than
on the combustion concept. Thus, to investigate the possibility to transfer the high

Fraction of fuel energy (%)

0 10 20 30 40 50
| 1 | 1 | 1 | 1 | 1 | 1
clmep —y W PP C
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htmep - ]
exmep -
pmep —
fmep —
bmep —|
>~ Losses —|
' I ' I ' I ' I ' I
0 5 10 15 20 25

Mean effective pressure (bar)

Figure 2.5: lllustrative example of the distribution of losses comparing CDC to PPC. These values are fictive but
represent the results from [9, 34, 37].
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indicated efficiencies found for PPC to high brake efficiencies, the reduction of the
gas exchange loss is likely the most effective. For instance, would it be possible to
achieve a higher gas exchange efficiency by using a different turbocharger, or by mak-
ing changes to the EGR configuration. Chapter 4 attempts to answer these questions.
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Chapter 3

Models and Validation

In order to successfully model and simulate a multi cylinder heavy-duty compression
ignition engine system, I have used a number of engine and combustion models. The
aim of this chapter is to give a short introduction to each of these models as well as
provide validation results wherever it is appropriate.

3.1 Gas Dynamic Multi Cylinder Engine Model

The modeling framework GT-suite was used to simulate the gas flow and heat transfer
in pipes, ducts and bends, as well as model turbocharger dynamics [54]. A 1-D gas
dynamic multi cylinder engine (MCE) model, representing a multi cylinder heavy-
duty Scania D13 engine, was built and validated using experimental data obtained on
a similar engine in our laboratory. This model was used in Papers I-V. The specifica-
tions of the engine is presented in Table 3.1 and Figure 3.1 shows a schematic layout of
the model. This engine has six cylinders in an in-line configuration, a bore of 130 mm,
a stroke of 160 mm and a compression ratio of 17.3:1. The engine was modeled with
a low pressure (LP) exhaust gas recirculation (EGR) route and a high pressure (HP)
EGR route. The LP EGR route included a bypass path which made it possible to in-
crease the inlet temperature to the compressor and consequently the intake manifold
temperature. The air system comprised a single-stage turbocharger with a variable
geometry turbine (VGT) and a waste gate (WG) as well as a charge air cooler (CA-C).
In addition, the charge air cooler had a bypass path so that the intake manifold tem-
perature could be controlled. The pipe lengths and diameters were measured on the
engine. The intake and exhaust valve lift profiles as well as the valve flow coefficients
were measured and provided by Scania. The friction mean effective pressure (fmep)
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Table 3.1: Specifications for the 1-D gas dynamic multi cylinder engine model, representing a heavy-duty Scania D13

diesel engine.
Item Value
Displacement Volume 12.74 L (in-line 6)
Bore x Stroke 130 mm x 160 mm
Connecting rod length 255 mm
Compression ratio 17.3:1
Number of valves 4 per cylinder
Inlet valve close IVC) -160°caaTDC @ 0.1 mm lift

Exhaust valve open (EVO)  145°caaTDC @ 0.1 mm lift

EGR system Low and high pressure route with cooler
and by-pass valve

Single-stage turbocharger with

Air system variable geometry turbine and waste-gate

and charge air cooler with by-pass valve

was modeled based on a correlation described in [55]. This correlation is presented
in Equation (3.1) and consists of a simple equation where the friction mean effective
pressure is a function of the net mean effective pressure (imep,_ . ), the stroke (s), the
engine speed (n), and the maximum in-cylinder pressure (Dmax).

fmep = ¢+ 0.0104 - imep, _ + 0.3 s n + 1.0955 - 1072 - Py
. {1, atimep,_ < 50 % of full load (3.1

2, otherwise

Turbine

NS P

I

8

LP EGR

»OO00O0O—®

Y
HP EGR

<

N3

Compressor

A

CA-C
D]

Figure 3.1: Schematic layout of the 1-D gas dynamic multi cylinder engine model which comprises a heavy-duty Scania
D13 diesel engine.
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The heat transfer was modeled in two separate ways. In Papers I and II, the model
known as the "Flow” model in GT-Suite was used [56]. Subsequently, in-cylinder
heat transfer measurements on the same type of engine showed that the model by
Hohenberg provided an improved prediction of the heat transfer and thus this model
was used in Papers III-V [57, 58].

A set of proportional-integral controllers were used to control the intake manifold
pressure and temperature, EGR level, and exhaust back pressure. The intake mani-
fold pressure was regulated by actuating the turbine’s rack position, while the intake
manifold temperature was regulated by actuating the bypass valves surrounding the
EGR and charge air coolers. Furthermore, the EGR valve was actuated in order to
regulate the EGR level. The engine exhaust valve, that is the back pressure valve, was
actuated to regulate the exhaust back pressure in order to simulate a back pressure
from an exhaust after-treatment system.

The experimental data which was used to validate the model is presented in Table Al.
The experimental in-cylinder pressure traces were converted into fuel burn rates and
then imposed in the simulations. The built-in tool in GT-suite called the three pres-
sure analysis, was used for this conversion. In addition, a verification was made against
two other standard methods, however, all three showed similar results'. The fuel
which was used during these experiments was a mixture between Swedish service sta-
tion gasoline (with a research octane number (RON) of 95) and n-heptane. The re-
sulting RON of this blend was circa 76. Details for this fuel is presented in Table 3.2.
Moreover, detailed information about this experimental apparatus, including the set-
up, as well as the measurement and control systems can be found in Refs. [59-62].
Figure 3.2 shows the error between measured and simulated values for a selection of
key parameters. These parameters are the gross imep (imep gross), net imep (imep, ),
EGR, normalized air-fuel ratio ()), exhaust manifold temperature (7.y,), and exhaust
temperature (7.y,) defined in Equations (3.3) to (3.6). In these equations, Vj is the

"With standard method I mean converting in-cylinder pressure into a rate of heat release according
to Equation (3.2) and then apply a slight shift (the size of which is determined by matching the simulated
and measured cylinder pressure traces) of the whole curve as the rate of heat release slightly lags the burn
rate.

Y O 0 Gt VO L+ OAOTO) L) G2

The difference between the methods lay in the way the ratio of specific heats () were calculated during
the compression stroke. Method one uses the global temperature (T') as calculated from the ideal gas
equation of state to determine the gas properties from the NASA tables, while the second method uses the
stochastic reactor model, presented subsequently, to predict the gas properties based on a compression
which matched the experimental. The ratio of specific heats during the combustion and expansion are
determined analogously to method one, except that the composition is assumed to change linearly from
reactants to products during the duration of combustion.
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Figure 3.2: Validation results for the 1-D gas dynamic multi cylinder engine model. Model predicted versus
experimentally measured for the parameters: imepgmss, imep,e;, EGR, X, Tem, and Ty, In addition, all sub

figures show the coefficient of determination R2.

cylinder displacement volume, 6 is the crank angle degree, p and V' are the in-cylinder
pressure and volume as a function of 6, ThgGr and 17, are the mass flow of recircu-
lated exhaust gas and incoming air respectively, and subscript (;) is a notation which
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stands for stoichiometric. The exhaust manifold temperature was taken before the
turbine, while the exhaust temperature was taken after the turbine.

Table 3.2: Properties of methanol and the gasoline used in the experiments in Tables A1 and A2.

Fuel Methanol Gasoline
Formula CH;0H 0.8 CH, 4,005 + 0.2 C;Hy¢
Octane number 109 ~76
H/C 4 ~2.26
O/C 1 ~0.04
Lower heating value (M]/kg) 19.9 43.7
Stoichiometric air-fuel-ratio 6.5 15.7
Heat of vaporization (kJ/kg) 1104 344
Density (kg/m?) 792 737
1 / g dv
imep toss /. p(e) —do (33)
& Vil _x dé
1 /2“ dv
imep, . = — p(0) — db (3.4)
P = 7 [ PO
m
EGR = LGR (3.5)

mair + 7/;/LEGR

mair
m
A= (3.6)
< Majr >

U s
Furthermore, all sub-figures in Figure 3.2 shows the coefficient of determination (R?)
which is a measure of how well the model can predict the experimental data. An R?
value of one means that there is complete correlation, while a value of zero means
that there is no correlation at all. The coefficient of determination is defined in Equa-
tion (3.7) where SSy is the residual sum of squares, 5SSy, is the total sum of squares,

Y= [y1,...,Yn]" is the measured data set, and § = [§J1, ..., Jn]” is the predicted
data set.

(3.7)
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3.2 Gas Dynamic Single Cylinder Engine Model

A second 1-D gas dynamic engine model was built and used in order to simulate ex-
periments performed in a different test cell in our laboratory. This model was built in
GT-Suite, similarly to the multi cylinder engine model, and also represents a heavy-
duty Scania D13 engine. However, this engine was operated in a single cylinder engine
(SCE) configuration, that is only one cylinder was active with combustion. The spec-
ifications of this engine are presented in Table 3.3 and Figure 3.3 shows a schematic
layout of the engine. Compressed air was delivered to the test cell by an external
compressor which means that no exhaust gas turbocharger was used. The pressure of
the air could be reduced by a valve and a heater was used to increase the temperature
before the air was mixed with EGR. The exhaust gas was circulated in a high pres-
sure EGR route configuration and an EGR cooler was used to cool the exhaust gas if

needed.

The experimental data samples 1 to 72, in Table A2, were used to validate the model.
In all these experiments, methanol was used as fuel, see Table 3.2. Further informa-
tion about this experimental set-up and the measurement system that was used can
be found in the methodology section of Ref. [63]. For the single-cylinder engine

External
compressor

-
[}

I

PR

—

RRXRKXKO—E

HP EGR-C

()
i

Figure 3.3: Schematic layout of the 1-D gas dynamic single-cylinder engine model which comprises a heavy-duty
Scania D13 diesel research engine with one cylinder active.
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Table 3.3: Specifications for the 1-D gas dynamic single-cylinder engine model, representing a heavy-duty Scania D13

Simulated imep,,s (bar)

Simulated A (—)

Figure 3.4: Validation results for the single-cylinder engine model. Model predicted versus experimentally measured for

diesel research engine with one cylinder active.

Item Value
Displacement Volume 2121

Bore x Stroke 130 mm x 160 mm
Connecting rod length 255 mm
Compression ratio 15:1,17.3:1, 27:1
Number of valves 4

Inlet valve close (IVC)
Exhaust valve open (EVO)

-160°caaTDC @ 0.1 mm lift
145°caaTDC @ 0.1 mm lift

EGR system HP EGR route with cooler
Air system External compressor and air heater
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the parameters: imepy,;, exhaust CO, emissions, A, and Te.
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model, Figure 3.4 shows the validation results as the error between model predicted
and measured for the parameters imepgmss, exhaust CO, emissions, A, and T¢p,.

3.3 Stochastic Reactor Model

The gas dynamic engine models (both SCE and MCE) discussed previously, are capa-
ble of predicting the gas dynamic phenomena outside the engine cylinders. To model
the in-cylinder events, that is injection of fuel, vaporization, mixing, combustion,
heat transfer and emissions formation, I have used a stochastic reactor model (SRM).
The stochastic reactor model is a 0-D model from a commercial software package?,
LOGEresearch [67]. The main advantage of this model, and reason for choosing it for
this work, is the combination of low computational time, possibility to use detailed
kinetic models in order to predict emissions, as well as the capability of modeling
mixture and temperature inhomogeneities and turbulence. These advantages were
suitable in this work which has focused on optimizations consisting of large amounts
of simulations together with a need for a high level of predictability.

In the stochastic reactor model, the engine combustion cylinder is discretized using a
number of particles. Every particle has its own composition and temperature and they
all have a representative equal mass. The composition and temperature are treated
as random variables which vary within the cylinder. These scalars represent the in-
cylinder mixture according to a probability density function (PDF). The PDF is ini-
tialized using a seed at the start of one simulation. Finally, the model is 0-D because
the particles do not contain information of their spatial location inside the cylinder.

Two different models were used for simulating the interactions between the parti-
cles, i.e. the mixing and exchange of heat. The modified coalescence/dispersal (C/D)
model was used in Paper VI [68]. At the time for Papers III-V the Euclidean min-
imum spanning tree model had been implemented in the stochastic reactor model
[69]. The Euclidean minimum spanning tree model gives a more realistic descrip-
tion of the mixing process for multiple fuel injections than the modified C/D model,
because it considers the locality in the scalar space. This means that only particles
which are neighbors in the scalar space are allowed to mix, whereas the modified C/D
model, on the other hand would allow unrealistic mixing between cold fuel particles
and lean air particles [69]. Furthermore, the current implementation considers the
mixture fraction (usually denoted Z) for constructing the spanning tree. The inten-
sity at which the particles mix is governed by a turbulent mixing time. The mixing
time (7) is defined as the ratio between a turbulent length scale and the mean velocity

2It should be noted that there exist other similar implementations and software packages based on
this approach. For instance [64—66].
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of the gas and thus has the dimension time. Low values of the mixing time, means
high intensity mixing.

The details of the stochastic reactor model, the implementation as well as the success-
ful application for direct injection engines have been described thoroughly in several
papers in the past [69—75]. Additionally, and as described by these authors, to use the
stochastic reactor model in a predictive manner the main challenge is that the mixing
time needs to be provided in advance of the simulation. Several approaches have been
suggested to overcome this challenge. For the papers that use the stochastic reactor
model in this thesis, I have used two different approaches to determine the mixing
time. In Paper VI the technique described in [70] was used. In this approach the
mixing time is determined based on three different phases during the closed cycle. A
constant, and relatively high, initial value on 7 is kept during the compression stroke
until the start of injection. At the start of injection, a low value on 7 is set because the
turbulence level inside the cylinder increases and thus a high intensity level of mixing
can be seen. From the end of injection and until the exhaust valves open the mixing
time increases exponentially, i.e. the turbulent intensity decays. For Papers III-V, a
more recently implemented correlation was used [69]. This correlation was originally
proposed by Kozuch and is based on a turbulent kinetic energy - turbulent dissipa-
tion (k — €) approach [76]. The correlation is shown in Equations (3.8) and (3.9) and
includes the effects of charge density, dissipation, squish flow, fuel injection and swirl
on the turbulent mixing time. In this equation Cyen, Clisss Csqs Cinjs Cowirls Cr are
constants, [ is a length scale which is proportional to the cylinder volume, ¢, is the
mean piston velocity, and n is the engine speed. The initial condition for the kinetic
energy at inlet valve closing (ivc) is approximated using Equation (3.10) where eyl
is the cylinder bore, 7y, is the volumetric efficiency, d;y is the intake valve diameter,
and hj, is the maximum lift of the intake valve. The two different approaches, de-
noted as "Parameterized” and ”k — €”, for determining the turbulent mixing time are
exemplified in Figure 3.5.

dk 2k dV I ki e
A — -C eny Y5 1. C(s - C(in' s C(swirn =
d0<d3th€+ql O YT I a
— 0>0 Ne———— e
density %/h_/ injection swirl
squis|
, (3.8)
k‘3 2
€= CdissT
———
dissipation
k
T=0C,— (3.9)

31



Parameterized
—k—c

7 (ms)

ive evo

0 (°ca aTDC)

Figure 3.5: Exemplification of the two different approaches, denoted as "Parameterized” and "k — €, which were
used to determine the turbulent mixing time. In the parameterized case the mixing time is set to a constant
value during the compression stroke. The single fuel injection event is depicted by a decrease in mixing
time, and after this injection the mixing time decays exponentially. In the k& — € case the mixing time is
initiated according to Equation (3.10) and then decays due to compression. The increase in turbulence is
depicted for this triple injection case, and also the mixing time decay after each injection. After the last fuel
injection the mixing time increases.
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(3.10)

The constants Cyens Cyisss Csqs Cinjs Cswir» Cr» in Equations (3.8) and (3.9) were
calibrated using one 10" of the experimental cases from both Tables Al and A2. The
final constant values are presented in Table 3.4 and compared to the ones used in
Ref. [69]. As noted by the authors of Ref. [69], the values of these constants will be
highly dependent on the particular engine geometry and injection system. In contrast
to the light-duty engine which they used, a heavy-duty engine was used in this work
hence it is not surprising that the constant values differ. For instance, it is expected
that the amount of turbulence induced in a heavy-duty engine by fuel injection is

Table 3.4: The final values used in Equation (3.8).

Ci Cdcn Cdiss qu Cinj Csw CT

This Work 1.0 20 1.0 150 30.0 1.0
Ref. [69] 1.0 50 1.0 50 200 20
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Figure 3.6: Ignition delay time, simulated in a constant volume homogeneous reactor at an initial pressure of 100 bar,
as a function of temperature and equivalence ratio, comparing the reduced form and the full
AramcoMech 2.0 kinetic mechanism. The reduced mechanism was used in the stochastic reactor model to
simulate methanol combustion.

significantly higher, thus leading to a higher value of Ciyj. Finally, the rest of the
experiments in Tables Al and A2 were simulated using the calibrated constants.

Two different chemical kinetic mechanisms, one for each fuel in Tables Al and A2,
were used. Methanol was modeled with the AramcoMech 2.0 mechanism [77]. While
this mechanism contains species ranging from C, to C4, methanol is a C; species and
hence the mechanism could be reduced while maintaining the same accuracy. To
verify this, the ignition delay times were simulated in a homogeneous reactor with
constant volume at a pressure of 100 bar. The results, for the reduced and full mecha-
nisms, are shown in Figure 3.6. It can be seen that the reduced mechanism is able to
match the full kinetic mechanism very well and thus it could be used in the stochastic
reactor model to simulate methanol combustion. The reduced mechanism contained
22 species and 202 reactions. The gasoline-like fuel was modeled as a surrogate con-
sisting of ethanol, iso-octane, and n-heptane which matched the octane number and
H/C and O/C ratios from Table 3.2. For this surrogate the chemical kinetic model
from [78] was used in its full form consisting of 81 species and 691 reactions. For NO,
formation, the extended Zel'dovich mechanism was used together with reaction path-
ways for NO, formation [79]. Finally, the approach described in [80] was used to
generate fuel injection rate profiles in Papers I1I-V, while the signal from the injection
needle was used for Paper VI.
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Figure 3.7: Validation results for the stochastic reactor model. Model predicted versus experimentally measured for the
parameters: imepgross, exhaust CO, emissions, pmax, and exhaust NO, emissions.

The validation results for the stochastic reactor model are presented in Figures 3.7
to 3.9. Figure 3.7 shows the error between model predicted and experimentally mea-
sured for the following parameters: imepgross, CO,, Pmax> and exhaust NO, emissions
for both methanol and gasoline. A good match between the predicted and measured
values could be obtained. Additionally, Figures 3.8 and 3.9 show the in-cylinder pres-
sure as a function of crank angle degree for a wide spread of the samples.

3.4 Full Engine Cycle Simulation

The stochastic reactor model and multi cylinder engine gas dynamic model were fi-
nally coupled as depicted in Figure 3.10, to obtain a predictive full cycle engine model.
This model was used in Papers III-V. Matlab© was used to write and read text files,
pre process and post process data. Every simulation started with an estimation of
the boundary conditions (BC) for the stochastic reactor model. Three parallel closed-
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Figure 3.8: Stochastic reactor model predicted versus measured in-cylinder pressure profiles for methanol. These cases
correspond to cases (left to right, top to bottom) 70, 42, 44, 67, 65, 59, 33, 62, and 17 from Table A2.
Light blue solid lines represent the experiments and dark blue dashed lines the simulations.

cycle simulations were run with the stochastic reactor model, in order to capture the
stochastic phenomena resulting from different initial PDF seeds. The averaged burn
rate profile was then passed to the gas dynamic model. The MCE model was then run,
with the burn rate profile kept constant, until steady-state was reached. If the con-
vergence criteria were met, the simulation was finished, otherwise another iteration
started by updating the boundary conditions. In order to fulfill the convergence crite-
ria, the relative difference in between iterations for the in-cylinder maximum pressure
(Pmax) and temperature (T1,,) were not allowed to exceed 1.0 % while the difference
in brake efficiency (7pgLe) was not allowed to exceed 0.5 %. Consequently, at least
two iterations were needed. These specific values were chosen as representative of the
experimental variance which the SRM and GT-Suite models were validated against.
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Figure 3.9: Stochastic reactor model predicted versus measured in-cylinder pressure profiles for gasoline. These cases
correspond to cases (left to right, top to bottom) 8, 13, 2, 3, 11, 16, 5, 6, and 17 from Table A1. Light blue
solid lines represent the experiments and dark blue dashed lines the simulations.
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Chapter 4

Gas Exchange Analysis

This chapter will cover results and discussion on the gas exchange performance of an
engine applying the partially premixed combustion (PPC) concept. As described in
Chapter 2, it has so far been difficult to transfer the high gross indicated efficiencies
shown for PPC to comparably high brake efficiencies. The main issue has been a low
gas exchange efficiency. This chapter attempts to analyze the reasons for this poor gas
exchange performance, as well as show examples on how the gas exchange efficiency
could be improved. The chapter is divided into three different sections. In the first
section, the gas exchange efficiency is analyzed with regards to a number of relevant
engine parameters. The second section focuses on the choice of turbocharger and
presents a comparison of four different turbocharger configurations. In the third sec-
tion, a comparison between different exhaust gas recirculation (EGR) configurations
is shown.

4.1 Influence of Engine Parameters on Gas Exchange Efficiency

Before analyzing a complete engine and turbocharger system it is useful to review the
influence of some of the engine parameters which affect the gas exchange efficiency
the most. The gas exchange efficiency (1)gss exchange) is defined in Equation (4.1) where
(imep, ) and (imep gross) are the net and gross indicated mean effective pressures de-
fined in Equations (3.3) and (3.4), (pmep) is the pump mean effective pressure defined
in Equation (2.7), and (pg,em) and (pg im) are the total exhaust and intake manifold
pressures. For a constant gross indicated mean effective pressure, the gas exchange
efficiency is directly proportional to the difference between intake and exhaust man-
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ifold pressure. I will therefore proceed with a simple analysis to investigate how this
difference is affected.

imep,.. _ , _pmep

Po,im — Po,
. . o 1 + -ll‘ﬂ em (4.1)
lmepgross lmepgrOSS lmepgross

ngas exchange =

Figure 4.1 shows the schematic layout for an engine with a single stage turbocharger.
For this turbocharger, the power required by the compressor (P,) to generate a specific
intake manifold pressure (i.e. boost) must equal the power generated by the turbine
(P,), times any mechanical inefficiencies (1), mech) caused by friction and heat losses.
This is formulated in Equation (4.2).

Pc = T, mechPt (42)

For this simple turbocharger, the following steady flow energy equation, on a unit
mass basis, can be applied: ¢ = Ahg + w, in which ¢ is heat rejected to the envi-
ronment, Ahyg is the change in total enthalpy, and w is the work produced [81]. If
we assume that friction and heat losses are negligible (i.e. we have an adiabatic tur-
bocharger without any friction irreversibilities) then the steady flow energy equation
can be reduced to w = Ahg = ¢, ATy where ¢, is the mean specific heat capac-
ity at constant pressure, and ATy is the change in total temperature. The power is
then defined as the work (w) multiplied with the mass flow (ri2) through either the
compressor or turbine.

The power generated by the turbine, can therefore be defined as shown in Equa-
tion (4.3), where 7ien is the engine mass flow through the exhaust manifold, ¢,

Turbine

§ / Pouv To:t

p em> Tem

1 © 00000 &)

Pim’ Tim

/ \ <P T,

Compressor

Figure 4.1: Simple schematic layout of a six-cylinder engine and its corresponding single stage turbocharger.
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is the mean specific heat of the exhaust gas, and T em and T{ oy are the total exhaust
manifold and outlet gas temperatures respectively.

Pt = memép,t (TO,em - TO,OL[E) (43)

Analogously, Equation (4.4) shows the power consumed by the compressor where ¢,
is the mean specific heat of the inlet gas, T{ jm and Tp j, are the total intake manifold
and inlet gas temperatures respectively.

Pc = mimépﬂ (TO,im - TO,in) (44)

The isentropic efficiencies of the turbine (7);5,) and of the compressor (7);c) relates
the amount of isentropic-to-real work and are defined in Equations (4.5) and (4.6),
where pg in and po ouc are the total inlet and outlet pressures respectively and 7, and 7.
are the ratio of specific heats for the turbine and compressor. So far, I have assumed
that the specific heat capacity of the gas in the compressor and turbine, is the same
for the inlet and outlet as well as constant. These gas properties are dependent on the
composition and temperature of the gas, and to a small extent on the pressure, and
since the temperature changes from inlet to outlet, this assumption is a simplification.
However, as the purpose of this analysis is to show the general trends, it is arguably

sufficient.
1 TO,out
hO,em - hO,out Ep,t(TO,em - TO,out) TO,em 4
Mis = = - = = (4.5)
h07em - hO,out,is Cp,t(TO,em - TO,out,is) Ft
1 _ DPo,out
Po,em
Fe—1
Ye
Po,im ~1
Mo = hO,im,is B hO,in o Cp,c(TO,im,is B TO,in) o Po,in (4 6)
is,c — I - .
hO,im - hO,in Cp7c(TO,im - TO,in) TO,im 1
TO,in

Finally, Equations (4.2) to (4.6) can be combined to yield Equation (4.8) which relates
D0,em O DO.im> Mee> and Tp em. In order to arrive to this equation, I have used the
fact that the total turbocharger efficiency (7);.) is equal to the product of the turbine,
compressor and mechanical efficiencies as shown in Equation (4.7).

Nee = Mis,e * Mis,e * Mee, mech (47)
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Figure 4.2: Difference (left) and ratio (right) between intake manifold pressure (pi) and exhaust manifold pressure
(pem) as a function of turbocharger efficiency.

it Fe—1

Ft—1 . ¢ T Ye
Po,em -1— : mirxlcp,c 0,in Po,im 1 (48)
Po,out memcp,tnis,tcTO,em DPo,in

Equation (4.8) can now be used to investigate the influence of turbocharger efficiency,
intake manifold pressure and exhaust manifold temperature. The results are presented
in Figure 4.2 which shows the difference and ratio between intake and exhaust mani-
fold pressure as a function of turbocharger efficiency. The constant values which were
used in this calculation can be seen in Table 4.1.

From Equation (4.1) we saw that the gas exchange efficiency increased with higher
values of P im — Po,em, for a given value of imepgmss. This can be achieved with
a higher turbocharger efficiency or higher exhaust temperature. Furthermore, it is
interesting to notice how a higher turbocharger efficiency is needed in order to achieve
P0,im > Po,em at a higher boost pressure, that is by requiring a higher boost pressure,
either a higher back pressure or higher turbocharger efficiency is needed. Also, it
should be noted that there is a strong non-linearity going from pgem > Po,im to

Table 4.1: The constants used to calculate the results in Figure 4.2.

Item Ep,( Ep,c ’?[ ’?c TO ,in Do, in mem /mim

Value 1115]/(kgK) 1005]/(kgK) 1.33 1.40 330K 1bar 1.021kg/kg
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D0im > P0,em- In summary, this simple analysis suggests that for an engine concept
which utilizes a high degree of dilution (either by air or EGR), a higher turbocharger
efficiency is required to compensate for the higher intake pressure which is needed to
deliver high boost and the lower exhaust temperature which results from diluting the
charge. With this in mind we can move on to analyze various ways to achieve a higher
turbocharger efficiency and in turn increasing the potential for a higher gas exchange
efficiency with PPC.

4.2  Evaluation of Turbochargers for Partially Premixed Com-
bustion

The choice of turbocharger configuration has a fundamental influence on the obtain-
able turbocharger efficiency. Furthermore, the turbocharger efficiency depends on
the engine operating condition (i.e. speed and load). To investigate and quantify
this for an engine using the PPC concept, the numerical study in Paper I was con-
ducted which evaluated four different turbocharger configurations. The multi cylin-
der engine (MCE) model which was presented in Section 3.1 was used to simulate
the engine operating conditions presented in Table 4.2. These operating conditions
had been found experimentally to generate high gross indicated efficiencies. The high

Table 4.2: The engine operating conditions used to evaluate the four different turbocharger configurations. Engine
speed (n), gross IMEP (imepgmss), EGR rate, lambda (), intake manifold temperature (T},), EGR cooler gas
outlet temperature (Ttcr), start of injection (6s), and number of injection events (ny).

n (rpm) imepgross (bar) EGR (%) A Tim (K)  Tigr (K)  Osi (CcaaTDC)  nyy

800 5 49 1.94 293 291 -30.4 2
800 13 44 1.51 293 291 -9.4 1
800 19 45 1.22 293 291 -7.6 1
800 Max. 45 1.20 293 291 opt. 1
1300 5 49 1.94 293 291 -30.4 2
1300 13 44 1.51 293 291 -9.4 1
1300 19 45 1.22 293 291 -7.6 1
1300 Max. 44 1.20 293 291 opt. 1
1600 5 50 1.79 293 291 -24.2 1
1600 13 46 1.36 293 291 -12.4 1
1600 19 47 1.22 293 291 -7.6 1
1600 Max. 45 1.20 293 291 opt. 1
1900 5 50 1.79 293 291 -23.8 1
1900 13 46 1.36 293 291 -12.4 1
1900 19 47 1.22 293 291 -7.6 1
1900 Max. 45 1.20 293 291 opt. 1
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Table 4.3: The specifications of the four different turbochargers. The diameters (d) of the turbine and compressor
impellers are normalized with respect to TC2's turbine diameter.

HP turbine HP compressor LP turbine LP compressor

TCO TMis = 78 % MNis = 78 % - -
TCl1 VGT + WG, d=0.95(-) d=1.05() - -
TC2 VGT+WG,d=1.00() d=1.15() - -
TC3 VGT +WG,d=1.00(-) d=1.31() WG,d=1.18 (-) d=1.44(-)

degree of dilution can be noted by the EGR level which is between 44 % to 50 %.
The rate of heat release profiles were taken from engine experiments when the same
engine was operated with a gasoline fuel with an approximate research octane number
(RON) of 76. A practical issue, from a modeling point of view, was that the exper-
iments did not cover the engine’s complete range of load and speed and thus there
were not rate of heat release profiles for all operating conditions. This was solved by
noting that the rate of heat release, as a function of crank angle degree, did not change
particularly when varying the engine speed [82]. As a result it was possible to use the
experimental rate of heat release profiles, obtained at 1300 rpm for the 800 rpm cases
and correspondingly the 1600 rpm’s rate of heat release profiles could be used for the
1900 rpm cases.

The specifications of the four different turbochargers (TCO, TCl, TC2, and TC3)
are presented in Table 4.3. The first turbocharger (TCO) was a shaft-less, ideal tur-
bocharger with a free floating turbine and a prescribed isentropic efficiency of 61 %
(assuming 100 % mechanical efficiency). This turbocharger was used as a benchmark
when comparing the performance of the other turbochargers. The second and third
turbochargers were both single-stage (i.e. one compressor and one turbine). In or-
der to achieve a more variable exhaust manifold pressure, a variable geometry turbine
(VGT) was used for both these configurations and a waste-gate (WG) was modeled.
The turbine and compressor for TCl and TC2 were provided by the turbocharger
manufacturer BorgWarner. BorgWarner helped us choose a combination of compres-
sor and turbine from their diesel engine product line. As can be seen in Table 4.3, the
compressor and turbine wheels of TC2 were slightly larger than those of TCI. Fur-
thermore the ratio between the compressor and turbine wheel diameters was slightly
different. The advantage of using an off-the-shelf turbocharger is that we can com-
pare the results to a conventional diesel engine. Furthermore, there would be no need
to redesign existing turbochargers in order to apply the PPC concept. However, as
will become clear later, this comes with a penalty in the highest brake efficiency that
can be obtained. So called turbocharger performance maps are used in order to sim-
ulate the performance of a turbocharger in GT-Suite. These maps were provided by
BorgWarner for both compressors and turbines. Because the turbines were variable-
geometry turbines, the performance changes with the opening position and thus mul-
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Figure 4.3: Schematic layout of a single-stage (a) and two-stage (b) turbocharger configuration as used in this work.

tiple maps were used (six for TCI and eight for TC2). The third configuration was
a two-stage turbocharger, where the low pressure (LP) and high pressure (HP) stages
operated in series, and where the HP stage included a VGT. The principle difference
between a single-stage and two-stage turbocharger is shown in Figure 4.3. TC3 was
constructed and modeled based on the performance maps of TC2. That meant that
the reduced mass flow (772,.4) in these maps was scaled, thus changing the effective
flow area. It should be noted that this scaling is in reality not that trivial [83]. For in-
stance, the isentropic efficiency of the compressor and turbine increases slightly with
wheel diameter, see Equation (4.9), where 7 is the efliciency and 3 is an empirical
constant between 0.1 and 0.625. But because the differences, for the scalings that we
are considering, were between 0 % and 3 % (depending on which 3 was chosen), we
chose to not scale the efficiency of the performance maps for this study. Furthermore,
the scaling rule for determining the scaled diameter based on the mass flow multiplier
is described in [83]. This was used in Table 4.3 to calculate the resulting diameters
for the HP and LP stages of TC3 and it will be used throughout this chapter, see
Equation (4.10). The friction and heat transfer losses for the turbocharger can be sig-
nificant, especially at low engine speed and load [84, 85]. However, as we did not
have any data for these losses they were neglected, that is the mechanical efficiency was
set to 100 % and no correction was made to the performance maps for heat transfer.

1- Tlbaseline
Nscaled = 1- RN (49)
( dscaled )
dbaseline
mred, scale 2
dscaled = m . dbaseline (410)
red, baseline
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Figure 4.4: Engine brake efficiency (%) of the complete speed-load range and comparing TCO, TC1, TC2, and TC3.
The contours are created based on scattered data from the 16 operating conditions using an interpolation
technique.

For a two-stage turbocharger, which operates in series, it is common to add an inter-
cooler between the first and second compressor stages. This is done to reduce the
amount of work which is needed in the second compressor stage and thus increase
the gas exchange efficiency. An inter-cooler was, however, not used in this work, and
as a result it should be acknowledged that it could affect the final results for this
turbocharger configuration. A practical issue of using an inter-cooler, which is worth
mentioning, is the fact that it adds significant cost and a slight increase of volume and
weight to the engine.

The simulated engine brake efficiency is presented in Figure 4.4 for all turbocharger
configurations. The maximum brake efficiency for TCO, TCl1, TC2, and TC3 was
46.0 %, 45.1 %, 45.1 %, and 45.2 % while the arithmetic mean was 42.1 %, 39.3 %,
39.7 %, and 40.2 % respectively. None of the real turbochargers were thus able to pro-
vide either higher maximum or average efficiency than the shaft-less with free floating
turbine. For the real turbochargers, the region of highest efficiency is located around
a gross imep of 15 bar and an engine speed of 1250 rpm. Comparing the two single-
stage turbochargers, TCI and TC2, a slightly higher brake efficiency was obtained in
the lower engine speed region with TC2.
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Only a slight improvement in brake efficiency was obtained by choosing a two-stage
turbocharger, although it should be remembered that the use of an inter-cooler would
likely increase the overall efficiency. However, a significantly higher engine load could
be reached because the boosting was done in two steps instead of one. Partly this is
because the amount of energy which is needed to compress a gas, does not increase
linearly with the pressure ratio. For instance it can be seen in Figure 4.2 that to in-
crease the pressure ratio over the compressor with a factor of two, more than double
the amount of energy is required (because a higher turbocharger efficiency is needed).
This is further complicated by the fact that above a certain pressure ratio (the island
of peak efliciency), the isentropic efficiency of the compressor decreases rapidly, and
offsets the potential rise in pressure ratio. This can be seen in Figure 4.5, which shows
compressor characteristics for every compressor. The compressor characteristics com-
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Figure 4.5: Compressor characteristics of TCO, TC1, TC2, and TC3. The operating conditions are superimposed on the
map where a straight line represents a constant engine speed but with increasing engine load as the
pressure ratio increases. The surge line corresponds to the low flow limit. Outside this line lies a region of
unstable flow. The contours represent isentropic efficiency (%) of the compressor.
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prise the operating conditions superimposed on the compressor map which consists
of the isentropic efficiency (the contour islands) as a function of pressure ratio (II)
and reduced mass flow (17,q) which are defined in Equations (4.11) and (4.12). In
these equations pjp, is the static outlet pressure of the compressor, g i, is the total
inlet pressure of the compressor, 7 is the actual mass flow through the compressor,
T0,in is the total inlet temperature of the compressor, ,.f is a reference ratio of specific
heats, R, is the reference gas constant and 7 and R are the actual ratio of specific
heats and gas constant at the inlet of the compressor.

M= Pim (4.11)
Po,in

T in re! Rre
Mg = 1 Y [ Jack ek (4.12)
D0,in TR

From Figure 4.5 we can furthermore observe that for a constant engine speed (n), the

operating conditions form a straight line. The reason is that the engine mass flow is
then a linear function of the intake manifold density (pim), thus proportional to the
intake manifold pressure, as shown by Equation (4.13) where 7, is the volumetric
efficiency, V;; is the displacement volume, and n is the engine speed (cf. [86, p. 54]).

. 1 DPim
mengine = Thol * Pim * Vd cn-— X (413)

2 T

The four lines of different engine speed, in Figure 4.5, are located in a wide spread
in the compressor map. This means that only a few operating conditions can be run
with the highest compressor efficiency. For the two-stage compressor the situation
is slightly better as the boost pressure can be reached by dividing the compression
into two steps and thereby achieve a higher compressor efficiency. This is verified
in Figure 4.6a which shows the average compressor efficiency for all configurations.
The highest compressor efficiency was obtained with TCO and then followed by TC3,
TC2, and TCl. On the other hand, a higher turbine efficiency could be achieved
with TCI than with TC3 and TC2, see Figure 4.6b. As a consequence the differ-
ence in combined turbocharger efficiency was relatively small comparing TC1, TC2,
and TC3, see Figure 4.6d. Although as mentioned previously, it was indeed possible
to achieve a substantially higher load with TC3. Finally the average gas exchange
efficiency can be seen in Figure 4.6c¢.
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Figure 4.6: Compressor efficiency, turbine efficiency, gas exchange efficiency, and turbocharger efficiency for TCO, TC1,
TC2, and TC3, respectively.

4.2.1 'The effect of intake manifold temperature

For the results presented so far the intake manifold temperature (7j,,) was set equal
to what was used in the experiments to obtain the rate of heat release profiles. How-
ever, that meant that it was around 293 K which is very low. Water condensation is
governed by the dew point temperature which in turn depends on gas temperature,
pressure, and composition. The dew point temperature reduces with lower pressure
and with increasing EGR level (due to higher water content). As these simulations
were done using a long route EGR configuration (which in this case meant low pres-
sures), as well as EGR levels around 45 % to 55 %, it was likely that the temperature
in the inlet of the compressor as well as in both the EGR and charge air coolers were
below the dew point. This is an issue because serious damage would be inflicted to
the compressor impeller and both EGR and charge air coolers due to corrosion and
fouling caused by the water condensation [40]. On the other hand, it has been found
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that lowering the intake manifold temperature by only 35K can raise the gross in-
dicated efliciency by 4.4 % due to higher ratio of specific heats and less in-cylinder
heat transfer loss [38]. In order to investigate this influence, the operating conditions
in Table 4.2 were once again simulated but with a higher intake manifold temper-
ature. To simulate a realistic intake manifold temperature, water condensation was
prevented in both the charge air cooler (CA-C) and in the EGR cooler (EGR-C). Ad-
ditionally a safety margin of 20 K was applied. This is formulated in Equation (4.14).
By using this equation, I assumed that the engine’s charge air cooler was using air as
its cooling medium and as such, could reach a lowest outlet gas temperature of 313 K.
Correspondingly, I assumed that the EGR cooler was using the engine cooling water
as its cooling medium and therefore could achieve a lowest outlet gas temperature of

363 K.

Tgew + 20K, if The,, + 20K > 363 K

EGR-C: Tout =
363 K, otherwise
(4.14)
i 1
CA-C: Tom _ Tdew + 20 K, ldeew + 20K > 313K
313K, otherwise
. TCO %7 TC1
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Figure 4.7: Difference in intake manifold temperature (K), between low and high intake manifold temperature, of the
complete speed-load range and comparing TCO, TC1, TC2, and TC3. The contours are created based on
scattered data from the 16 operating conditions using an interpolation technique.
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Figure 4.8: Difference in engine brake efficiency (%), between low and high intake manifold temperature, of the
complete speed-load range and comparing TCO, TC1, TC2, and TC3. The contours are created based on
scattered data from the 16 operating conditions using an interpolation technique.

Figure 4.7 shows the difference in intake manifold temperature for all operating points.
As the difference in all cases is above 20 K (which was the imposed safety margin), we
can conclude that the intake manifold temperature in the previous results was in fact
below the dew point. Furthermore, this difference increases with load because the
pressure in the charge air cooler gets higher.

The difference in brake efliciency between low and high intake manifold temperatures
is then presented in Figure 4.8. For all operating points, the brake efficiency is higher
with a lower intake manifold temperature. However, the largest difference is found
for the lowest and highest engine speeds and at the highest engine load. Additionally,
although not shown here, the highest achievable load was reduced substantially when
going to the higher temperatures. The reason is that when increasing the intake man-
ifold temperature, the intake manifold pressure needs to increase as well, in order to
reach the same A and EGR level (i.e. the same engine mass flow). As a result the com-
pressor needs more power to generate a higher boost pressure which means that the
turbine needs to generate a high power and therefore needs to operate with a higher
engine back pressure. For a lower boost pressure this can be done relatively efhciently,
however, at the highest load the compressor and turbine are already operating at their
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Figure 4.9: Energy balance for TC2 for the lowest and highest engine loads at 800 rpm and 1900 rpm and comparing
low and high intake manifold temperatures. All fields represent losses except the field for brake efficiency
(Morake)- Heat transfer loss refers to in-cylinder heat transfer losses.

limits. Furthermore, an increase in pressure ratio for the compressor above the peak
efficiency island, without a corresponding increase in reduced mass flow (see Equa-
tion (4.12)) leads to a lower compressor efficiency. At the lowest speed the compressor
is operating close to the surge line and just a small increase in pressure ratio causes a
large decline in the compressor efficiency.

The differences in brake efficiency were investigated further by dividing the injected
fuel energy into useful brake energy and the different loss terms (i.e. combustion
loss, in-cylinder heat transfer loss, exhaust loss, gas exchange loss, and friction loss).
This is presented in an energy balance diagram and shown in Figure 4.9. The energy
balance was constructed for TC2 for the lowest and highest engine loads at 800 rpm
and 1900 rpm and comparing low and high intake manifold temperatures. It can be
seen that a lower intake manifold temperature led to a reduction of the in-cylinder
heat transfer in all cases. However, all of this reduction could not be converted into
useful work, instead some of it ended up as enthalpy in the exhaust (i.e. the exhaust
loss term was higher). Moreover, at 800 rpm the gas exchange loss was almost twice as
high for the cases with higher intake manifold temperature whereas at 1600 rpm this
difference is negligible. In conclusion, a lower intake manifold temperature increases
both gross indicated and gas exchange efficiency.
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4.2.2 The effect of EGR

The use of high EGR levels is beneficial for reducing NO, emissions and also, to some
extent, facilitates PPC by prolonging the ignition dwell. However, as was shown in
Figure 4.2, from a theoretical point of view, a high degree of dilution will most likely
deteriorate the gas exchange efficiency. To quantify this reduction, the following sen-
sitivity study was conducted. Constant air-fuel-ratio was targeted and the EGR level
was varied between 0% to 50 %. This is an important distinction, as an alternative
way would be to keep the same engine mass flow, thus reducing A as EGR is increased.
TCO was considered in order to decouple the thermodynamic effect of EGR from the
effect of a different turbocharger efficiency. The effect of different turbocharger ef-
ficiency was instead considered by sequentially setting the turbocharger efficiency of
TCO to 61 % and then to 49 %. Furthermore, both low and high intake manifold
temperatures were considered (see Equation (4.14)). The maximum engine load at
800 rpm and 1900 rpm were the operating conditions chosen because the largest dif-
ference in brake efficiency was found for them.

The brake efficiency as a function of EGR is presented in Figures 4.10a to 4.10d. Ad-
ditionally the gross indicated efficiency (1gross) is included into these figures for better
understanding of the trends. First, we can notice that the gross indicated efficiency
increases with EGR for all cases. The reason is that the in-cylinder heat losses are
lower because of the dilution which reduces the global in-cylinder temperature. Al-
though the gross indicated efliciency increases in all cases, it does so more for the
cases with low intake temperature and for the cases with higher engine speed due to
less in-cylinder heat transfer, which is in accordance with the discussion above (see
Figure 4.9). It should be noted that the same rate of heat release profile was used here
as the EGR level was varied (although it was different for the different engine speeds).
Typically it would not be easy to achieve that in an engine, but on the other hand it
serves well here because the thermodynamic effect of EGR can be decoupled from the
effect of a different rate of heat release profile. Considering the brake efficiency, it can
be noted that there is an optimum EGR level which yields the highest brake efficiency.
However, this point is different for the different cases. For instance, in Figure 4.10a,
the turbocharger efficiency is 61 % and a low intake manifold temperature is used.
We can see that for this case, the optimum EGR level is as high as 40 %. However,
by either reducing the turbocharger efhiciency (Figure 4.10¢) or increasing the intake
manifold temperature (Figure 4.10b), the optimum EGR level shifts to a lower value.
At a turbocharger efficiency of 49 % and for a high intake manifold temperature (Fig-
ure 4.10d), the optimum EGR level is only 5 % for the lower engine speed. The reason
why a higher EGR level does not produce a higher brake efhiciency although it yields
a higher gross indicated efficiency can be explained as follows. When the EGR level
is increased, a higher boost pressure is needed. This results in a lower gas exchange
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Figure 4.10: Brake and gross indicated efficiency as a function of EGR level. Four different cases are shown where the
difference is in the specified turbocharger efficiency and whether a low or high intake manifold
temperature is applied.

efficiency, however, this reduction of gas exchange efficiency is at first offset by the
increase in gross indicated efficiency but then, at a certain point, the reduction in gas
exchange efficiency is simply larger and thus a drop in brake efficiency occurs. Conse-
quently there exist a trade-off between a higher gross indicated efficiency and a lower
gas exchange efficiency which depends on the level of dilution and operating point.

4.2.3 Mismatch of Turbine and Compressor Wheel Diameter

It was mentioned in the beginning of this section that the single-stage turbochargers,
TCl and TC2, were taken from the diesel engine product line of BorgWarner. In
contrast to conventional diesel combustion, the PPC concept utilizes a high degree of
dilution, and hence there will be higher mass flows over the compressor and turbine.
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Figure 4.11: Simulated brake, gas exchange, turbocharger, and compressor efficiency for the engine, comparing the
original and optimized TC2.

A turbocharger, designed specifically for the PPC concept, could potentially reach a
higher average turbocharger efliciency, and thus a higher engine brake efficiency. This
was tested by optimizing the size of the performance maps of TC2 on the operating
conditions from Table 4.2. As was explained earlier, this was done by multiplying the
reduced mass flow from the performance map by a constant. The average brake, gas
exchange, turbine, and compressor efficiencies for the original and optimized TC2 are
shown in Figure 4.11. A higher value for all these parameters, except for the turbine
efficiency, were obtained with the optimized turbocharger. What is more interesting,
is the obtained optimal sizes of the compressor and turbine wheels, which can be
seen in Table 4.4. The optimized compressor wheel diameter was 8.9 % larger, while
the diameter of the turbine wheel was 3.8 % smaller. Thus the ratio between the
compressor and turbine wheel diameters increased from 1.150 to 1.301. Not only
is this an interesting result, but it reveals that a turbocharger, designed for a diesel
engine, cannot fulfill its potential when the PPC concept is applied. It is also, likely,
the reason why TC2 performed better than TCI which had a ratio of 1.10 between
the compressor and turbine wheel diameters. Furthermore, this behavior can partly
be explained by considering the equation for reduced mass flow through either the
compressor (mred, C) or turbine (mred, t) , see Equation (4.15). The reduced mass flow
controls the effective flow area of the turbine and compressor.

Table 4.4: Normalized diameters of the compressor and turbine wheels, comparing the original TC2 and the optimized.
The diameters are normalized with respect to the diameter of TC2's turbine wheel. The last column shows
the ratio between the compressor and turbine wheels.

Turbine  Compressor ~ Compressor / Turbine

Original TC2 1.000 1.150 1.150
Optimized TC2  0.962 1.252 1.301
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If we assume that the inlet temperature and pressure are fixed to the ambient, the
reduced mass flow over the compressor does not change with the operating conditions.
Therefore the flow capacity of the compressor is proportional to the real mass flow
through the compressor. The reduced mass flow over the turbine, on the other hand,
depends, not only on turbine mass flow, but on the exhaust manifold temperature
and pressure as they change with the operating conditions or with the turbocharger
efficiency. For the PPC concept, which relies on a large degree of dilution, this means
that the exhaust temperature will be comparably lower and to compensate for the
lower enthalpy that a lower temperature yields, a higher exhaust manifold pressure is
needed. This gives a much lower reduced mass flow than for the compressor and thus
a lower effective flow area which means that the optimum diameter of the turbine
will be smaller than the diameter of the compressor [87]. To verify this reasoning,
Figure 4.12 shows the reduced mass flow for the turbine and compressor as a function
of EGR. These results were taken from the simulations with varying EGR level which
were presented earlier. It is evident that the reduced mass flow of the compressor
increases with higher engine mass flow, in fact, it would have increased linearly with
EGR if the volumetric efficiency (7,0]) did not also increase slightly with EGR. The
reduced mass flow of the turbine, on the other hand decreases with EGR. Finally,
Figure 4.12b shows that with a lower turbine efficiency, this decline is even more
pronounced because the exhaust manifold pressure must be higher.

This discussion has so far concentrated on the reduced mass flow and thus the effective
inlet flow area. However, to be able to match the turbine to the compressor, they have
to be designed for the same shaft speed. The design of a new turbocharger most often
starts with the design of the compressor. The optimal turbocharger speed is then set
and the design of the turbine must adhere to this speed. Furthermore, the speed of
the compressor will decrease with increasing values on the compressor wheel diameter
if the same specific speed should be obtained. Consequently, if a larger compressor
is needed, which is likely for the PPC concept as the previous discussion concluded,
the optimal speed of the compressor will be lower and thus the turbine needs also
operate with a lower speed. In the design of the turbine, the measure known as the
blade speed ratio (BSR) is key and needs to be considered. It is the ratio between

T am here considering all gases in the manifold and not just the air, which is in contrast to the
conventional definition of volumetric efficiency.
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Figure 4.12: Reduced mass flow for the compressor (iveq, ¢) and turbine (rieq, 1) as a function of EGR.

the turbine tip speed and the outlet speed that would be obtained from an isentropic
expansion (¢;;). The BSR is defined in Equation (4.16), where w is the turbocharger
rotational speed, r is the turbine tip radius and Tp ¢ is the total temperature at the
turbine inlet.

BSR = U2t — W (4.16)

Cis 1=

For a radial in-flow turbine, the theoretical highest efficiency is obtained for a BSR
between 0.6 and 0.8 [87, p. 153, 88, p. 806, 89, p. 273]. Moreover, the turbine
efhiciency decreases rapidly on both sides of the optimal BSR. Following the conclu-
sion from earlier, that the turbine should have a lower effective flow area, hence it
should have a smaller inlet diameter, we can see that both a lower turbocharger speed
and turbine diameter will lead to a reduction in BSR. Figure 4.13 shows the turbine

efficiency, turbine blade speed ratio and turbocharger speed, comparing the original
and optimized TC2. The average turbocharger speed is lower because the compressor
is larger. A lower speed and a small turbine lead to a lower BSR and finally to a lower
average turbine efficiency. The lower turbine efficiency stands in contrast to the av-
erage compressor efficiency, which increased with the optimal TC2 (see Figure 4.11).
The optimized TC2 had a ratio of 1.301 between compressor and turbine wheel di-
ameters. The performance equilibrium between compressor and turbine is presented
in Equation (4.17) where d. and d, are the compressor and turbine wheel diameters
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Figure 4.13: Turbine efficiency, turbine blade speed ratio (BSR), and turbocharger speed (n) for the engine,
comparing the original and optimized TC2.

respectively and o is the slip factor of the compressor which depends on the number
of blades and any potential back sweep of the blades [88, p. 85].

de 1 [me (4.17)
d, BSR '\ 20

In this equation it is assumed that the inlet velocity of the compressor is completely
axial. For simplicity we can assume that the slip factor is unity, then the BSR of the
turbine is 0.47 for a turbine efficiency of 75 % and for a d./d, = 1.301. One way
to design a turbine with a lower optimal BSR is for instance to use a mixed in-flow
turbine or an axial turbine for which the optimal BSR is lower, although probably not
as low as 0.47 [90, 91].

4.3 Application of Dual Loop EGR

We have seen that the gas exchange efhiciency is very much affected by the turbocharger
efficiency and degree of dilution. If a certain degree of dilution is needed, for example
to reduce NO, and soot emissions, and a specific turbocharger is used, these variables
are all fixed. However, as was seen in Figure 4.5, the compressor was not working
at its highest efficiency in more than a couple of operating points, thus there exists a
potential to increase the average turbocharger efficiency and by that, increasing the
average brake efficiency. The reason why the compressor did not operate with highest
possible efficiency was that the compressor mass flow is proportional to the engine
mass flow which in turn is proportional to the engine speed and boost pressure (i.e.
engine load). As a result, the compressor mass flow changes with engine operating
conditions. In this section, I will present some of the results from Paper II in which
we investigated if it is possible to control the mass flow through the compressor by
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Figure 4.14: Schematic layout of the engine with two different EGR routes (HP and LP).

using two different EGR routes. In this case one high pressure (HP) EGR route and
one low pressure (LP) EGR route were used.

The two EGR routes are shown schematically in Figure 4.14 and it can be seen that the
HP route receives exhaust gas before the turbine (where the pressure is high), whereas
the LP route receives the exhaust after the turbine, where the pressure is low. The
hypothesis is that at low engine speeds, more mass flow would ideally be needed in
order to push the compressor operating point to the right in the compressor map
where there is a higher efficiency. This can be done by letting more of the exhaust
gas flow through the LP route. On the other hand, at high engine speeds there is a
surplus of mass flow flowing through the compressor. Thus, at high engine speeds it
would be ideal to let some of this gas bypass the turbocharger completely, that is lead
some of the flow through the HP route. This has been tested before, however, without
any relevant success, see for instance Refs. [92-94]. A possible explanation for why
it did not work in those cases is that the authors were using a fixed size turbocharger,
i.e. they were performing experiments on an existing engine which was designed to
operate with only HP or LP EGR. Ideally, both the compressor and turbine should be
designed to be used in a combined HP and LP EGR route arrangement. Additionally,
the more EGR that is used, the more the compressor mass flow can be adjusted. The
very high levels of EGR, used with PPC, makes this concept optimal for testing if the
dual route EGR configuration can result in a higher average brake efficiency.

The combined HP and LP EGR route configuration was compared against running
the engine with only HP EGR and then also with only LP EGR. For each of these
three cases the same multi cylinder engine model was used to simulate the engine
performance on the operating conditions as shown in Table 4.2. As discussed pre-
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Table 4.5: Normalized diameter of the three different turbochargers’ compressor and turbine wheels used in the
comparison of EGR configurations. The diameters are normalized with respect to the diameter of TC2's
turbine wheel from Table 4.3. The last column shows the ratio between the compressor and turbine wheels.

Turbine  Compressor ~ Compressor / Turbine

LP EGR 0.962 1.252 1.301
HP EGR 0.707 0.920 1.301
HP and LP EGR  0.883 1.060 1.200

viously, the performance of each EGR configuration will depend largely on the size
of the turbocharger. Therefore, the turbocharger was resized for every EGR configu-
ration to yield the highest average brake efficiency. This optimization of the size of
the compressor and turbine was done by scaling the performance maps for TC2 from
Table 4.3 in accordance with the discussion in Section 4.2. An equal weight was put
on every operating point when determining the maximum brake efficiency. The re-
sulting diameters (compared to the original TC2) for the turbine and compressor are
shown in Table 4.5. It is interesting to note that the ratio of compressor to turbine
wheel diameters, is lower for the combined HP and LP EGR route configuration, and
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Figure 4.15: Engine brake efficiency (%) of the complete speed-load range for the LP EGR, HP EGR, and LP and HP
EGR route configurations. The contours are created based on scattered data from the 16 operating
conditions using an interpolation technique.
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therefore (following the discussion from Section 4.2.3) suggests that it would be easier
to obtain a high turbine efficiency with a radial turbine.

The resulting brake efhciency as a function of engine speed and bmep is shown in Fig-
ure 4.15 for all three EGR route configurations. The brake efficiency is higher for all
operating points with combined HP and LP EGR route configuration. Furthermore,
a higher bmep was obtained with the LP and HP EGR route configuration, especially
in the low engine speed region. Figure 4.16 shows the compressor characteristics for
all three EGR route configurations. From this figure it is evident that it was possible
to control the mass flow through the HP EGR route to achieve a higher compres-
sor efficiency. This is verified in Figure 4.17a which shows the average compressor
efficiency for all three EGR route configurations. The average compressor efficiency
is 5 %pt. higher for the combined LP and HP EGR route configuration. Addition-
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Figure 4.17: Gas exchange efficiency, turbine efficiency, compressor efficiency, and turbocharger efficiency for the LP
EGR, HP EGR, and LP and HP EGR route configurations.

ally Figure 4.17b shows the average turbine efficiency which was also 5 %pt. higher
for combined route configuration. Figures 4.17c and 4.17d finally show the average
total turbocharger efficiency and the gas exchange efficiency and it can be seen that
an improvement by 9 %pt. and 4 %pt. respectively could be achieved by using the
combined EGR route configuration. Paper II also included a sensitivity analysis on
the intake manifold temperature, corresponding to the one in Section 4.2.1, and the
results showed that, in that case, the combined LP and HP EGR route configurations
could achieve an even larger improvement than mentioned here above.

4.4 Summary

This chapter set out to analyze important factors which affect the gas exchange ef-
ficiency, as well as different ways to increase it, for a PPC engine. The theoretical
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effect of dilution was first investigated. It was seen that, both a low exhaust mani-
fold temperature and a high intake manifold pressure, increase the demand for a high
turbocharger efficiency, in order to achieve a positive pressure differential over the
engine.

Next, the engine brake efhiciency was simulated with four different turbocharger con-
figurations. These turbochargers were a free floating turbocharger (T'CO0) with a pre-
scribed isentropic efficiency which was used as a baseline, two single stage turbocharg-
ers (T'Cl and TC2) - which both included a variable geometry turbine and waste-gate,
and finally a two-stage turbocharger (TC3) with a variable geometry turbine but with-
out an inter-cooler. The peak brake efficiencies for TC0, TC1, TC2, and TC3, were
46.0 %, 45.1 %, 45.1 %, and 45.2 %, while the arithmetic mean was 42.1 %, 39.3 %,
39.7 %, and 40.2 %, respectively. None of the real turbochargers were thus able to
provide either higher maximum or average efficiency, than the shaft-less with free
floating turbine. Furthermore, it was shown that the turbine and compressor were
mismatched. Due to the high level of dilution, which led to a low exhaust tempera-
ture, the reduced mass flow over the compressor was significantly larger, than the re-
duced mass flow over the turbine. Consequently, a larger compressor wheel together
with a smaller turbine wheel would have been more suitable.

Although it was possible to achieve a reasonably high average brake efficiency with a
high degree of dilution, especially high levels of EGR, it was evident that this dilution
is detrimental for achieving a high gas exchange efficiency. A sweep in EGR level
showed that there exists an optimal level of EGR for which the highest brake efficiency
was achieved. However, this optimal level was shifted towards lower EGR levels when
the turbocharger efliciency was lower, or when the intake manifold temperature was

higher.

The gas outlet temperature of the EGR and charge air coolers should be kept above
the dew point, in order to prevent fouling and corrosion in the compressor, as well
as in the coolers themselves. However, an increase in this temperature was shown to
be detrimental for both the gross indicated efficiency, and the gas exchange efficiency,
which consequently led to a decrease in brake efficiency.

Finally, the application of a dual loop EGR configuration, in which the mass flow of
exhaust gas through the turbine is controlled, yielded a substantial increase in average
gas exchange efficiency. The reason was that with the dual loop configuration, more
of the operating points could be run with a high compressor efficiency.
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Chapter 5

Re-Optimization of the Engine
Settings to achieve Maximum

Engine Brake Efhiciency

The previous chapter showed that applying a high level of dilution leads to an increase
in gross indicated efficiency. However, if too high levels of dilution are used, the
penalty in gas exchange loss can offset the increase in gross indicated efficiency, and
thus lead to a decrease in overall brake efficiency. Ultimately, it is the brake efhiciency
that should be maximized in order to minimize the fuel consumption of the engine.
On the other hand, the use of dilution is what yields low local emissions of NO, and
soot with the partially premixed combustion (PPC) concept. The balance between
efficiency and emissions is not trivial, and to say how much dilution should be used
requires detailed analysis of the engine system over its whole operating range. In this
chapter, which is based on the content in Papers III-V, I will attempt to shed light
onto this problem, that is: for a specific engine system, how should engine parameters
such as level of exhaust gas recirculation (EGR), intake manifold temperature, intake
manifold pressure, fuel injection pressure, and injection strategy, be chosen in order
to maximize the brake efficiency, while constraining NO, and soot. In addition, I
will investigate the effect of two properties which are arguably fundamental to the
engine system, namely the choice of fuel and engine compression ratio. For this pur-
pose I have conducted a simulation-based study with four main cases including three
different fuels and two different compression ratios.
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Table 5.1: Case setup for the study with the fuel properties and the compression ratio used.

Case 1 2 3 4
Fuel Methanol ~ Methanol  Gasoline  Gasoline
Octane number 109 109 76 97
Lower heating value (M]/kg) 19.9 19.9 44.1 42.9
Stoichiometric air-fuel-ratio 6.5 6.5 14.77 14.16
Compression ratio 17.3 21.6 17.3 17.3

While the specifics are presented in Table 5.1, the cases can be summarized as:

1. Methanol with standard compression ratio
2. Methanol with optimized compression ratio
3. Gasoline with RON = 76 and standard compression ratio

4. Gasoline with RON = 97 and standard compression ratio

I will motivate the choice of these particular cases next. First of all, it is likely that
the highest brake efficiencies that can be achieved, as well as the resulting combustion
characteristics, depend on which fuel is being used. The choice of fuel for PPC was
discussed previously in Chapters 1 and 2 and there I referred to researchers who say
that the optimal fuel for PPC is a gasoline with a research octane number (RON) in
the range of 65 to 80. This type of fuel is advocated because of its ability to, on the
one hand achieve stable combustion at low engine loads, and on the other hand avoid
excessive maximum pressure rise rate at high engine loads’. Consequently by using a
fuel of this type, it would be possible to cover the whole engine load range. However,
it is questionable if the combustion with this type of fuel can be defined as PPC. The
reason is that a fuel which has a RON of 65 to 80 does simply not have enough auto-
ignition resistance to yield a separation between the end of fuel injection and start of
combustion at high loads. On the other hand it is not certain that PPC will be optimal
when the brake efhiciency is targeted. Or in other words: it might be the case that PPC
yields the highest brake efficiency at low load, but conventional diesel combustion is
preferable at high load. To investigate this, I chose two different gasoline fuels for this
study: one with a RON of 76 and one with a RON of 97, which are named case 3
and 4 (see Table 5.1). Naturally, because a real gasoline fuel consists of several species
and is difficult to model exactly, these two gasoline fuels were modeled as surrogates
consisting of iso-octane, n-heptane and ethanol. The blending rules from [95] were
used to determine the fraction of each species in order to match the RON .

'In this context stable combustion means combustion without misfire and excessive cycle to cycle
variations.
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Dilution with exhaust gas recirculation is, as was described in Chapter 2, very effective
for reducing NO, emissions and achieving low temperature combustion and hence
PPC. However, for a fuel with propensity for soot formation, as is gasoline, dilution
with EGR also yields an increase of soot and PM emissions®. In contrast, fuels with
high oxygen content has shown to produce significantly lower levels of soot, thus
it is possible that by using such a fuel a higher degree of freedom can be obtained
when optimizing the engine settings [50-52]. Fuels with high oxygen content are for
instance methanol and ethanol. Moreover, both methanol and ethanol are liquid and
of sufficient energy density for vehicle applications. I chose methanol for this work
as it is the simplest fuel that can be produced from renewable sources and which is
liquid at atmospheric conditions, as well as it has the largest oxygen content [22].

As with any other fuel there are advantages and disadvantages with using methanol in
an engine application, especially in a direct injection, compression ignition, engine. A
big advantage is that methanol can be produced in large scale from renewable sources
which would increase its sustainability and help decrease the net CO, emissions for the
transport sector®. The low lower heating value of methanol is, however, a disadvantage
as it means that a larger (roughly two times as big) fuel tank needs to be installed on
the vehicle in order to achieve a similar driving range as with gasoline. Furthermore,
changes to the fuel injection systems are needed to prevent long term wear. None of
these things were considered in this study, however, they have to be paid attention to
if methanol is going to be used for commercial vehicles.

Methanol has a RON of 109 and as a result needs a significantly higher temperature
to auto-ignite under engine conditions than for instance diesel and even the gasoline
fuels that were mentioned above [96]. This can be regarded as both an issue or a
possibility but if we regard it as a problem for the meantime, we can solve it by us-
ing a higher engine compression ratio. Figure 5.1 shows, on the left hand side, the
in-cylinder pressure as a function of temperature for the compression stroke of the
closed cycle. The final temperature and pressure of this compression depend on the
inlet pressure and temperature as well as the compression ratio. As can be seen, a
higher inlet temperature as well as a higher compression ratio leads to a higher final
temperature. Additionally, this figure shows the ignition delay time (in ms) as a func-
tion of initial pressure and temperature, plotted as iso-contours. A shorter ignition
delay time means that it will take a shorter time from the start of injection (SOI) to the
start of combustion (SOC). The shortest ignition delay time is achieved for the high-
est initial temperature and highest compression ratio. Moreover, Figure 5.1 shows,

on the right hand side, the ignition delay time for different A. A higher A leads to a

2It should be mentioned, despite not being very practical, that levels of EGR on the order of 70 %
could actually cause soot and PM to decline [10].

3It is true that methanol can be produced from renewable sources at large scale, however, it should
be noted that most of the current production is based on coal and natural gas.
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Figure 5.1: To the left: Pressure as a function of temperature for the compression stroke with different inlet conditions
and two compression ratios (g). Contours with constant ignition delay time (ms), for methanol, are
superimposed. For these ignition delay times, the EGR was equal to 25 % and A was equal to 2. To the
right: Contours of ignition delay (7) at 0.1 ms, 1 ms, and 5ms as a function of initial temperature and initial
pressure and two different .

longer ignition delay time. Additionally this figure shows the duration in crank angle
degrees for various speeds, corresponding to an ignition delay time of 1 ms, which can
be used when transferring this information to engine conditions.

The data in Figure 5.1 can be used in order to get an idea of the required inlet temper-
ature for a certain compression ratio. This is presented in Figure 5.2 which shows the
ignition delay time, as constant iso-contours, as a function of inlet temperature and
compression ratio. For instance, if we take 1100 rpm as the engine speed, then for an
ignition delay of 6.6°ca (which corresponds to 1 ms) the needed inlet temperature at
a compression ratio of 15 is 420 K. In contrast, the required inlet temperature at a

420 A=1,EGR=0%
A=1,EGR =25%
A=2 EGR=0%
— — A=2,ECGR=25%

390 4 N
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Figure 5.2: Constant ignition delay time (7), for methanol, as a function of inlet temperature (T},,) and compression
ratio () at different inlet pressure (pi), air-fuel ratio (A) and EGR.
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compression ratio of 30, and an ignition delay of 13.2°ca, is only 310 K. This example
shows the significant effect of compression ratio on the required inlet temperature.
The previous chapter showed that a low intake manifold temperature would be bene-
ficial from both a gross and brake efliciency perspective. Additionally, the theoretical
efficiency for heat release processes, which include both constant volume and constant
pressure, can be found in, for instance, the book by Heywood [86, p. 172].

_q 1 af? —1
=T <a7(ﬂ—1)+a—l)

B =1, (for constant volume heat release)

(5.1

a =1, (for constant pressure heat release)

This equation, Equation (5.1), indicates that the efficiency increases with higher com-
pression ratio (¢), which suggest that an infinitely high compression ratio would be
preferable. However, a reason why this is not the case, and why the theoretical equa-
tion for efficiency is generally not applicable, is because it does not consider the
in-cylinder heat transfer and lack of instantaneous combustion. Specifically, Equa-
tion (5.1) depicts that the efficiency approaches 100 % with higher compression ratio
due to the increase in the ratio between the highest and lowest cycle temperatures.
However, for constant inlet conditions (i.e Pim, Tim> and EGR, as well as the same
rate of combustion) in-cylinder heat transfer would increase with compression ratio
because of a higher global temperature. In addition, the maximum in-cylinder pres-
sure and NO, emissions would increase, and therefore require a retarded combustion
phasing [97]. In conclusion, it is generally found that with higher compression ratios,
the gross efficiency increases up to a certain point and then starts to decline. However,
this point is not trivial to determine. For instance, a change of the inlet conditions
and rate of combustion could be used to compensate for the higher heat transfer and
maximum pressure. Furthermore, the optimal compression ratio will be different
depending on the operating point considered. Thus, the chosen compression ratio
will be the best compromise. Because the compression ratio is such a fundamental
property of the engine, I chose to include two different cases in this study when con-
sidering methanol. As a benchmark, the standard compression ratio was used for the
first case and for the second case, the compression ratio was optimized to achieve the

highest brake efficiency.

5.1 Operating Points

Chapter 4 showed that the gas exchange performance of the engine varies with both
engine speed and load. Moreover, the resulting combustion will be significantly af-
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fected by the targeted engine load, and to a minor extent by the engine speed. Conse-
quently, the choice of operating points is very important in order to be able to draw
general conclusions from the results of a study of this kind. On the other hand, it is
beneficial to keep the number of cases to a minimum to avoid additional simulation
cost. Furthermore, the operating points should cover a relevant range of engine speed
and load. With this in mind, the operating points for this study were taken from
the 12 mode non-idle European stationary cycle (ESC) supplemental emission test
(SET) points [98]. These operating points are shown in Figure 5.3, where the letters
(A, B, C) indicate different engine speeds, see Equation (5.2) where n is the engine
speed and 7min and 7,y are the minimum and maximum engine speeds which were
considered for this particular engine.

NA = Nmin + 0.25 (nmax - nmin)
NB = Nmin + 0.50 Nmax — Mmin
B ( ) 5.2)

NC = Nmin + 0.75 (nmax - nmin)

Nmin =300rpm, Ny, = 2000 rpm

The engine load in the European stationary cycle is taken as 25 %, 50 %, 75 %, and
100 %. These percentages can be converted into a mean effective pressure, namely
fuelmep which is defined in Equation (5.3) where g, is the mass of the fuel that is
injected every cycle, Qrnyv is the lower heating value of the fuel and V7 is the engine
displacement volume. The fuelmep corresponding to 100 % was set to 60 bar and
was considered representative for the engine. This conversion can be seen on the left
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Figure 5.3: Operating points from the 12 mode non-idle European stationary cycle. The selected points for this study
are encircled.
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y-axis in Figure 5.3. The selected points for this study are encircled in Figure 5.3 and
four in total, i.e. A75, B25, B100, and C50.

Mg - QLuv

Vo (5.3)

fuelmep =

The multi cylinder engine (MCE) model with the optimized turbocharger (TC2) from
Table 4.4, which was presented in Section 3.1, was used for this study together with
the stochastic reactor model (SRM) described in Section 3.3. The coupling described

in Section 3.4 was used to perform full engine cycle simulations.

5.2 Optimization Strategy

In order to find the maximum brake efficiency for any of the cases described above
at any of the four operating points, I considered the optimization problem defined in

Equations (5.4) to (5.6).

u = |EGR Tim Pim Pinj Qsloi 9520i 9530i Tilnj Tian ri‘j}T
(5.4)
Tignj =1- (Tilnj + Tian)
/ T
Y = [Morke Prmax Phnas Thew SNO, Al
(5.5)
y = f(u)
maxqiimize Mbrake
subject to P < 225 bar,
Pl .. < 15bar/°ca, 5.6

sNO, < 1.0g/(kW h),
ﬂm > Tdcw +20 K7
A > 1.3 (gasoline)

In these equations, the search space, denoted u, is a vector which holds the indepen-
dent variables. w includes the EGR level (EGR), the intake manifold temperature
(Tim), the intake manifold pressure (pin), the fuel injection pressure (Pinj), three dif-
), and the fraction of fuel that is injected

. - 1 2 3
ferent start of injection timings (6, 0% ;> 02
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1,2
inj> Tinj

third injection event is easily realized to be one minus the sum of the rest. The cost

in each of the first two injection events (r ). The fraction of fuel injected in the
function, denoted y, is also a vector and includes the objective, i.e. the brake efficiency

(Mbrake)> and the constraints. Constraints were set on maximum in-cylinder pressure

/

1hax)> brake specific NO, emissions

(Pmax)> maximum in-cylinder pressure rise rate (p
(sNO,), intake manifold temperature (7j,), and soot emissions. The intake temper-
ature was limited to be 20 K over the dew point, analogous to Section 4.2.1, in order
to prevent condensation in the intake manifold, EGR and charge air coolers as well

as the compressor, see Equation (4.14).

Although methanol does not produce soot emissions, gasoline does. Therefore it was
of interest to set a constraint on soot emissions in the optimizations. However, the
chemical kinetic model that was used for the gasoline fuels did not include species
and reactions to model soot emissions. Instead the soot emissions had to be limited
implicitly by requiring a minimum lambda (). From multiple studies it has been
shown that soot emissions, from combustion with similar gasoline fuels, decline with
higher air-fuel ratio [59, 99]. In order to choose a suitable minimum lambda, the
study in [100] was considered. There the authors, in their PPC recipe, propose to
limit soot emissions below a filtered smoke number (FSN) of 2.0. They argue that
soot emissions below this limit are easily removed with a particulate filter. Looking
further into the results in Refs. [59, 99], it can be seen that FSN < 2.0 can likely be
achieved by using A > 1.3 and therefore this was chosen.

The optimal compression ratio in case 2 was found by including the compression
ratio (¢) in u. For the other cases, the optimizations could be performed for one
operating point at a time. However, as the compression ratio can only take one value,
the optimization of case 2 had to be done for all operating points simultaneously. In
addition, the optimal compression ratio was set to be the one which maximized the
average brake efficiency. However, because an engine does not normally operate an
equal amount of time in every operating point, an arithmetic mean would not have
been suitable. Instead the same weights (w) which are used in the European stationary
cycle were applied. That meant that the average brake efficiency was calculated as
shown by Equation (5.7).

Norake = W Mprake  for w = [0.17,0.35,0.31,0.17)7 (5.7)

The difference between local and global optima is important to consider when solving
any optimization problem. A local optimum is the set of variables which maximizes
(or minimizes) the cost function locally, whereas a global optimum is the set of in-
dependent variables which maximizes the cost function for the whole domain. The
optimization problem in Equation (5.6) includes up to ten independent variables and
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Figure 5.4: The influence of the combination of solution candidates and iterations on particle swarm optimization
algorithm results taken as the normalized gross indicated efficiency, ngross /figross- Where 7jgross denotes the
efficiency median for each combination. For each box, the central mark is the mean and the central line is
the median, the box extends vertically between the 25th and 75th percentiles, the whiskers extend to the

most extreme data that are not considered outliers. No data was considered to be outliers.

as a result many so called "local optimization algorithms” would have a difficulty in
finding the global optima. In contrast, the optimization algorithm that I chose for
this study comes from a family of optimization algorithms called population-based
stochastic techniques. It is called the particle swarm optimization (PSO) algorithm
and uses a meta heuristic approach for finding the global optima when the optimiza-
tion problem includes many independent variables* [101]. The advantage of this par-
ticular algorithm is that it can relatively quickly go through a large search space. How-
ever, there is no guarantee that the optimal solution is found. The implementation
was done in Matlab©. The particle swarm optimization algorithm uses a set of solu-
tion candidates and moves them around the search space, u, through iterations, using
a simple relation, to find the global optimal solution of the cost function y.

The number of solution candidates and the number of iterations are not easy to de-
cide. The level of convergence will to some extent set the number of iterations, but
it is difficult to define convergence with this type of algorithm. As a consequence, a
fixed number of iterations is often used. For a given problem, it is common practice
to increase the number of solution candidates as the number of independent variables
increases, however, depending on the problem the optimal number of solution candi-
dates varies®. To decide the optimal combination of solution candidates and iterations,
I conducted a small study in which the PSO was applied on a sub problem and com-

4Tt should be acknowledged that there exist a number of other optimization algorithms from the
same family, as well as other types of algorithms. No in-depth analysis into which algorithm would be
best for this type of work was however performed.

>In this context optimal means the balance between convergence and simulation time.
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pared different combinations. The objective of Equation (5.6) was changed to the
gross indicated efficiency because that facilitated the use of only the SRM, without
the added simulation time which running the SRM together with the multi cylinder
engine model would have required. Furthermore, the optimizations were repeated 10
times per case. Figure 5.4 shows the results. The tested combinations of (solution
candidates x iterations) were 10 x 100, 25 x 40, 50 x 20, 100 x 10, and 200 x 5. The
difference between these cases is not large, however, the case with 50 solution candi-
dates and 20 iterations shows the smallest variance and was therefore chosen for all
further optimizations that will be presented.

5.3 Optimization Results

Table 5.2 shows the resulting values for the objective and constraints after the op-
timizations. Additionally, Table 5.3 shows the final values for the input variables
from Equation (5.4). In these tables the four different cases are denoted as: M1 for
methanol with ¢ = 17.3, M2 for methanol with ¢ = 21.6, G1 for gasoline with
RON = 76, and G2 for gasoline with RON = 97. First, we can observe that the
constraints were met for all the operating points and cases. The specific values of the
engine settings, i.e. the independent variables, which the optimizer found deserve
some discussion. First of all it can be noted that the optimal compression ratio for
methanol, case 2, was 21.6 which is significantly higher than the standard compression
ratio of 17.3.

By choosing a higher compression ratio it could be assumed that the required intake
manifold temperature (7},) would be reduced as discussed eatlier in this chapter. This
was in fact the case which can be seen in Figure 5.5 which shows the intake manifold
temperature for all operating points and cases. The gasoline with the lowest RON had
the lowest Ti,. The case with methanol and the standard compression ratio required

Methanol (¢ = 17.3) Methanol (¢ = 21.6) ] Gasoline (RON = 76) il Gasoline (RON = 97)
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Figure 5.5: Intake manifold temperature for all operating points, comparing methanol (with e = 17.3 and e = 21.6)
and gasoline (with RON = 76 and RON = 97).
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Table 5.2: Final values of y from Equation (5.5) after optimization of objective (1) and constraints from Equation (5.6), for all operating points (A75, B25, B100, C50) and all four cases
i.e. methanol with ¢ = 17.3 (M1), methanol with e = 21.6 (M2), gasoline with RON = 76 (G1) and gasoline with RON = 97 (G2).

A75 B25 B100 C50

MI M2 GI G2 | MI M2 GI G2 | MlI M2 GI G2 | Ml M2 GlI G2

Norake (%) 475 482 454 455 | 40.7 43.1 394 39.1 | 445 450 41.6 42.1 | 452 47.1 420 42.3
Pimax (bar) 224 217 225 219 | 115 135 107 118 | 225 225 224 225 | 192 215 160 169
Pl (bar/°ca) 137 104 134 124 | 75 140 150 147 | 77 70 65 69 | 138 138 140 15.0
sNO, (g/(kWh)) 0.87 078 0.89 0.89 | 0.02 0.02 079 074 | 030 032 093 0.89 | 0.66 1.00 0.78 0.96
T — Thew (K) 53 37 20 20 | 95 65 28 56 | 56 20 24 28 | 135 81 20 25
2O 1.66 126 130 134|229 256 149 172 | 145 1.15 139 133 | 210 197 141 153

Table 5.3: Final values of w from Equation (5.5) after optimization of objective (ny k) and constraints from Equation (5.6), for all operating points (A75, B25, B100, C50) and all four cases
i.e. methanol with e = 17.3 (M1), methanol with e = 21.6 (M2), gasoline with RON = 76 (G1) and gasoline with RON = 97 (G2).

A75 B25 B100 C50
Ml M2 Gl G2 | MI M2 GI G2 |MlI M2 GI G2 | Ml M2 GlI G2
£() 173 216 173 173 | 173 216 173 173 | 173 216 173 173 | 173 216 173 173
EGR (%) 15 22 31 31 22 10 38 41 16 21 25 27 0 0 31 31
T (K) 366 358 336 338 | 398 351 333 365 | 376 344 344 350 | 389 354 333 338
Pim (bar) 313 255 285 293 | 170 148 121 157 | 3.85 3.06 3.86 3.82 | 240 2.07 2.08 228
Dinj (bar) 1110 1170 1840 2180 | 1620 1720 1920 1600 870 490 1780 2110 | 1660 1330 2140 2470
0L (CcaaTDC)  -48 55  -34 34 | -70 53 47 37 | -64 66 40 -44 | 65 -65 -11 28
02, CcaaTDC) -30  -29 -8 -4 47 49 26 -17 - - -6 -5 42 42 - 2
03, CcaaTDC) 23  -13 - - - -3 -1 4 - - - - -16 -15 - -
ri},i (=) 0.51 0.61 0.02 0.14 0.26 0.14 0.57 0.80 1.00 1.00 0.03 0.05 0.90 0.63 1.00 0.41
rf,j -) 0.49 0.22 0.98 0.86 0.74 0.81 0.18 0.08 0.00 0.00 0.97 0.95 0.02 0.27 0.00 0.59
i (2) 0.00 0.18 0.00 0.00 | 0.00 0.5 025 0.12 | 000 000 0.00 000 | 0.08 0.11 0.00 0.00




the highest T}, which varied between 365K to 400 K depending on the operating
point. The resulting Ty, for the gasoline with the higher RON and the methanol case
with higher compression ratio were in between these two cases.

Provided that the intake manifold temperature is sufficiently above the dew point,
and that the most favorable combustion can be achieved, the optimal intake mani-
fold temperature is likely to be as low as possible. In contrast, the intake manifold
pressure (Pim) has a larger effect on the optimization results. Together with the fuel
injection parameters, the intake manifold pressure determines the gross indicated ef-
ficiency that can be obtained. Furthermore, as was shown in the previous chapter,
Pim has the largest influence on the gas exchange efficiency (cf. Section 4.2.2). At
the same time the constraints on NO,, A, and py.x need to be fulfilled, i.e. a suffi-
cient amount of dilution is required. Figure 5.6 shows the resulting pin, for all cases
and operating points. For the two cases with methanol, the pi,, was lower with the
higher compression ratio. The reason is that, for the same level of A and EGR, a lower
intake manifold pressure is needed for the case with higher compression ratio. This
is because the same mass flow can be obtained due to a lower intake manifold tem-
perature. Moreover, this is indeed preferable in order to meet the constraint on P,y
because the resulting pmay will be higher for a higher compression ratio (provided that
the same combustion phasing is obtained). Moving on to the two cases with gasoline
fuels there is not a very large difference in pip,, other than for the B25 operating point
where the gasoline with the higher RON shows a higher pip,.

As was discussed earlier, EGR is very effective when it comes to reducing NO, emis-
sions. Thus, it is intuitive to think that the optimization algorithm would tend to
increase the EGR until the NO, emission are within the constraint of 1.0 g/(kW h)
and only further if it would mean an increase in brake efficiency. However, more
analysis is needed in order to answer this for all cases and operating points, i.e. was
EGR used to increase brake efficiency or only as a mean to meet the NO, constraint.
Meanwhile, the level of EGR is presented in Figure 5.7 for all cases and operating
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Figure 5.6: Intake manifold pressure for all operating points, comparing methanol (with e = 17.3 and e = 21.6) and
gasoline (with RON = 76 and RON = 97).
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Figure 5.7: EGR for all operating points, comparing methanol (with e = 17.3 and e = 21.6) and gasoline (with
RON = 76 and RON = 97).

points. It is easily noticed that the amount of EGR for both the cases with gasoline
fuels are at a higher level than for the cases with methanol. In fact, for the operating
point with the highest engine speed (C50), no EGR is needed with methanol.

With less EGR for the cases with methanol, it is natural that the A would be higher.
This was also the result as shown in Figure 5.8, for all operating points, except for
the case with higher compression ratio at the points with higher load: A75 and B100.
Moreover, this means that the ratio of specific heats (7) would generally be higher
for these cases and at the same time yield enough dilution to reach a low global in-
cylinder temperature in order to reduce heat transfer. The reason why A\ is lower
with the higher compression ratio is simply because of the constraint on maximum
in-cylinder pressure.

Having presented the results for these parameters (i.e. Tim, Pim, EGR, \), it is logical
to analyze the gas exchange efficiency. It is presented in Figure 5.9 where it can be seen
that the highest gas exchange efficiency was obtained for the case with methanol and
the highest compression ratio. The reason why this case has the highest gas exchange
efficiency is because of a combination of low Tj,, and low degree of dilution which
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Figure 5.8: \ for all operating points, comparing methanol (with e = 17.3 and e = 21.6) and gasoline (with
RON = 76 and RON = 97).
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Figure 5.9: Brake efficiency for all operating points, comparing methanol (with e = 17.3 and € = 21.6) and gasoline
(with RON = 76 and RON = 97).

results in a lower pressure ratio for the compressor. In contrast, the cases with gasoline
required a significant amount of EGR. The case with methanol and low compression
ratio did not require more EGR, however, as the required T, and piy, were higher,
the resulting gas exchange efhiciency is lower.

Figure 5.10 shows the optimized engine brake efficiency. The maximum brake effi-
ciency is obtained for the A75 operating point for all cases. Furthermore, the arith-
metic mean brake efficiency is 44.5 %, 45.9 %, 42.1 %, and 42.2 % for the four cases
respectively. Thus the case with methanol and high compression ratio generated the
highest brake efficiency. Interestingly, there is not a significant difference between
the gasoline fuels, despite a fairly large difference in RON value. The difference in
brake efficiency is larger between the cases with methanol and the gasoline fuels, than
what can be explained by the difference in gas exchange efficiency. Moreover, the fric-
tion losses were comparable between the cases (although obviously varying depending
on operating point). Consequently, there must be a difference in the gross indicated
efficiency. This is indeed true, which can be seen in Figure 5.11. The average gross
indicated efficiency was 52.0 %, 53.0 %, 49.7 %, and 49.9 %. Additionally, the high-
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Figure 5.10: Brake efficiency for all operating points, comparing methanol (with e = 17.3 and e = 21.6) and gasoline
(with RON = 76 and RON = 97).
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Figure 5.11: Gross efficiency for all operating points, comparing methanol (with e = 17.3 and e = 21.6) and gasoline
(with RON = 76 and RON = 97).

est gross indicated efficiency was 55.4 % and obtained for the case with methanol and
high compression ratio. This value seems very high, however, a gross indicated efh-
ciency of 52.8 % was measured for an operating point with lower engine speed, and
without any optimization [53]. Consistent with the obtained brake efficiencies, the
difference in gross indicated efficiency is small between the two cases with gasoline.
In contrast, the difference between the two cases with methanol is larger. Especially,
for the operating points with lower engine load i.e. B25 and C50. Here, the advan-
tage of using a higher compression ratio is significant. At the operating points with
higher engine load, the difference is smaller and in fact for the B100 operating point,
the gross indicated efficiency is higher for the case with lower compression ratio. The
explanation can be found in that the constraint on Py, leads to a lower piy, (rather
than a further retarded combustion phasing), and hence a lower A, which results in a
lower ratio of specific heats for the higher compression ratio case.

The chemically bound energy in the fuel which does not become gross indicated work,
i.e. 100 % — 7gross> can be split into three separate categories. First, there will be a
part of the fuel that will not combust completely, i.e. be emitted to the exhaust. This

Methanol (e = 17.3) Methanol (¢ = 21.6) ] Gasoline (RON = 76) il Gasoline (RON = 97)
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Figure 5.12: In-cylinder heat transfer loss for all operating points, comparing methanol (with e = 17.3 and € = 21.6)
and gasoline (with RON = 76 and RON = 97).
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Figure 5.13: Exhaust loss for all operating points, comparing methanol (with e = 17.3 and e = 21.6) and gasoline
(with RON = 76 and RON = 97).

is what is commonly called the combustion loss and will be on the order of 0% to
2% for the type of combustion considered here. In fact, for the cases and operating
points simulated here, the combustion loss was very small (on the order of 0.2 %) and
overall equivalent, comparing case to case, and thus will not be discussed further. The
second and third categories are in-cylinder heat transfer loss and exhaust loss. The in-
cylinder heat transfer loss is the heat lost to the cylinder walls during the closed cycle.
This loss, as a percentage of fuel energy, is presented in Figure 5.12 for all cases and
operating points. Despite accounting for a large part of the total losses, the difference
comparing the cases in heat loss is small and cannot explain the whole difference in
gross indicated efficiency. Furthermore there is no trend, comparing the four cases,
as there was in for instance the gross indicated or brake efficiency. To explain this
and the overall difference in gross efficiency we need to look at the last category of
in-cylinder losses, namely the exhaust loss.

The exhaust loss includes the energy which was not used to produce work or trans-
ferred as heat to the cylinder walls, but instead exits the cylinder into the exhaust
manifold®. The percentage of fuel energy that this loss attributed to, for the cases
and operating points simulated here, is presented in Figure 5.13. The exhaust loss is
higher for the cases with gasoline compared to the cases with methanol. Furthermore,
by comparing Figure 5.11, which showed the gross indicated efficiency, to Figure 5.13,
we can see that they show the same trend. Thus, most of the difference in gross indi-
cated efficiency can be explained by the difference in exhaust loss. The exhaust loss is
related to the amount of work that is needed to compress the gas during the compres-
sion stroke and how much energy that is available during the expansion stroke. The
work needed for the compression stroke for an isentropic thermodynamic process is
w = ¢u(Th — T»), where w is the work, ¢, is the specific heat capacity at constant
volume, T is the temperature at the start of compression and 7% is the temperature

SFrom the perspective of the cylinder this energy is a loss, but it should be noted that the whole of
this energy is not completely wasted, as part of it is used to drive the turbine.
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Figure 5.14: The difference in temperature between the end and start of the compression stroke for all operating
points, comparing methanol (with e = 17.3 and e = 21.6) and gasoline (with RON = 76 and
RON = 97).

at the end of the compression [86, p. 169]. Thus, for a fixed inlet temperature, the
required work will reduce with a lower 75 or a lower ¢,. That means that if there are
ways to reduce T or ¢, the compression work can also be reduced. The ¢, can be
reduced by increasing the amount of air in relation to EGR, and external cooling can
be applied to reduce T5. For the latter, the most obvious means is the fuel injection
itself”. The reason is that when the fuel is injected it has a lower temperature than
the gas inside the cylinder and as a result, the in-cylinder temperature decreases. How
much this reduction will amount to depends on the heat of vaporization of the fuel.
For methanol, the heat of vaporization is 1104 kJ/kg, while it is only around 345 kJ/kg
for the gasoline fuels considered here. In addition, twice the mass of fuel is injected in
the case of methanol. As a result, the theoretical reduction in compression work from
cooling by fuel injection is significantly greater with methanol. The difference be-
tween the average global temperature at start of compression and end of compression
(T —T1) can be used to quantify the effect of cooling from fuel injection. Figure 5.14
shows this difference for all cases and all operating points. It is clear that the tempera-
ture increase, due to compression, is significantly lower for the methanol cases which
suggest that also the compression work is in fact lower.

Although it is beneficial if the compression work can be reduced, it will be inconse-
quential if the work produced during the expansion is not maintained. The expansion
work in itself can be increased with a higher average ratio of specific heats. The average
ratio of specific heats will be largely influenced by the inlet conditions, that is the rel-
ative amount of air and EGR and the intake manifold temperature and pressure. The
average ratio of specific heats for the closed part of the cycle is shown in Figure 5.15.
For the case with methanol and high compression ratio we can observe the following.

7It should be observed that the in-cylinder temperature reduces during the compression stroke due
to heat transfer to the cylinder walls. This reduction depends on the actual in-cylinder temperature
and hence T7. However, for the cases considered here the difference is comparably small and therefore
neglected.
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Figure 5.15: The average ratio of specific heats () during the closed part of the cycle for all operating points,
comparing methanol (with e = 17.3 and e = 21.6) and gasoline (with RON = 76 and RON = 97).

For operating point B25, the combination of low intake temperature and EGR level,
but a high A, yields a high ~. In contrast, a low + is obtained in the high load oper-
ating point because the high compression ratio led to a low intake manifold pressure
and hence a low A.

The expansion work is furthermore influenced by the rate of heat release, because
a short combustion duration, and a combustion phasing close to top dead center
(TDC), will lead to a longer effective expansion duration. Figures 5.16 to 5.19 show
the rate of heat release and corresponding in-cylinder pressure for all operating points
and cases. It can be noted that the rate of heat release profiles for the two gasoline
fuels are similar and that the same is true when comparing the two different cases with
methanol. In contrast there is a large difference comparing methanol to gasoline. This
is further exemplified by calculating the timings (f,), in crank angle degree, for the
start of combustion (010), combustion phasing (659), and end of combustion (fyp).
The definition of these timings are shown in Equation (5.8). The x is the fraction
of the fuel energy that has been converted into heat. Solving for ,, then gives these
timings.

0z
f Q
-
J; 1Y

The calculated combustion timings, 610, 050, and 8gg are presented in Table 5.4. First,
we can note that the start of combustion occurs overall a couple of crank angle degrees

(5.8)

later for the cases with methanol, compared to the cases with gasoline. This is also
true for the combustion phasing, except for the highest engine load (B100) where
the 650 for the methanol cases is located earlier than for the gasoline cases. From a
theoretical point of view, a start of combustion as close to TDC (and a short combus-
tion duration) as possible is beneficial because it leads to a longer effective expansion,
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Figure 5.16: In-cylinder pressure (p) and rate of heat release (dQ) for the A75 operating point.
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Figure 5.17: In-cylinder pressure (p) and rate of heat release (dQ) for the B25 operating point.
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Figure 5.18: In-cylinder pressure (p) and rate of heat release (dQ) for the B100 operating point.
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Figure 5.19: In-cylinder pressure (p) and rate of heat release (dQ) for the C50 operating point.
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Table 5.4: Combustion timings (°caaTDC) from Equation (5.8) for all operating points (A75, B25, B100, C50) and all
four cases i.e. methanol with e = 17.3 (M1), methanol with ¢ = 21.6 (M2), gasoline with RON = 76 (G1),
and gasoline with RON = 97 (G2).

A75 B25 B100 Cs50
Ml M2 Gl G2| Ml M2 Gl G2| M1 M2 Gl G2| Ml M2 Gl QG2
010 50 58 -1.7 01| 28 35 06 38| 51 55 28 25| 39 38 06 20
050 9.8 11.8 6.1 7.6| 70 7.1 2.8 55|13.4 147 16.0 145| 83 83 6.0 6.0
090 15.7 20.0 19.1 18.8|10.8 109 6.0 8.5(28.8 33.5 32.9 31.5|11.0 11.8 20.9 18.0

0g0 — 010 10.7 142 20.8 18.6| 79 7.4 55 4.8|23.8 28.0 30.1 29.0| 7.1 7.9 20.3 16.0

i.e. alonger time for the in-cylinder gas to assert force on the piston. However, it is
complicated by the fact that the in-cylinder volume has its smallest value just before
TDC, and thus heat released at TDC will result in a more rapid and larger pressure
and temperature increase. This furthermore means that the in-cylinder heat transfer,
and NO, emissions (which are very sensitive to the highest global and local tempera-
ture respectively) increase with an earlier start of combustion. As a result, these effects
lead to a compromise between on the one hand acquiring a long time for expansion,
and on the other hand minimizing heat transfer and NO, emissions. Table 5.4 also
shows the combustion duration which is defined as g9 — 81, that is the time between
the end of combustion and the start of combustion. It is interesting to note that, for
all operating points except the one with the lowest engine load (B25), the cases with
gasoline have a longer combustion duration.

Taking all of this into account, it seems as if it was easier to obtain a better compromise
between combustion duration, heat transfer, and NO, emissions for the cases with
methanol. Additionally, in the case of gasoline, it is likely that a longer combustion
duration led to the need for an advanced combustion phasing and meant that a higher
level of EGR was needed only in order to suppress the higher heat transfer and NO,
emissions. This was not needed with methanol because a shorter combustion duration
could be obtained and thus the combustion phasing could be retarded without as
much of a penalty in reduced expansion work. This is also likely the reason why
there was only a minor difference in heat transfer loss, and why even though the
gasoline cases required a lower T}y, and pim, they still resulted in a lower gas exchange
efficiency than for the methanol case with low compression ratio. Table 5.5 shows the
maximum global temperature (Tiay globat)> the maximum local temperature (7iay local)
and the brake specific NO, emissions®. The above reasoning is further strengthened
by noticing that even though more EGR was applied for the cases with gasoline, the
earlier start of combustion resulted in a higher maximum local temperature, and thus

8The global temperature in this context is the temperature which would be obtained if the equation
of state was applied. The local temperature is the temperature of every particle in the SRM, thus varying
significantly inside the cylinder for this type of combustion.
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Table 5.5: Brake specific NO, emissions (g/(kW h)), maximum local in-cylinder temperature (K), and global in-cylinder
temperature (K), for all operating points (A75, B25, B100, C50) and all four cases i.e. methanol with
e = 17.3 (M1), methanol with ¢ = 21.6 (M2), gasoline with RON = 76 (G1), and gasoline with RON = 97

(G2).

A75

M1 M2 Gl G2

B25

Ml M2 Gl G2

C50
M2

B100

M2 Gl G2

M1 G2 | Ml Gl

sNO, 0.87 0.78 0.89 0.89

0.02 0.02 0.79 0.74

0.30 0.32 093 0.89|0.66 1.00 0.78 0.96

2477 2546 2515 2505
2004 2056 1956 1941

imax

local

max
Tglobal

2113 2147 2547 2551
1808 1798 1912 1804

2438 2447 2525 2556
2095 2133 1862 1861

2505 2425 2629 2572
1876 1886 1814 1878

higher NO, emissions. But on the other hand, due to a high level of EGR, the global

average temperature was on the same level or less in comparison to the cases with

methanol.

So far, I have shown the rate of heat release, in-cylinder pressure traces and maximum
in-cylinder temperatures for all the cases. The values and shapes of these parameters
are of course very much affected by the inlet conditions. But perhaps even more so,
by the rate of fuel injection, and particularly when the fuel is injected during the
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Figure 5.20: Accumulated mass of fuel as a function of crank angle degree for the engine and for all operating points,
comparing methanol (with e = 17.3 and e = 21.6) and gasoline (with RON = 76 and RON = 97).
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Table 5.6: End of injection (fe;), start of combustion (61¢) and the corresponding ignition dwell (819 — 8eo), all in
°caaTDC for all operating points (A75, B25, B100, C50) and all four cases i.e. methanol with e = 17.3
(M1), methanol with e = 21.6 (M2), gasoline with RON = 76 (G1), and gasoline with RON = 97 (G2).

A75 B25 B100 C50
M1 M2 Gl G2 Ml M2 Gl G2 M1 M2 Gl G2 MI M2 Gl G2
Ocoi -183 -79 107 122(-39.1 -1.6 33 69|-24.8 -14.0 257 24.0|-11.9 -10.0 8.5 10.6
010 50 58 -17 01| 28 35 06 38| 51 55 28 25| 39 38 06 20

Ocoi - 010 233 13.7 -12.4 -12.0| 42.0 5.1 -2.7 -3.1| 299 195 -22.9 -21.5| 158 138 -79 -8.6

compression stroke. This is visualized in Figure 5.20 which shows the accumulation
of fuel (as it goes from 0% to 100 % of injected fuel) as a function of crank angle
degree, for all the cases and operating points. Moreover, the rate of fuel injection
is shown in Figures 5.16 to 5.19. Evidently, there is a large difference between the
injection strategy for the cases with methanol, compared to the cases with gasoline.
Specifically, the injection of methanol is located earlier than the injection of gasoline
for all operating points. The difference is quantified in Table 5.6 which shows the
end of injection (i) for the last injection pulse, start of combustion (61¢) and the
corresponding ignition dwell (019 — fe0i). Interestingly, there is a positive ignition
dwell for the methanol cases in all operating points, whereas the cases with gasoline
show a negative ignition dwell. The definition of PPC from Chapter 2 stated that there
needs to be a positive ignition dwell. Thus for these simulations, we can conclude that
only methanol satisfies the definition of PPC. Although neither of the gasoline fuels
facilitated a positive ignition dwell, it should be noted that slightly more fuel could
be injected before the start of combustion for the gasoline fuel, which had a higher
research octane number, which agrees with the discussion from Chapter 2.

5.4 Limitations of the Approach

An attempt to explain the differences in fuel injection and heat release rates, will be
presented in the subsequent chapter. Meanwhile, it should be noted that the current
version of the stochastic reactor model did not include a model to account for fuel,
which might be stuck in various crevice volumes. As a consequence, this part of the
fuel will not be oxidized and hence could give rise to a substantial increase in com-
bustion losses, and therefore yield a considerably lower brake efficiency. Although
it is uncertain if this effect can be avoided completely, it can likely be somewhat cir-
cumvented by using an injector with a more narrow umbrella angle which could lead
the fuel into the piston bowl and prevent it from hitting the cylinder wall [102, 103].
Moreover, on a PPC engine, the electronic control unit (ECU) is thought to be able to
change the start of injection timings on a cycle-to-cycle basis. This is beneficial from
a combustion stability perspective, however, by advancing the fuel injection, the start

87



of combustion might be less affected by the actual start of injection timing. Instead,
it is likely that the start of combustion is more affected by the inlet conditions, such
as the inlet temperature and oxygen concentration [39, 63]. Since it is more difficult
to achieve as fast control of the inlet conditions, due to the slower dynamics, this can
become a practical issue, especially during transient operation, and cause combustion

instability.

In light of these issues it would be interesting to know whether the brake efficiency
would be significantly reduced by retarding the fuel injection, or if just a slight change
would result, and if it thus could be possible to achieve a high combustion stability
and brake efficiency at the same time. However, it is difficult to quantify the benefit
of early injections on the brake efficiency in the case of methanol, at least just by
analyzing the results from the particle swarm optimizer. This is because, as any general
optimization algorithm, the particle swarm optimizer will proceed in the direction
which minimizes the cost function. Therefore, in order to quantify the effect of early
injection timings on the brake efficiency, I constructed a sensitivity study in which I set
constraints on the timing of the first injection (A;). The standard compression ratio
was used and because the same trend in injection timings was seen for all operating
points, I chose to only use two of them namely A75 and B25. For each operating point,
two different cases were run and compared to the original case were the particle swarm
optimizer was allowed to set the start of injection without constraints. In the first case,
the particle swarm optimizer was only allowed to set the first injection timing as early
as —40°caaTDC, as opposed to anytime during the compression stroke. In the second
case, this limitation was made stricter by requiring that the first injection timing, be
later than -25°caaTDC. For clarity, the three resulting cases with their respective
constraints are summarized in Equation (5.9).

Case A: 03, > 02 > 0L, > —160°caaTDC (ivc)

soi soi soi

Case B: 63 > 62 > 01 > —40°caaTDC (5.9)

soi soi soi

Case C: 63 > 62 > 01 > —25°caaTDC

soi soi soi

The resulting rate of heat release profiles, fuel injection rate, and in-cylinder pressure
traces from this sensitivity study are presented in Figures 5.21 and 5.22, for the A75
and B25 operating points respectively. Furthermore, Table 5.7 shows some of the
results which were used previously in this chapter. There is a perceptible difference
going from case A to case C. However, for the operating point A75 the largest differ-
ence occurs between case B and case C, whereas only a small difference is seen between
case A and case B. This stands in contrast to operating point B25, where a much larger
difference can be seen going from case A to case B. However, this is not strange be-

L. of case A for the operating point A75 was -48°caaTDC, while

cause the original 0
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Figure 5.21: In-cylinder pressure (p) and rate of heat release (dQ) for the operating point A75, comparing the three
injection strategies defined in Equation (5.9). Methanol with the 17.3 compression ratio was used.
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Figure 5.22: In-cylinder pressure (p) and rate of heat release (dQ) for the operating point B25, comparing the three
injection strategies defined in Equation (5.9). Methanol with the 17.3 compression ratio was used.

89



Table 5.7: Resulting input and output values from the optimization of operating point A75.

‘ Operating point ‘ A75 ‘ B25

| Case | A B c | a B C
EGR % 149 145 222 | 222 228 220

T (K) 366 362 356 | 398 393 387
Pim (bar) 313 311 319 | 1.70 167 159
. Pinj (bar) 1110 1480 1720 | 1620 1530 1980
2 0L, (caaTDC) 482  -40.0 -25.0 | -70.0 -40.0 -25.0
& 02, (*caaTDC) 300 -12.1 23 | -469 -254  -9.0

a 02, (CcaaTDC) - - - - -6.9 -
T 051 081 020 | 026 0.84 0.88
2 049 0.19 080 | 0.74 0.08 0.12
i 0.00  0.00 0.00 | 0.00 0.08 0.00
5 orake (%0) 475 474 453 | 407 403 402
g Prmax bar 224 225 225 115 119 122
= Phax (bar/°ca) 137 150 150 | 7.5 10.1  11.0
o sNO, (g/(kW h)) 0.87 1.00 098 | 002 0.13 0.85
Ngross (%) 519 517 497 | 524 520 516

010 (°caaTDC) 5.0 5.9 0.0 2.8 2.0 1.0

050 (CcaaTDC) 9.8 10.4 8.0 7.0 5.0 4.0

090 (°caaTDC) 157 158 273 | 108 92 78

o | Bo0-010 (caaTDC) | 107 9.9 273 | 79 72 68
E Ocoi -183 6.6 125 | -39.1 -47 6.4
~ Oeoi - 010 233 125 -125 | 420 67 74
~ Trnax. local 2477 2501 2623 | 2113 2329 2572
Trnas, globl 2004 2008 1779 | 1808 1811 1857
Heat loss (%) 120 119 121 | 169 171 172

Exhaust loss (%) 36.0 362 38.1 30.6 30.8 31.1
A 166 167 157 | 229 226 220

it was -70°caaTDC for operating point B25. Moreover, it can be seen that case C
led to rates of heat release, which look similar to the ones which were obtained for the
gasoline fuels in Figures 5.16 and 5.17. In fact, for many of the parameters in Table 5.7,
the argumentation that was previously led for the differences between methanol and
gasoline can be used to explain the differences between case A and case C. For in-
stance, it can be seen that the operating point A75 experiences a significantly longer
combustion duration and an earlier start of combustion with a fuel injection which
is located close to TDC. Additionally, the gross and brake efficiencies decrease from
case A to case C, even though the largest drop in brake efficiency can be seen for the
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Figure 5.23: Combustion phasing (650) as a function of varying inlet valve closing temperature.

high load operating point A75. In fact, the brake efficiency for operating point A75
is comparable to the brake efficiency for the cases with gasoline fuels, i.e. 45.5 % and

45.6 %.

In conclusion, it seems to be worth-while to aim for early injection timings. However,
as mentioned earlier, this type of injection strategy would typically increase the sensi-
tivity of inlet conditions on the combustion, and hence on the brake efliciency. To
investigate the magnitude of this sensitivity, the inlet valve closing temperature and
the start of injection timing of the main injection, were varied from the baseline cases.
Figures 5.23 to 5.26 show the variations in combustion phasing (f50) and maximum
in-cylinder pressure (Pmax). For the operating point with lower engine load, B25, the
sensitivity of the start of injection timing is rather insignificant. The sensitivity of inlet
temperature is slightly larger, but still relatively low, and thus facilitates an early injec-
tion timing strategy. In contrast, the difference in sensitivity, between the injection
strategies, of the inlet temperature and start of injection timing, are substantially larger
for the operating point A75. For cases A and B, the combustion phasing is advanced
by approximately 15°ca for an increase in inlet temperature of 12 K. Furthermore, the
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a) Operating point A75. b) Operating point B25.

Figure 5.24: Maximum cylinder pressure (pmax) as a function of varying inlet valve closing temperature.
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Figure 5.25: Combustion phasing (65¢) as a function of varying start of injection timing of the main injection.

maximum in-cylinder pressure varies, over 150 bar, for the same change in inlet tem-
perature. Moreover, the maximum in-cylinder pressure exceeds 300 bar which would
be catastrophic it were to happen in a real engine. On the other hand, for the injec-
tion strategy case C, the combustion phasing and the maximum in-cylinder pressure
is insensitive to a variation in inlet temperature. This is unfortunate, as Table 5.7
showed that the potential gain in brake efliciency, was higher for this operating point,
than for the B25 operating point.

Figures 5.25 and 5.26 reveal an interesting phenomenon. An advance of the start
of injection timing, results in an advancement of the combustion phasing in case
C, however, in case A and case B, the same advancement yields a retardation of the
combustion phasing. The explanation for this interesting observation will be given in
the subsequent chapter. Nevertheless, with these results we can conclude that an early
injection strategy is likely feasible at lower engine loads. However, for it to work at
high engine load, a very precise control of the inlet conditions is necessary.
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Figure 5.26: Maximum cylinder pressure (pmax) as a function of varying start of injection timing of the main injection.
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5.5 Influence of Optimization Constraints

The final results from a constrained optimization will change depending on the actual
values of these constraints. For this study I tried to choose values which would be ap-
plicable to a modern production engine. Nevertheless, it would be of interest to see
how sensitive the results actually are to these values. Therefore, this section presents a
study, in which the constraints on the air-fuel ratio ()), the intake manifold temper-
ature, maximum pressure rise rate, and the NO, emissions are varied.

It is important to see if the results would change for a different constraint on A, since
this constraint was set in order to limit soot emissions implicitly. For instance, if a A
of 1.6 is required to suppress soot, then arguably a reduction in gas exchange efficiency
would result. Furthermore, the constraint on the intake manifold temperature was set
in order to prevent water condensation. If the condensed water could be taken care
of, and therefore enable the removal of this constraint, it would be interesting to see
if it could lead to a significant gain in brake efficiency. Moreover, a high A and a low
Tim could facilitate PPC. Because there was no constraint on A for methanol, and the
required 7}y, was sufficiently above the limit, only the gasoline fuels were considered
for this sensitivity analysis. The gasoline fuel with a research octane number of 76
was chosen and the optimizations were repeated for the operating point A75 with the
following constraints: A > 1.6 and Tj,, > 273 K.

The limit on maximum pressure rise rate was set in order to keep the engine from
experience knock. However, PPC is typically found to have higher pressure rise rates
than conventional diesel combustion (for the same operating conditions) and thus a
too low limit on this constraint, could be the reason the gasoline fuels did not show a
PPC-like rate of heat release. Moreover, it would be interesting to quantify the change
in brake efficiency due to a change in the pressure rise rate limit. The operating point
A75 was chosen for the sensitivity study of this constraint as well, however, the fuel was
changed to the gasoline with a RON of 97 because it was thought to be more inclined
to change into a PPC mode, compared to the lower RON gasoline. The baseline
value of 15 bar/°ca for the maximum pressure rise rate was changed to 7.5 bar/°ca and
30 bar/°ca for this sensitivity study.

The constraint on NO, emissions was investigated because this limit was thought
to have a significant impact on the results. In particular, the required amount of
EGR, and consequently the gas exchange efficiency, would likely be affected. The
limit of NO, < 1.0 g/(kW h), which was used in all optimizations, was changed to
NO, < 0.4 g/(kW h), as it is the Euro VI regulations limit for heavy-duty trucks. The
operating point A75 was chosen for this sensitivity analysis as well, however, for this

case both methanol and the gasoline fuel (RON 76) were considered.
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Figure 5.27: In-cylinder pressure (p) and rate of heat release (dQ) from the sensitivity analysis of the constraint

variables X and intake manifold temperature (T},). The optimizations were performed for the operating

point A75, and using the gasoline fuel with a research octane number of 76.

Figure 5.27 presents the cylinder pressures, rates of heat release, and fuel injection

rates, comparing the baseline optimization for the gasoline fuel, with the case when

the required air-fuel ratio was increased, and when there was no constraint on the

intake manifold temperature. Moreover, key result parameters are presented in Ta-

ble 5.8. By increasing the constraint on A, the amount of required air is increased,

Table 5.8: Results from the sensitivity analysis of the constraint variables A and intake manifold temperature (Tiy,). The
optimizations were performed for the operating point A75, and using the gasoline fuel with a research

octane number of 76.

Gasoline RON 76 Baseline A > 1.6 T, > —o0

Morake (%)
Tgross (%)

Tgas exchange (%0)
A6)

EGR (%)
sNO, (g/(kW b))
Tim (K)

Dim (bar)

050

BOcoi - 610
T8 (K)

local

45.4
49.8
98.6
1.30
31.1
0.89
336
2.85
6.1
-12.4
2515

43.9
49.9
95.3
1.60
30.8
1.00
338
3.52
11.3
-15.3
2548

45.9
50.5
98.1
1.40
29.1
0.96
315
2.82
7.1
-12.5
2522
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hence leading to a higher intake manifold pressure. This is visible in the pressure trace
where a significantly higher pressure before the start of combustion is apparent. As
a consequence, the combustion phasing had to be retarded, because otherwise the
maximum cylinder pressure would have exceeded the constraint of 225 bar. The com-
bustion phasing (050) was located at 11.3°caaTDC, which was a shift by 5.2°ca from
the baseline. Furthermore, a later combustion phasing would suggest a decrease in
gross indicated efficiency. However, this was counteracted by the fact that the ratio
of specific heats was increased and the heat transfer loss was reduced, due to a higher
A and lower global combustion temperature, which therefore led to a minor increase
in gross indicated efliciency. Moreover, since the combustion was phased later, the
amount of NO, emissions was reduced, and therefore a lower level of EGR could be
applied which could have indicated an increase in the gas exchange efficiency. Nev-
ertheless, due to the substantial increase in A, and thus dilution, the gas exchange
efficiency was reduced by more than 3.0 %pt. Taking into account the large decrease
in gas exchange efficiency and the minor increase in gross indicated efliciency, the
total effect on the brake efficiency was negative, and it was reduced by 1.5 %pt. This
is a substantial reduction in brake efficiency. Furthermore, it is comparable to the
reduction in brake efficiency, which was found in Section 4.2.2, when the EGR level
was increased.

Removing the limit on the intake manifold temperature, decreases the required tem-
perature with 21K (from 336K to 315K). As a consequence, the gross indicated
efficiency and brake eficiency increased by 0.7 %pt., and 0.5 %pt., respectively. This
is analogous to the results from Section 4.2.1. Nevertheless, there was not a tremen-
dous difference in terms of rate of heat release or the fuel injection rate. In addition,
the small pilot, which was used in the case of higher intake temperature, was removed
when the intake temperature was reduced. It is likely that a lower intake temperature
led to a higher peak pressure rise rate (keeping everything else the same), which in turn
meant that the combustion phasing had to be retarded (a change of 1.0°ca). On the
other hand, a retarded combustion phasing, together with the lower intake tempera-
ture, led to a slightly lower level of EGR being sufficient to keep the NO, emissions
under the constraint. A lower level of EGR, and a lower intake manifold temperature,
should have led to a higher gas exchange efficiency, however, this was not the case. The
explanation can probably be found in the air-fuel ratio being higher, increasing the A
from 1.3 to 1.4. Following the previous discussion, a higher air-fuel ratio is generally
beneficial for yielding a higher gross indicated efficiency, even though it also leads to
a lower gas exchange efficiency. For this particular case, a slightly higher air-fuel ratio
was better in terms of brake efficiency. Finally, it is interesting to note that neither the
increase of air-fuel ratio, nor a lower intake manifold temperature, led to a relevant
difference in ignition dwell. In the case of lower intake temperature, a slightly longer
separation between the start of injection and start of combustion was seen, however,
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Figure 5.28: In-cylinder pressure (p) and rate of heat release (dQ) from the sensitivity analysis of the constraint on
maximum pressure rise rate p;,,,. The optimizations were performed for the operating point A75, and
using the gasoline fuel with a research octane number of 97.

since the optimal injection pressure was lower for this case, the resulting ignition dwell

was similar. In the case of higher air-fuel ratio, both the separation between start of

injection and start of combustion, and the ignition dwell were similar to the baseline

optimization.

Table 5.9: Results from the sensitivity analysis of the maximum pressure rise rate py,,,. The constraint on maximum
pressure rise rate was changed, from the baseline of 15.0 bar/°ca, to 7.5 bar/°ca and 30.0 bar/°ca. The
optimizations were performed for the operating point A75, and using the gasoline fuel with a research

octane number of 97.

Case 1 2 3
Dhae (bar/°ca) 6.2 12.4 20.9
Morake (%0) 454 45.5 45.9
Neross (%0) 49.6 50.0 50.2
Mgas exchange (%0) 98.8 98.4 98.8
A () 1.36 134 1.34
EGR (%) 28.8 30.7 28.0
sNO, (g/(kWh)) 0.97 0.89 0.96
Tim (K) 336 338 334
Pim (bar) 2.87 293 2.80
050 95 7.6 56
Tpremixed/Ttotal (‘VO) 10.2 13.9 40.2
T (K) 2560 2505 2578
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Figure 5.28 shows the cylinder pressures, rates of heat release, and fuel injection rates,
for the sensitivity study on the limit of pressure rise rate. It is noticeable how a higher
pressure rise rate leads to more premixed combustion, as depicted from the rate of
heat release. This premixedness can be quantified by calculating how much of the
fuel is injected before the start of combustion. Table 5.9 shows that the amount of
premixedness (7premixed/Tcoral) g0€s from 10.2 % to 40.2 % as the maximum pressure
rise rate increases from 6.2 bar/°ca to 20.9 bar/°ca. Moreover, the highest pressure
rise rate did not reach the constraint limit, instead the optimizer found a significantly
lower value as optimum. The brake efficiency increased with an increasing pressure
rise rate. The level of EGR was kept around the same value, and the resulting NO,
emissions were below the constraint of 1.0 g/(kW h). Although the combustion phas-
ing was advanced with higher pressure rise rate, the maximum local temperature did
not change drastically and thus was the reason for the same level of NO, emissions.

Figure 5.29 shows the cylinder pressures, rates of heat release, and fuel injection rates,
comparing the baseline optimizations for methanol and gasoline, when the constraint
on NO, emissions was set stricter. Minor changes in these traces can be observed.
For instance, in the case of methanol, the fuel injection events were advanced. The
injection pressure was higher for methanol, but lower for gasoline. As expected, the
combustion phasing was shifted later and a higher level of EGR was needed, for both

Gas. RON 76: NO, < 1.0g/kWh
200 4 — — Gas. RON 76: NO, < 0.4g/kWh
Meth. € =17.3: NO, < 1.0g/kWh 7
Meth. e =17.3: NO, <0.4g/kWh
150 —
—
£
=100 — - 900
)
— 600 ©
~
50 — &)
— 300 ~
S|
0 — 0
[y
3
-60 40

0 (°ca atdc)

Figure 5.29: Results from the sensitivity analysis of the constraint for NO, emissions. The optimizations were
performed for the operating point A75, and comparing methanol with the gasoline fuel with a research
octane number of 76.
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Table 5.10: In-cylinder pressure (p) and rate of heat release (dQ) from the sensitivity analysis of the constraint for NO,
emissions. The optimizations were performed for the operating point A75, and comparing methanol with
the gasoline fuel with a research octane number of 76.

Methanol ‘ Gasoline

sNO, (g/(kWh)) 0.87 0.40 | 0.89 0.40
Tlbrake (%) 475 47.1 | 454 44.0
Tlgross (%) 51.9 51.6 | 49.8 49.3
Tgss exchange (%) 98.7 984 | 98.6 97.7
A () 1.66 1.56 | 1.30 1.30
EGR (%) 149 20.4 | 31.1 36.6
Tim (K) 366 378 | 336 342
Dim (bar) 3.13 3.23|2.85 3.10
050 9.8 11.3| 6.1 6.6
T (K) 2477 2570|2515 2435

fuels, as can be seen in Table 5.10. Interestingly, the local maximum temperature
is higher for the NO, restricted case for methanol. However, this temperature is
obtained at a higher equivalence ratio and therefore does not produce more NO,.
Furthermore, both the gross indicated and the gas exchange efficiencies were reduced,
leading to a total reduction of the brake efficiency with 0.4 %pt. and 1.4 %pt., for
methanol and gasoline respectively. Thus, the decrease was three times as big for
the gasoline fuel, even though the same absolute increase in EGR level was applied.
However, for the gasoline case, the EGR level increased from an already high level,
and therefore led to a larger decrease in gas exchange efficiency. Finally, it can be
noted that a higher intake manifold temperature was required due to a higher water
concentration in the incoming air-EGR mixture.

5.6 Summary

This chapter has presented results from several engine optimizations. A meta heuristic
optimization algorithm, called the particle swarm, was used to optimize a number of
engine parameters with the goal of maximizing the brake efficiency. Optimization
constraints were put on the maximum cylinder pressure, maximum cylinder pressure
rise rate, NO, emissions, and soot emissions, as well as preventing water condensa-
tion. The specific algorithm was chosen because of the complex relationships between
the engine parameters and their effect on the engine performance. Results for three
different fuels, methanol and gasoline (RON 76 and 97), were presented. In the case
of methanol, the compression ratio was optimized to achieve a higher brake efficiency
and to enable a lower required intake manifold temperature. It turned out that in-
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creasing the compression ratio, from 17.3:1 to 21.6:1, could give an, overall, 1.4 %pt.

higher brake efficiency.

The results from the optimizations showed that methanol could yield the highest brake
efficiency for this engine and operating conditions. In fact, the arithmetic mean brake
efficiency was 2.2 %pt. and 3.6 %pt. higher for the methanol cases, with standard and
optimized compression ratio respectively, than for the case with the gasoline fuels.
This increase in brake efficiency was mainly due to a higher gross indicated efhiciency,
and only to a lesser extent to an increase in gas exchange efficiency.

The gross indicated efficiency was higher because of a lower exhaust loss. The reasons
for a lower exhaust loss were several. First, an improved compromise between com-
bustion duration, heat transfer and NO, emissions was obtained for the cases with
methanol. Secondly, due to the cooling from fuel vaporization, less energy had to be
used under the compression stroke. Finally, the ratio of specific heats were higher in
most of the operating points for the cases with methanol due to a lower level of EGR.

The highest efficiency with methanol was obtained when the fuel was injected rela-
tively early in the compression stroke. This led to a long separation between the fuel
injection event and the start of combustion, and increased the cooling, due to fuel
vaporization, during the compression stroke. The umbrella angle needs to be nar-
row to avoid wall wetting when injecting early. Moreover, the sensitivity of the inlet
conditions on combustion have shown to increase with advanced injection timings.
Therefore, it was of interest to quantify the reduction in brake efficiency when the
start of injection was set closer to TDC. It was seen, for the A75 operating point,
that a brake efficiency penalty of 2.2 %pt. followed, when the start of injection was
restricted to be no earlier than 25°ca before TDC. For the operating point B25, this
decrease was 0.8 %pt. which is less but not insignificant. Furthermore, the sensitivity
of inlet temperature and start of injection timing (of the main injection), was small
for the operating point B25, while for the operating point A75, this sensitivity was
alarmingly large. Furthermore, the combustion phasing was retarded when advancing
the start of injection timing for the early injection strategy. This seemed non intuitive
and will therefore be investigated further in the subsequent chapter.

With the gasoline fuels, only the B25 operating point exhibited something which was
close to PPC, that is most of the fuel was injected before the start of combustion.
Consequently, these results suggest that, for these fuels, conventional diesel combus-
tion should be used, at least when the engine load is higher than 25 %. However, that
does not necessarily mean that the PPC concept does not yield higher brake efhcien-
cies than conventional diesel combustion, in general. For instance, it is likely that the
constraint on intake manifold temperature meant that the temperature at TDC was
too high to avoid early auto-ignition, and thus enable a separation between the fuel
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injection and the start of combustion. One thing that speaks against this explanation,
is the fact that the optimizer found a similar optimal combination, of fuel injection
and combustion, when this constraint was removed. Another reason for not obtain-
ing a positive ignition dwell could be that the constraint on pressure rise rate was set
too strict. 'This was seen in the sensitivity study where the constraint on maximum
pressure rise rate was changed. By allowing for a higher pressure rise rate, the brake
efficiency increased and a larger percentage of the total fuel mass could be injected
before the start of combustion. Still, only 40 % of the fuel was injected before the
start of combustion and hence this was not PPC according to the definition used in
this thesis. On the other hand, pressure rise rates typically increase with engine load.
Thus, a higher limit on the pressure rise rate could potentially have shifted the operat-
ing region with PPC to higher loads, perhaps to using PPC at loads below 50 % and

conventional diesel combustion at the higher loads.

Yet another reason, for not obtaining a positive ignition dwell, could be that the im-
plicit constraint on soot emissions demoted PPC. The constraint was set on a specific
level of air-fuel ratio, namely A > 1.3. However, this does not take the level of soot
formation into account, instead only an empirical soot oxidation is considered. Thus,
it is possible that the diffusion type combustion, which the optimization algorithm
found optimal, would not have given the highest brake efficiency, if the soot emis-
sions would have been modeled and thus constrained explicitly. This is especially
true when considering that a stricter limit on A resulted in a substantial penalty in
brake efficiency. If instead soot emissions were modeled explicitly, a lower A could
perhaps have been used in combination with a positive ignition dwell, to yield a higher
brake efficiency. Simulation of soot emissions with the stochastic reactor model would
have required a different kinetic model, which would likely have had to contain more
species, and therefore increased the simulation times. On the other hand, if species
tabulation of the kinetic model was applied, as shown in [104], then complex kinetic
models can be used and thus model soot emissions with the same methodology as in
this thesis.

100



Chapter 6

Emission Formation and Ignition
Location on the T' — ¢ Plane

The previous chapter showed that when optimizing the engine settings for the highest
brake efficiency, methanol showed a positive ignition dwell in all operating points, and
thus fulfilled the requirement of partially premixed combustion (PPC) (from Chap-
ter 2). On the other hand, the gasoline fuel, with a research octane number (RON)
of 76, did not show a positive ignition dwell. Moreover, it was shown that a change
of fuel, to a fuel with a RON of 97, did not yield any significant difference in ignition
dwell. In fact, the difference in rate of heat release and fuel injection was almost negli-
gible comparing the two fuels. However, the removal of the constraint on maximum
in-cylinder pressure rise, did increase the amount of fuel which could be injected be-
fore the start of combustion, and resulted in a higher brake efficiency. Furthermore,
by investigating the effect of limiting the start of injection timing for methanol it was
found that a retarding timing did not yield a later combustion phasing, but an earlier
one.

These are all observations warranting further analysis. Further insight could be gained
by investigating the stochastic reactor model particle trajectories, that is how the par-
ticles move through the temperature and equivalence (I — ¢) plane. For instance,
it would be possible to determine the location, in the 7" — ¢ domain, at which the
ignition occurred. Furthermore, the distribution of temperature and equivalence ra-
tio can be used to qualitatively understand the prevailing combustion conditions and
thus the potential emissions formation.
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The present chapter will therefore use the results from Chapter 5, but take the analysis
one step further for some of the optimized cases. However, before presenting this, the
T — ¢ plane needs to be constructed which is therefore demonstrated next.

6.1 T — ¢ Map Methodology

The concept of T' — ¢ diagrams originated in [25], and these have since been used
widely [11, 26, 27, 105]. Traditionally, these diagrams have been used to illustrate
the formation of emissions, mostly NO, and soot, but also unoxidized fuel species,
as well as CO and CO,. In addition, the ignition delay time can be displayed on a
T — ¢ diagram to, for example, analyze the ignition location in a premixed combustion
event.

6.1.1 Emission Formation

In this work the diagrams, which show emissions formation, have been constructed
for neat methanol and a gasoline surrogate. The gasoline surrogate had a calculated
RON of 95.6 and consisted of iso-octane (63.1 %), n-heptane (9.8 %), and toluene
(27.1%). Toluene was added to mimic the influence of aromatics on soot formation.
The surrogate formulation was taken from [106]. The 7" — ¢ diagrams were con-
structed using a grid, presented in Table 6.1, consisting of 51 levels of temperature
and 77 levels of equivalence ratio leading to a total number of 3927 points. At every
grid point, a premixed chemical reaction, between the fuel (in gas phase) and air, was
simulated in a homogeneous reactor from the LOGEresearch simulation frame-work
[107]. The pressure and temperature were kept constant throughout the simulation,
which ran for a residence time of 2.0 ms. A shorter residence time could have been
chosen, as the diagrams typically do not change after 0.5 ms [108]. Moreover, 0.5 ms
and 2.0 ms, correspond to 3.6°ca and 14.4°ca, respectively. The pressure was 100 bar
in all simulations. This particular value was chosen as a compromise between being
a relevant pressure for a combustion event inside the engine, and not to be too far
outside the kinetic model’s validation regime. The resulting emissions could then,
through linear interpolation, be viewed on the 7' — ¢ diagram. The detailed kinetic

Table 6.1: The grid used for constructing the T' — ¢ diagrams which show emission formation. Teonstant is the constant
temperature which was applied during each simulation.

Min. Max. A Levels

Tconstant (K) 500 3000 50 51
¢ () 0.1 3.9 0.05 77
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scheme, developed by Seidel, was used in these simulations as it models combustion
of methanol and gasoline surrogates, as well as soot and NO, formation [28]. More-
over, this reference includes a comprehensive description of the kinetic model and it
will therefore not be discussed further here.

The formation of soot and NO,, for methanol and the gasoline surrogate, are pre-
sented in Figure 6.1. The formation yields were converted from species mass fraction
(Y) to g/(kWh) (NO,), and mg/(kW h) (soot), by applying Equation (6.1), which

means that they have been normalized with the energy content of the fuel.

Yao, 103/3.6
O, (g/(kWh)) = }201 QL/H -
6.1)
6
Soot (mg/(kW h)) = Y500 10°/3.6

Yae Quuv

It is interesting to note that the soot and NO, emissions form distinct islands in the
T — ¢ diagram. The soot formation increases with equivalence ratio, however, the
highest levels are found for a rather limited range of temperatures. Furthermore, the
difference in soot formation, between the fuels, is as expected huge. In fact, the high-
est level of soot formation for methanol is lower than 1.0 ng/(kW h), and is therefore
not displayed. Moreover, this explains why soot emissions are non existent in engine
experiments with methanol [50-53]. In contrast, the difference in NO, formation is
small. Instead the NO, formation is only dependent on the excess of oxygen and the
temperature. The NO, formation increases with increasing temperature and decreas-
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Figure 6.1: Soot and NO, formation for methanol and the gasoline surrogate. Combustion with methanol did not yield
any soot.
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Figure 6.2: CO, formation for methanol and the gasoline surrogate.

ing equivalence ratio. Due to a difference in energy content of the fuels, a slightly
higher NO, formation for methanol can be distinguished.

NO, and soot emissions are naturally of most interest when considering direct injec-
tion, compression ignition engines. Nevertheless, it can be useful to illustrate other
species as well. For instance, the formation of CO and CO, emissions are shown in
Figures 6.2 and 6.3. They were also converted to g/(kW h), by the same formula as the
NO, emissions. At low temperatures, the oxidation of the fuel does not get started,
and thus there is no formation of either CO or CO,. Instead, the formation of CO,
and CO starts to appear after 700 K. The reason is that, the higher the temperature,
the faster are the chemical reaction rates, and thus more of the fuel can be oxidized
to completion, that is from fuel and O,, through CO, to CO,. This can be seen as
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Figure 6.3: CO formation for methanol and the gasoline surrogate.
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increasing the temperature, at an equivalence ratio below one, yields an increase in
both CO and CO,, until a temperature of 1000 K, after which the formation of CO
reduces and the formation of CO, increases. Close to complete oxidation then oc-
curs for all temperatures up to 2400 K, after which dissociation comes into play, and
hence CO formation increases. Furthermore, at an equivalence ratio above one, there
is not enough oxygen to complete the oxidation step, that is going from CO to CO.,.

The T'— ¢ diagrams can be used to analyze the particle trajectories, and hence the com-
bustion. It should, however, be noted that full advantage of the emission formation
maps is prohibited by the fact that there is no mixing within the maps. By contrast, the
combustion in an engine involves mixing of burned and unburned species. Nonethe-
less, it is likely that the more premixed the reactants are before the combustion starts,
the more can these maps be used to quantify the emissions formation.

6.1.2 Ignition Delay Time

The ignition delay time can also be displayed on the T' — ¢ diagram. As it is common
practice, the ignition delay was simulated in an adiabatic constant volume reactor. In
a constant volume reactor, the initial pressure and temperature are set and the com-
bustion of fuel and air is allowed to proceed. Because it is a constant volume, the
pressure and temperature increase due to combustion. In this work, the ignition de-
lay time was defined as the time it takes for the pressure rise rate to reach its highest
value. In contrast to the simulations in the constant pressure reactor, these simula-
tions were conducted on a different grid, see Table 6.2. One thing to note is that the
initial pressure was 60 bar in all simulations. This value was chosen because it repre-
sented an average of the pressure, before start of combustion, for the simulated cases
in Chapter 5. Nevertheless, the ignition delay time changes with pressure, but as was
seen in Figure 5.1, the sensitivity, at an initial pressure above 50 bar, is small. More-
over, this analysis is more concerned about the trends and it is likely that they will
not change with, for instance, an increase in initial pressure. It should also be noted
that these simulations were initialized with the fuel in gas phase. As the ignition de-
lay time will be used to analyze the particle trajectories from the stochastic reactor
model, the same chemical mechanisms were used. That means the reduced form of
the AramcoMech 2.0 mechanism [77], and the full chemical kinetic model from [78]

Table 6.2: The grid used for constructing the T' — ¢ diagrams which show ignition delay time. T} is the initial
temperature.

Min. Max. A Levels

Tt () 600 1300 10 71
¢ () 0.1 3.0 0.1 30

105



3.0 4 3.0 4
Lol \ L) |
—

25 A 5 2542 5% 7 22 o
o o
= —

2.0 2.0

J/ 1.5 4 \I/ 1.5
< <
1.0 1 1.0 1
22 W e e < OO
0.5 - 3 ° %% % 0543 % ¢ %2 @
T |\ \'\I\ T T \\' 'L T T T T T \'
600 800 1000 1200 600 800 1000 1200
T (K) T (K)
a) Methanol b) Gasoline, RON = 97

Figure 6.4: Contours of constant ignition delay time (ms), for methanol and the gasoline surrogate, as a function of
initial temperature and equivalence ratio. The ignition delay time was simulated in a constant volume
homogeneous reactor at a pressure of 60 bar.

were used. Furthermore, these simulations were performed with neat methanol and
the gasoline surrogate with a calculated RON of 97 from Chapter 5.

Figure 6.4 shows contours of simulated constant ignition delay time (ms), for both
fuels, as a function of initial temperature and equivalence ratio. For methanol, the
ignition delay time reduces exponentially with higher temperatures. Furthermore,
going from a high to a low equivalence ratio, along a constant temperature, yields
a shorter ignition delay time, and this trend is especially pronounced at an equiva-
lence ratio below one. For the gasoline fuel, almost the same trends can be observed,
although the absolute values are reduced which means that a shorter ignition delay
time is obtained for the same combination of initial temperature and equivalence ra-
tio, compared to methanol. In addition, between a constant ignition delay of 3 ms
to 0.3 ms, there is evidence of low temperature chemistry. However at this initial
pressure, there is no sign of a negative temperature coefficient behavior because the
contours do not cross.

6.2 SRM Particle Trajectories during Optimal Combustion

The emission formation and the contours of ignition delay time are valuable tools,
when analyzing the way that the stochastic reactor model particles move before and
during the combustion. This section will expand on the analysis from Chapter 5, and
look at the difference of the ignition and combustion processes, between methanol
and the gasoline fuel with a RON of 97.
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As most of the differences for the ignition and combustion are assumed to be depen-
dent on the engine load, the B25 and B100 operating points were chosen as they are
at the ends of the simulated load range. In these simulations, a number of 5000 par-
ticles were used. To display all of these particles would have made the 7" — ¢ figures
cluttered. For this reason, these figures will only show the particles which are at the
Pareto front in terms of temperature and equivalence ratio. Furthermore, note that
the markers in these figures do not represent stochastic reactor model particles, but
instead are used for distinguishing between different Pareto fronts.

The ignition timing, and location in the 7" — ¢-diagrams, was determined by tracking
the particles’ instantaneous rate of heat release. When there was a particle with a
sufficient rate of heat release (decided by a relevant threshold), this was used as the
ignition. For methanol this was trivial. However, for the gasoline fuel low temperature
chemistry led to an early, and premature, rate of heat release without any substantial
increase in cylinder temperature. Therefore, this low temperature reaction heat release
was neglected when determining the ignition location.

Figure 6.5 shows the particle Pareto fronts just after ignition, at two different crank
angle degrees, namely 0y 1 and 61 (cf. Equation (5.8)), comparing methanol (left)
and gasoline (right), for the B25 operating point. There are two distinct differences
comparing the two fuels. First, the span in temperature is significantly larger for
methanol, than it is for gasoline. Thermal stratification is commonly used to describe
this temperature difference. The reason for the large thermal stratification in the case
of methanol, is the large latent heat of the fuel which cause particles which have more
fuel to be colder, and particles with less fuel to be warmer. Secondly, the ignition for
methanol is located at the leanest equivalence ratio, while it is located at the richest
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Figure 6.5: Stochastic reactor model particle Pareto fronts, at 6.1 and 61, for the B25 operating point. The contours
of constant ignition delay time from Figure 6.4 are visible.
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equivalence ratio for gasoline. Naturally, there is a coupling between the ignition delay
time and these two observations. In the case of methanol, a large thermal stratification
leads to the fact that the particles which contain the least fuel, cross the ignition delay
contours first, and therefore they have a shorter ignition delay time, and hence ignite
first. In contrast, for the gasoline fuel, due to the lack of a large thermal stratification,
the ignition delay time contours and the particle Pareto front are aligned and thus
the particles with the most fuel have the shortest ignition delay time. Moreover, the
small thermal stratification that exists, decreases because low temperature chemistry
reactions heat up the richest particles.

The combustion process is visualized in Figure 6.6 which shows the particle Pareto
fronts at the locations for 10 % and 50 % heat released (610 and 65p). In the case of
methanol the combustion proceeds from the leanest equivalence ratios to the richest
and, as was noticeable in Figure 5.17, this yields a rather smooth rate of heat release
profile with a low peak. Furthermore, the highest local temperature, at 050, is low and
thus the particles do not penetrate far into the NO, island, which therefore explains
why this case generated low NO, emissions. On the other hand, the combustion
proceeds oppositely in the case of gasoline. The richest particles ignite first, and the
combustion proceeds toward the leanest particles. Moreover, the third fuel injection is
located after 01 and this fuel is therefore injected when there is already a high cylinder
temperature. This can be seen to yield particles which are burning at an equivalence
ratio of one and thus at high temperatures. Moreover, these high local temperatures
are seen to result in a deeper penetration of the NO, island, and therefore lead to
much higher NO, emissions.
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Figure 6.6: Stochastic reactor model particle Pareto fronts, at 81 and 65, for the B25 operating point. The emission
formation of NO, and soot, from Figure 6.1, are visible.
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Figure 6.7: Stochastic reactor model particle Pareto fronts, at 8.1 and 61, for the B100 operating point. The contours
of constant ignition delay time from Figure 6.4 are visible.

Moving on to the B100 operating point, Figure 6.7 shows the particle Pareto fronts at
6.1 and ;. For methanol, the thermal stratification is even larger, compared to B25,
which is to be expected due to the increased fuel mass and lower level of dilution (cf.
Figures 5.7 and 5.8). Like the B25 operating point, the ignition occurs at the leanest
equivalence ratio. In the case of the gasoline fuel, only the fuel in the pilot injection is
visible because the pilot ignited before the start of the main injection. Thus, the overall
equivalence ratio is rather lean. Nevertheless, this pilot ignites where it is the richest.
Figure 6.8 then shows the particle Pareto fronts at 619 and 059. The combustion
with methanol, similarly to the B25 operating point, goes from particles with leanest
equivalence ratio to the ones with richest, which results in a smooth increase in the
rate of heat release profile (cf. Figure 5.18). In contrast, the combustion with gasoline
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Figure 6.8: Stochastic reactor model particle Pareto fronts, at 81 and 050, for the B100 operating point. The emission
formation of NO, and soot, from Figure 6.1, are visible.
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is set off by the pilot and is then governed by the large main injection which burns
in a depicted mixing-controlled manner. As is apparent, all the fuel particles move
through the soot island as combustion goes on, and therefore it is most likely that this
case forms substantial amounts of soot. As has been mentioned earlier in this thesis,
this is not to say that the amount of soot emissions in the exhaust is large, as soot
oxidation is still to occur. Finally, as the peak temperature at 65 is significantly larger
for the gasoline case, it is not surprising that the resulting NO, emissions are larger.

6.3 Sensitivity of Start of Injection on Ignition Timing

In Section 5.4 it was shown, for methanol, that for the early injection strategy (case A)
and operating point A75, an advancement of the start of injection timing resulted in
a retardation of the combustion phasing. This was intuitively difficult to understand
because the opposite is typically true, at least for conventional diesel combustion. Asa
matter of fact, for the injection strategy which employed later timings, the combustion
phasing was completely controlled by the phasing of the main injection. The particle
Pareto fronts can be used to understand why this difference occurred. The left sub-
figure of Figure 6.9 shows the particle Pareto fronts, just before ignition and at 65,
for when the start of injection timing of the main injection is moved, -5°ca and 5°ca,
compared to the baseline (-48°ca). It can be seen that, when the injection timing is
advanced, there is more time for the fuel to mix with the bulk gas. This results in
a reduction of the thermal stratification, and therefore the particles which have the
leanest equivalence ratio (where ignition occurs) have a lower temperature, than the
ones in the case with later injection timing, and hence ignite later. Furthermore, due
to a later combustion phasing for the advanced start of injection case, the resulting
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Figure 6.9: Stochastic reactor model particle Pareto fronts, just before ignition (left) and at 650 (right), for when the
start of injection timing of the main injection is moved, —5°ca and 5°ca, compared to the baseline (-48°ca)
for injection strategy case A, the A75 operating point, and methanol.
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maximum in-cylinder temperature is lower and this yields lower NO, emissions which

is apparent in the right sub-figure of Figure 6.9.

6.4 The Effect of Thermal Stratification

From the content presented thus far, thermal stratification has been used to explain
many of the differences, in the ignition and combustion processes, between methanol
and gasoline. Furthermore, as the rate of heat release profiles for methanol show a
smoother rise, it is possible that there is a link between thermal stratification and
maximum pressure rise rate, which in turn was the reason for not obtaining PPC
conditions in the case of gasoline.

The concept of thermal stratification is not new. In engines applying the homoge-
neous charge compression ignition (HCCI) concept, it has been shown to be the
mechanism behind reducing pressure rise rates, as it leads to a sequential series of
auto-ignition events [109]. To expand the load range of HCCI, researchers have there-
fore attempted to increase the level of thermal stratification. These attempts include
reducing the engine coolant temperature to reduce wall temperatures [110], different
heating of the intake ports [111], or reducing the mixing of residual and incoming
fresh charge [112]. However, they have shown minor success because they only mod-
erately change the thermal stratification of the bulk gas, which has been shown to be
the dominating factor in reducing pressure rise rates [113]. The use of ethanol, on the
other hand, was shown to be successful in increasing the thermal stratification of the
bulk gas due to fuel-vaporization cooling [114]. Thus, it is likely that methanol, which
has a higher latent heat than ethanol, will be even better. Analyzing the results from
the optimizations in Chapter 5, in order to study the effect of thermal stratification on
methanol and gasoline PPC, is complicated for two reasons. First, these optimizations
used multiple injections, which have shown to effectively reduce pressure rise rates by
itself [19, 41]. Second, as mentioned repeatedly, the cases with gasoline had the fuel
injection located after the start of combustion, when the role of thermal stratification
is arguably inconsequential.

The present investigation will instead use a sweep of start of injection timings, to
investigate the role of thermal stratification on the ignition and combustion processes,
for methanol and gasoline. The start of injection timing was varied between -100°ca to
-15°caaTDC, and was chosen as the dominating parameter, because it was thought to
be the most influencing factor. Furthermore, two levels of global equivalence ratio was
used, because as is seen in HCCI engines, an increase in global dilution is beneficial for
reducing the absolute level of pressure rise rate. The two levels of global equivalence
ratio that were used were ¢ = 0.4 and ¢ = 0.8. Moreover, the level of thermal
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stratification is likely to decrease with increasing dilution, as there is more mass to
cool. This numerical experiment was conducted as follows. The combustion phasing
was kept constant at 8°caaTDC. This was done by changing the intake manifold
temperature, similarly to [63]. However, a change in temperature changes the trapped
mass at inlet valve closing, and therefore the degree of dilution. In order to keep the
global ¢ constant, without changing the intake manifold pressure, the level of EGR
was varied and set to a suitable value. The operating point corresponded to A25 from
Figure 5.3, which meant an engine load of 25 % and an engine speed of 1100 rpm. To
keep the influence of different lower heating value (and thus different fuel injection
profiles) to a minimum, the number of injector nozzle holes and nozzle hole diameter
were adjusted, as it was thought that changing the fuel injection pressure would affect
the induced turbulence and thermal stratification more. The fuel injection pressure
was set to 800 bar in accordance with what was done in [63].

The particle Pareto fronts are shown in Figures 6.10 to 6.12, for the crank angle de-
grees corresponding to just before ignition (light blue symbols) and at ignition (dark
blue symbols). Figure 6.10 corresponds to the cases with a start of injection timing of
-100°ca aTDC, whereas Figures 6.11 and 6.12 show the cases with a start of injection
timing of -50°caaTDC and -15°caaTDC, respectively. The difference between the
fuels, in thermal stratification, is apparent at all these start of injection timings. How-
ever, there are similarities as well. For example, at the ~100°caaTDC start of injection
timing, both fuels ignite at almost the same equivalence ratio. Although it should be
noted that the stratification in equivalence ratio is rather small, as the fuel and bulk
gas have had sufficient time to mix, for this case. Moreover, both levels of dilution
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Figure 6.10: Stochastic reactor model particle Pareto fronts, just before the start of combustion (light blue symbols),
and at the crank angle of start of combustion (dark blue symbols), for a start of injection timing of
0soi = —100°caaTDC. The contours of constant ignition delay time from Figure 6.4 are visible.
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Figure 6.11: Stochastic reactor model particle Pareto fronts, just before the start of combustion (light blue symbols),
and at the crank angle of start of combustion (dark blue symbols), for a start of injection timing of
050 = —50°caaTDC. The contours of constant ignition delay time from Figure 6.4 are visible.

yield a lean ignition location for methanol, whereas the ignition for the gasoline fuel,
for the high level of dilution case, occurs at the richest equivalence ratio.

Looking at the -50°ca aTDC start of injection case (Figure 6.11), the degree of thermal
stratification has increased for the methanol, whereas it, in relative terms, has not
changed much for the gasoline cases. Methanol again ignites at the leanest equivalence
ratio. In contrast, now there is clearly ignition at the richest equivalence ratio for the
gasoline case with high dilution. In addition, the value of equivalence ratio at ignition,
is the same for both the gasoline cases, even though it happens at the opposite ends
of the Pareto fronts.
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Figure 6.12: Stochastic reactor model particle Pareto fronts, just before the start of combustion (light blue symbols),
and at the crank angle of start of combustion (dark blue symbols), for a start of injection timing of
0501 = —15°caaTDC. The contours of constant ignition delay time from Figure 6.4 are visible.
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Finally for the -15°caaTDC start of injection case (Figure 6.12), there is an even
larger degree of thermal stratification for methanol'. In contrast to the other start
of injection timings, the equivalence ratio of ignition is not at the lean end. Instead,
the ignition occurs at a slightly higher equivalence ratio, even though this equivalence
ratio is lower than for the preceding cases. For the gasoline, and the case with the
highest level of dilution, the particle Pareto front looks similar to the one in Figure 6.5.
This is not strange, as the conditions for these two cases are very alike, albeit having a
different speed and a slightly different combustion phasing,.

This analysis and the observations can be extended by analyzing the trends of max-
imum pressure rise rate, equivalence ratio at the ignition location, and the level of
thermal stratification. Figures 6.13 to 6.15 show these results for all considered start
of injection timings. The level of thermal stratification, in Figure 6.15, is taken as
the difference in temperature on the Pareto front, just before ignition. As was ob-
served from the particle Pareto fronts on the 7" — ¢ diagrams, the level of thermal
stratification increases to a larger extent with methanol, going from early to late start
of injection timings, than with gasoline. In contrast, the increase in thermal strat-
ification is negligible with gasoline, in comparison to methanol. Furthermore the
ignition equivalence ratio shows opposite trends comparing methanol and gasoline.
With methanol, the equivalence ratio becomes leaner and leaner, while the opposite
is true for the gasoline. The resulting pressure rise rate with gasoline is constant as a
function of start of injection timing, and only depends on the level of dilution, which
is consistent with the HCCI literature. In fact, for the gasoline, pressure rise rate cor-
relates perfectly with dilution for these cases (R? = 0.98). Methanol, on the other
hand, reduces the pressure rise rate with retarding start of injection timing. More-
over, in the case of methanol, thermal stratification, inlet valve closing temperature,
and equivalence ratio at ignition are needed to find a good correlation with pressure
rise rate (R? = 0.91 and R? = 0.94), while dilution in fact reduces the correlation.
Furthermore, for methanol, the value of pressure rise rate passes 15 bar/°ca at a start
of injection timing of -70°caaTDC, which could be the reason why the optimizer
in Chapter 5 did not find an earlier timing (for any of the operating points) than
-70°caaTDC. Contrastingly, the pressure rise rate rarely goes below 15 bar/°ca, even
at the higher level of dilution, for gasoline, but stays around 15 bar/°ca for the higher
dilution case, and 35 bar/°ca for the lower dilution case.

"Note that for methanol (left sub-figure) the Pareto front just before start of combustion is not shown
because there is practically no difference between the light-blue and dark blue lines.
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Figure 6.14: The equivalence ratio value at ignition, as a function of start of injection, comparing methanol to gasoline,

and for two different levels of dilution.
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Figure 6.15: Thermal stratification as a function of start of injection, comparing methanol to gasoline, and for two
different levels of dilution.

6.5 Summary

This chapter extended the analysis from Chapter 5, by analyzing the ignition and
combustion processes, using I" — ¢ diagrams. The emissions formation of soot, NO,,
CO, and CO, emissions, as well as ignition delay time, were displayed on these di-
agrams. It was depicted that methanol does not show any tendency to form soot,
and could thus explain why no soot emissions are found in engine experiments with
neat methanol. Gasoline, on the other hand, due to its aromatic content, showed a
large propensity for soot formation. Ignition delay times were generally shorter with
the gasoline fuel, as a function of temperature and equivalence ratio, compared to
methanol.

Furthermore, the emissions formation and ignition delay time could then be used,
together with the stochastic reactor model particle trajectories, to analyze the ignition
and combustion processes. These figures could for instance, explain the reason for
low NO, emissions in the case of methanol. Moreover, with the contours of constant
ignition delay time, it was possible to conclude that thermal stratification plays a major
role when it comes to explaining the location of ignition, in terms of equivalence ratio.

The effect of thermal stratification was later investigated, using a sweep of start of
injection timings, going from early to late ones. For the case of gasoline, it was seen
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that thermal stratification is negligible, and consequently the maximum pressure rise
rate correlated only with the overall dilution level. In contrast, pressure rise rate cor-
related well with thermal stratification for methanol, although also the inlet valve
closing temperature, and equivalence ratio at ignition, were needed to obtain a good
correlation.
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Chapter 7

Summary and Conclusions

This chapter contains a brief summary of the main contributions and observations of
the work presented in this thesis.

7.1 Contributions

Previously, the main focus of the work on the partially premixed combustion (PPC)
concept has been on maximizing gross indicated efficiency. This work has expanded
that picture by looking at ways of maximizing the brake efficiency. The main contri-
butions have been:

* 'Three turbocharger configurations (two single-stage and a two-stage) were eval-
uated for the PPC concept. It was shown that only a small benefit in brake ef-
ficiency could be obtained with the two-stage turbocharger, however, a higher
engine load could be obtained because the compression and expansion were

divided.

* By using a combined low and high-pressure EGR system it was possible to
increase the gas exchange efhiciency by 4.0 %pt.

* The first PPC coupling of the stochastic reactor model and GT-suite was pre-
sented to enable full cycle simulation. Furthermore, the particle swarm al-
gorithm was applied to conduct engine operating point optimizations with
methanol and gasoline. With methanol it was possible to obtain a 2.2 %pt.
higher brake efficiency compared to gasoline. Moreover, if the engine com-
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pression ratio was increased to 21.6:1 (compared to the standard of 17.3:1) the
brake efficiency increased 1.4 %pt. further.

* A significant increase in brake efficiency was obtained by applying an early
injection strategy with methanol. However, it was found that the sensitivity of
combustion to inlet conditions was large for these early injection strategies.

* Soot formation was confirmed to be insignificant with methanol, by visualizing
the formation of soot and NO, on a T' — ¢ diagram.

* The large degree of thermal stratification was found to be responsible for the
lower maximum pressure rise rates with methanol.

Chapters 4 to 6 have presented studies aimed at expanding the system boundary, going
from a gross to a brake perspective, of the partially premixed combustion concept. The
focus has been on the gas exchange performance, differences between fuels, and the
in-cylinder conditions in the temperature and equivalence ratio (1" — ¢) domain.

An evaluation of the choice of turbocharger, for the partially premixed combustion
concept was presented in Chapter 4. Of the three turbocharger configurations which
were studied, a two-stage turbocharger provided the highest brake efficiency as well
as the highest attainable engine load. In addition, the influence of intake manifold
temperature was investigated, and showed that both the brake and thermodynamic
efficiencies, reduce with an increasing temperature. Finally, a sweep of the level of
exhaust gas recirculation, revealed a significant mismatch between the turbine and
compressor impeller sizes. It was found that due to the low exhaust temperature,
which comes from a high level of dilution, the turbine has a substantially smaller
effective mass flow than the compressor, and would therefore benefit from a design
with a smaller wheel diameter.

Chapter 4 furthermore presented a comparison between three different exhaust gas
recirculation configurations: a high pressure, a low pressure, and a combined high and
low pressure one. The turbocharger comprised a single stage, with a variable geometry
turbine, and was resized to be optimal for the three different EGR configurations. The
combined low and high-pressure configuration showed the highest brake efficiency,
due to an overall higher compressor efficiency, which was made possible because the
mass flow could be adjusted between the low and high pressure circuits.

Chapter 5 presented an optimization study, in which the maximum brake efficiency
was simulated, for methanol and two gasoline fuels (RON = 76 and RON = 97).
The high RON fuel was chosen because a higher RON typically facilitates partially

premixed combustion. However, it has been shown that the combustion stability at
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low loads typically reduces with high RON, and the maximum pressure rise rate in-
creases. Therefore, the gasoline fuel with RON = 76 was chosen for a comparison.
On the other hand, the use of renewables are arguably the fastest way to reduce the
CO, emissions from heavy-duty vehicles. Consequently, methanol was chosen as it is
the simplest fuel which can be produced from renewable sources and which is liquid
(and of sufficient energy density) at atmospheric conditions. For the optimizations,
constraints were put on the maximum cylinder pressure, maximum cylinder pressure
rise rate, NO, emissions, and soot emissions, as well as preventing water condensation.
The optimization algorithm came from a group of meta-heuristic methods, called the
particle swarm, which was chosen because of the complex relationships between the
engine parameters and their effect on the engine performance. In addition, the en-
gine compression ratio was optimized for methanol, leading to four investigated cases.
The highest brake efficiency was obtained for methanol with the optimized compres-
sion ratio, followed by methanol with standard compression ratio, while the brake
efficiencies for the two gasoline fuels were the lowest. The reason for a higher brake
efficiency for methanol, was due to an improved compromise between combustion
duration, in-cylinder heat transfer, and NO, emissions. Moreover, an increased cool-
ing of the bulk gas reduced the compression work. Finally, because less EGR was
needed to suppress NO, emissions, the ratio of specific heats was often higher for
methanol, despite methanol requiring a higher inlet temperature.

Despite dissimilar boundary conditions, the most noticeable difference between the
cases with methanol and the gasoline fuels, was found in the resulting fuel injection
strategy. For methanol, it was possible to use a significantly earlier start of injection,
while the gasoline fuels had to be injected closer to top dead center, for a larger part
of the tested engine operating points. In fact, a positive ignition dwell was not shown
to be optimal for the gasoline fuels in any of the operating points. In contrast, this
could be achieved for the cases with methanol. A sensitivity study of the optimization
constraints revealed that neither a higher air-fuel ratio nor a reduced intake manifold,
led to a positive ignition dwell for the gasoline cases. On the other hand, a higher air-
fuel ratio led to a reduced brake efficiency, while a lower intake manifold temperature
led to an increased one. Additionally, the removal of the constraint on pressure rise
rate was investigated for the gasoline fuel with the highest research octane number. A
higher pressure rise rate allowed for 40 % of the fuel to be injected before the start
of combustion and enabled a higher brake efficiency. Still, a positive ignition dwell
was not achieved which was the definition, used in this thesis, for partially premixed
combustion. As the maximum pressure rise rate typically increases with engine load,
due to a lower degree of dilution, it is possible that the operating points with 25 %
and 50 % load would facilitate partially premixed combustion if the constraint on
pressure rise rate was set to a higher value.
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An injection strategy with relatively early start of injection timings (-70°caaTDC to
-50°caaTDC), was found to be optimum in all operating points with methanol. It
is likely that the umbrella angle of the injector needs to be made very narrow in order
to avoid high amounts of unburned hydrocarbon and CO emissions due to partially
oxidized fuel which is stuck in various crevice volumes. Moreover, a sensitivity analy-
sis, presented in this work, revealed that the sensitivity of combustion stability to inlet
conditions was high. For instance, for the A75 operating point, the combustion phas-
ing changed by 15°ca for a change in the inlet temperature of 12 K. In addition, the
maximum in-cylinder pressure exceeded 300 bar for the earliest combustion phasing.
Finally, the results suggested that this sensitivity increased with engine load.

In Chapter 6, emissions formation were simulated in a constant pressure, homoge-
neous reactor, in order to study the potential levels of soot, NO,, CO, and CO,
emissions, from methanol and a gasoline fuel. The results showed that methanol does
not form soot at typical engine conditions. Contrastingly the gasoline fuel, due to
its aromatic content, had a large propensity for soot formation. Moreover, the igni-
tion delay time as a function of temperature and equivalence ratio, was simulated for
both fuels. The results of emissions formation and ignition delay time, facilitated and
extended the analysis on the results from Chapter 5, by enabling a depiction of the
stochastic reactor model particle trajectories, in the temperature and equivalence ratio
domain. This analysis showed that thermal stratification, due to vaporization cooling,
can reduce the pressure rise rates for methanol. Furthermore, this could be used to
explain why the optimal injection timing, for methanol, was as early as -70°caaTDC.
In the case of gasoline, thermal stratification did not play a role, instead the pressure
rise rate was only influenced by the global level of dilution.

7.2  Outlook

The following are several recommendations for further study based on the results pre-
sented in this thesis.

The results in Chapter 4 suggested a mismatch between the compressor and turbine
wheel diameters. Thus, designing a turbocharger aimed for partially premixed com-
bustion could potentially increase the gas exchange efficiency and allow for higher
dilution levels. On the other hand, the optimum boundary conditions, found in
Chapter 5, for the engine when it was run on methanol, differed significantly from
the ones with gasoline. Moreover, the turbocharger used in these optimizations was
not chosen for the conditions which were found optimum with methanol. Thus, a re-
design of the turbocharger to use with methanol would also warrant an investigation.
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The results found in Chapter 5 require validation and verification. This can be done
experimentally or with higher fidelity models such as 3-D computational fluid dy-
namics (CFD). Especially, the early injection strategies which were found optimal
with methanol, should be verified. A CFD model could be used to validate the va-
porization of the fuel and the mixing model used with the stochastic reactor model.
Initial CFD simulations have been conducted which suggest that the stochastic reactor
model achieves a good prediction of the mixing, but also show that the results depend
greatly on the chosen spray model parameters in the CFD model. Additionally, the
optimum injector umbrella angle could be found with a CFD simulation and then
used to investigate the trade-off between start of injection timing and combustion
efficiency.

Further investigation needs to be conducted to verify the large sensitivity of the com-
bustion stability to inlet conditions when the engine is run with early start of injection
timings and methanol. If the sensitivity is as large as suggested from the results in this
thesis, algorithms for improved control of the inlet conditions are required.

It was hypothesized in Chapter 5 that the reason for not obtaining partially premixed
combustion with the gasoline fuel, could have been that the soot emissions were not
modeled explicitly. The kinetic model used in Chapter 6 could be applied and com-
bined with the stochastic reactor model and the optimization algorithm, to investigate
this hypothesis. Naturally, such an investigation would need verification and valida-
tion against measured soot emissions before conducting the optimizations. As the
kinetic model is large, the tabulation technique described in [104], could be utilized
and enable a significant reduction of the total simulation time needed.

123






Appendix

Table A1: Experimental data from the heavy-duty multi cylinder Scania diesel engine. Engine compression ratio (e),
engine speed (n), gross imep (imepgmss), intake manifold temperature (T},), intake manifold pressure (pim),
normalized air-fuel-ratio (), EGR, crank angle at which 50 % of the fuel has burned (650), and start of
injection (6L).

€(-) n(rpm) imep,, (bar) T K)  pim (bar) A(-) EGR (%) 050 (ca) 6L, (°ca)

1 17.3 1300 5 297 1.24 1.9 49 5.5 -30
2 17.3 1300 8 295 1.54 1.5 46 8.5 -24
3 17.3 1300 10 296 1.77 1.3 47 6.6 -10
4 17.3 1300 12 296 2.03 1.5 42 5.9 -9
5 17.3 1300 13 296 2.18 1.5 44 5.7 -9
6 17.3 1300 15 295 2.42 1.4 44 5.9 -10
7 17.3 1300 19 295 2.89 1.2 45 8 -8
8 17.3 1400 5 294 1.21 1.7 53 7.5 -35
9 17.3 1400 7 295 1.3 1.3 51 8.4 -35
10 17.3 1400 10 294 1.62 1.3 47 6.4 -37
11 17.3 1400 13 294 1.97 1.2 47 5.9 -37
12 173 1400 19 295 2.52 1.3 42 5.7 -10
13 17.3 1600 5 296 1.27 1.8 50 6.4 -24
14 17.3 1600 8 296 1.49 1.4 49 6.6 -18
15 17.3 1600 10 296 1.81 1.5 50 6.1 -16
16 17.3 1600 13 295 2.19 1.4 46 5.6 -12
17 17.3 1600 16 295 2.45 1.2 47 5.6 -12
Table A2: Experimental data from the heavy-duty single cylinder Scania D13 engine. Engine compression ratio (g),
engine speed (n), gross imep (imepgmss), intake manifold temperature (T},), intake manifold pressure (pin),
normalized air-fuel-ratio (), EGR, crank angle at which 50 % of the fuel has burned (650), and start of
injection 6.
£() nGpm) imep, (bar) Tiw(K) piwm(bar) A() EGR(%) 050 Cca) 0l (ca)
1 17.3 1250 10.3 428 2.84 2.0 33 5.7 -9.8
2 17.3 1250 10.3 429 2.62 1.8 35 5.4 -10.4
3 173 1250 9.4 438 1.85 1.3 34 6.5 -10.4
4 17.3 1250 10.4 428 2.89 1.7 43 5.3 -10.6
5 17.3 1250 10.1 428 2.53 1.6 42 6.0 -10.0
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Table A2 continued from previous page

€(-) n(rpm) imep, (bar)  Tim (K)  pim (bar) A () EGR (%) 650 (ca) 6L; (°ca)
6 17.3 1250 8.9 437 1.92 1.2 44 6.1 -12.6
7 17.3 1250 10.0 416 2.75 1.5 54 6.0 -10.0
8 17.3 1250 9.6 429 2.65 1.3 53 5.9 -12.0
9 17.3 1250 8.8 435 1.97 1.1 53 6.3 -18.0
100 17.3 800 5.2 464 1.04 2.0 0 6.6 -11.9
1 17.3 800 5.4 453 1.31 2.5 0 6.4 -9.0
12 173 800 5.4 445 1.51 3.0 0 6.5 -8.0
13 173 800 5.3 440 1.76 3.5 0 6.4 -6.8
14 17.3 800 5.3 435 2.03 4.1 0 6.8 -5.6
15 17.3 800 15.2 426 2.97 2.0 0 8.6 0.0
16 17.3 800 15.3 428 2.65 1.8 0 8.9 0.0
17 17.3 800 15.5 431 2.44 1.6 0 9.0 -0.2
18 17.3 800 15.4 432 2.23 1.4 0 9.2 -0.4
19 17.3 800 14.8 435 2.04 1.2 0 9.4 -0.4
20 17.3 1600 5.2 436 1.00 2.0 0 7.2 -12.9
21 17.3 1600 5.2 428 1.21 2.6 0 7.2 -12.9
22 173 1600 5.2 426 1.41 3.0 0 6.7 -12.5
23 17.3 1600 5.3 421 1.63 3.5 0 6.8 -11.7
24 17.3 1600 5.3 419 1.89 4.1 0 6.9 -10.8
25 173 1200 6.8 391 2.27 4.1 0 8.9 -12.0
26 17.3 1200 6.4 409 2.09 3.9 0 7.0 -14.0
27 27 1200 6.3 321 1.05 2.0 0 8.6 -3.8
28 27 1200 6.4 326 1.37 2.0 26 6.3 -6.4
29 27 1200 6.3 329 1.38 2.0 27 10.8 -2.8
30 27 1200 6.3 330 1.15 1.6 29 5.8 -10.0
31 27 1200 6.3 338 1.20 1.6 29 9.9 -5.8
32 27 1200 6.3 340 1.24 1.6 29 6.3 -5.4
33 27 1200 6.4 334 1.22 1.6 28 10.8 -1.4
34 27 1200 6.3 337 1.19 1.6 27 8.2 -4.8
35 27 1200 6.5 337 1.78 1.6 54 8.3 -4.4
36 27 1200 6.3 334 1.40 1.2 55 7.4 -6.6
37 15 1200 6.3 457 1.85 1.3 52 4.9 -16.0
38 15 1200 6.2 478 1.85 1.3 52 4.8 -13.0
39 15 1200 6.4 472 1.85 1.4 50 6.1 -13.0
40 15 1200 6.4 475 1.84 1.4 50 5.7 -12.0
41 15 1200 6.4 475 1.85 1.4 51 5.9 -11.0
42 15 1200 6.4 477 1.85 1.4 50 6.0 -14.0
43 15 1200 6.4 464 1.86 1.6 46 5.8 -15.0
44 15 1200 6.2 470 1.85 1.6 46 5.9 -12.0
45 15 1200 6.0 478 1.85 1.6 45 5.8 -10.0
46 15 1200 5.9 486 1.84 1.6 45 5.6 -9.0
47 15 1200 6.4 480 1.85 2.7 0 6.6 -5.5
48 15 1200 6.5 481 1.85 2.7 0 6.4 -5.5
49 15 1200 6.6 481 1.85 2.4 10 6.4 -5.5
50 15 1200 6.4 479 1.85 2.0 30 6.2 -6.5
51 15 1200 6.3 478 1.85 2.2 23 6.6 -6.0
52 15 1200 6.3 479 1.85 1.8 36 6.0 -7.5
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Table A2 continued from previous page

€(-) n(rpm) imep, (bar)  Tim (K)  pim (bar) A () EGR (%) 650 (ca) 6L, (°ca)
53 15 1200 6.4 480 1.85 1.7 38 6.4 -7.5
54 15 1200 6.3 477 1.85 1.7 42 6.3 -8.5
55 15 1200 6.2 477 1.85 1.6 45 6.0 -9.5
56 15 1200 6.3 478 1.85 1.5 48 5.7 -10.5
57 15 1200 6.4 474 1.85 1.4 51 5.2 -13.0
58 15 1200 6.6 466 1.85 1.2 54 5.4 -17.5
59 15 1200 13.1 434 2.00 1.5 0 4.7 -12.5
60 15 1200 13.2 434 2.00 1.4 8 4.9 -12.5
61 15 1200 13.2 433 2.00 1.3 13 4.4 -13.0
62 15 1200 13.2 432 2.01 1.2 20 3.8 -13.5
63 15 1200 12.8 432 1.99 1.1 25 3.6 -13.5
64 15 1200 12.4 434 1.99 1.1 30 3.4 -14.0
65 15 1200 9.6 483 1.85 1.8 0 7.0 -15.0
66 15 1200 9.6 478 1.85 1.7 1 7.1 -15.0
67 15 1200 9.6 479 1.85 1.6 16 7.2 -15.0
68 15 1200 9.5 479 1.85 1.4 24 7.6 -15.0
69 15 1200 9.5 477 1.85 1.3 30 7.9 -15.0
70 15 1200 9.4 477 1.85 1.2 33 8.2 -15.0
71 15 1200 9.2 477 1.85 1.1 38 8.6 -15.0
72 15 1200 6.3 482 1.85 2.8 0 6.2 -6.0
73 17.3 1200 4.8 397 2.00 5.7 0 5.5 -10.0
74 17.3 1200 5.0 383 2.00 5.7 0 5.5 -20.0
75 17.3 1200 4.9 380 2.00 5.5 0 5.5 -30.0
76 17.3 1200 4.4 391 2.00 6.0 0 5.5 -40.0
77 17.3 1200 4.1 399 2.00 6.1 0 5.5 -60.0
78 17.3 1200 4.3 390 2.00 5.9 0 5.5 -80.0
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sion ignition engine. The multi cylinder engine model, which is presented in Chap-
ter 3, was used in all simulations to predict the gas dynamic phenomena while rate of
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premixed combustion concept. This gasoline fuel was compared to methanol as it is
necessary to move away from fossil fuels and methanol is a liquid fuel with reasonably
high energy content. Four operating points from the European stationary cycle were
chosen which meant that the engine performance could be evaluated over a broad
range of engine speed and load. The multi cylinder engine model, which is presented
in Chapter 3, was used in all simulations to predict the gas dynamic phenomena while
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the combustion was predicted with the stochastic reactor model presented in Chap-
ter 3. The resulting brake efficiency was on average 2.4 %pt. higher with methanol
than with the gasoline fuel. The explanation for this difference stemmed from a higher
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1 built and validated the 1-D gas dynamic engine models, calibrated and validated the
stochastic reactor model, implemented the coupling for pre-processing, engine simulation,
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E. Svensson, M. Tunér, S. Verhelst
Paper submitted to NASAE/SAE, Capri, Italy

This paper investigates the influence of different injection strategies for a heavy-duty
compression ignition engine fueled with methanol. It was found in paper III and pa-
per IV that a relatively earlier injection strategy yielded the highest brake efficiencies
with methanol. A potential issue is that the start of combustion could be less affected
by the actual injection timing and more by the inlet conditions such as pressure, tem-
perature and composition. Thus it was of interest to see if a high brake efficiency
could still be achieved with a retarded injection strategy. The multi cylinder engine
model, which is presented in Chapter 3, was used in all simulations to predict the gas
dynamic phenomena while the combustion was predicted with the stochastic reactor
model presented in Chapter 3. The simulations were conducted on two different op-
erating points: one with low engine load and one with high load. The results showed
that the engine brake efficiency reduces with a retarded injection strategy. The largest
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1 built and validated the 1-D gas dynamic engine models, calibrated and validated the
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This paper investigates the potential levels of soot, oxides of nitrogen, unburned hydro-
carbons and CO for a heavy-duty compression ignition engine fueled with methanol.
The emission levels were compared to a diesel surrogate consisting of n-heptane and
toluene. Temperature-equivalence ratio maps were constructed for both fuels which
showed theoretical emission yields. This analysis revealed that the potential of pro-
ducing soot from methanol is close to non-existing. Furthermore, formaldehyde can
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levels of CO and NO, were found when comparing methanol to diesel. A simulation
of the closed part of the cycle was conducted with the stochastic reactor model in or-
der to couple the emissions maps to actual engine conditions. The main finding from
this simulation was that the ignition for methanol occurs at lean air-fuel conditions.

[ calibrated and validated the stochastic reactor model and designed and performed the
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